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Abstract 

This study focuses on the experimental testing and numerical modeling of a 4.5 kW transcritical CO2 

heat pump water heater at Queen’s University in the Solar Calorimetry Laboratory. Due to the predicted 

high heat rejection temperatures in a transcritical vapour-compression cycle, buoyancy driven 

thermosyphon flow through a brazed-plate gas-cooler was proposed to promote tank stratification and to 

improve system performance. The performance was evaluated through a series of experimental sensitivity 

and static tank charge tests. A TRNSYS model was also created and verified to simulate the performance 

of the system under a detailed user demand schedule for a week of operation. The TRNSYS model used a 

parametric table created with a steady-state model of the vapour-compression system in EES that was 

validated against experimental data to a standard error of the Y-estimate of ±0.073 kW for heating capacity, 

±1.01°C for gas-cooler exit temperature, and ±0.086 for COP. 

A series of tank charge tests were conducted under thermosyphon flow and forced flow rates at 1 

L/min, 2 L/min, and 4 L/min. The thermosyphon charge test produced the highest level of stratification and 

a total COP of 3 at an average flow rate of 0.73 L/min. All of the forced convection cases operated with a 

higher degree of mixing.  

TRNSYS model simulations with hot water draws found that the thermosyphon flow configuration 

performed with a higher degree of stratification under regular user demand while simulations with high 

flow rates resulted in a mixed tank at a high temperature. Results predicted an 11% reduction in required 

heat energy input to the storage, a 30% reduction in electrical energy consumption, a 35% reduction in heat 

loss, and a 29% improvement in COP for the thermosyphon test as compared to the operation with a mixed 

tank at 4 L/min.  The thermosyphon draw test also performed with the lowest average tank temperature, yet 

produced the highest draw temperatures. Through these results, it was concluded that natural convection 

operation with brazed-plate gas-coolers can contribute to a better performing system and this flow 

configuration should be considered in future applications of this technology. 
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Chapter 1 

Introduction 

1.1 Background 

Energy usage is a major worldwide concern due to rising awareness of climate change and the 

adverse effects of greenhouse-gases emissions in the atmosphere. The carbon dioxide emitted from burning 

fossil fuels for power generation is one of the largest contributors to global warming. Per capita, Canadians 

are some of the largest power consumers in the world, using over 16 000 kWh per person per year.  

Residential building energy consumption accounts for 12% of Canada’s energy usage and 11% of total 

greenhouse gas emissions [1]. Of this energy, 17% of Canada’s residential building energy is used for water 

heating [2]. As the second largest energy consumer in homes, a reduction in the energy required to heat 

water would have a large impact in overall energy usage in Canada. 

 

Figure 1-1: Canadian residential building energy usage [2] 

Currently, most homes use conventional water heating technology where heat is generated from 

electricity or fossil fuels (i.e., electrical resistance heaters or natural gas burners). Typical electric resistance 

or gas water heaters have efficiencies less than 1, meaning their electricity consumption is higher than their 
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heat output. Conversely, under appropriate conditions, electrically driven, vapour compression heat pumps 

can supply significantly more heat energy to a load than they consume in electrical energy. Similar to the 

cycles used for refrigeration or air conditioning, heat pump water heaters (HPWH) use a vapour-

compression refrigeration cycle to transfer heat from a low temperature reservoir to a high temperature 

reservoir. For a typical air-source HPWHs, the low temperature reservoir is the outdoor ambient air and the 

high temperature reservoir is the hot water tank. For other types of HPWH’s, the low temperature fluid can 

be water, brine, or glycol. The low temperature reservoir is typically referred to as the source-side of the 

heat pump and the high temperature reservoir the load-side of the heat pump.  In a refrigeration or heat 

pump unit, heat is transferred to the working fluid in an evaporator and rejected in a condenser.  The 

working fluid is moved through the evaporator and condenser by a compressor, moving heat from the low-

pressure evaporator–side to the high-pressure condenser-side.  The pressure differential between the low-

side and high-side is controlled by an expansion valve that restricts the flow of refrigerant around the 

system. 

 

Figure 1-2: A simplified schematic of an air-source HPWH 
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Figure 1-2 shows the schematic of a simple air-sourced HPWH with the four refrigerant cycle states 

labeled 1-4. The cycle has a low pressure side (e.g., at states 1 and 4) and a high pressure side (e.g., at states 

2 and 3). To reach state 1, the working fluid (i.e., refrigerant) passes through the evaporator at a low pressure 

such that its evaporation temperature is lower than that of its surroundings. At this low temperature, heat 

from the warmer ambient air is transferred to the refrigerant in the evaporator as it changes state from a 

liquid (state 4) to a vapour (state 1).  The refrigerant is then compressed to higher pressure at state 2 by use 

of an electrically-driven gas compressor. At this point, the boiling temperature of the refrigerant is higher 

than the water temperature flowing through the condenser. As a result, the refrigerant once again changes 

state from a gas (state 2) to a liquid (state 3) and rejects its heat to the potable water as it passes through the 

condenser. This heated water is then delivered to a storage tank. The working fluid at state 3 is then 

expanded to a lower pressure (state 4) and the cycle is repeated. It is not uncommon for heat pumps used 

in buildings to allow the direction of the refrigerant flow to be reversed such that the functions of the 

evaporator and condenser can be reversed if heating or cooling is desired at particular location and time 

(i.e., for building heating or air-conditioning depending on season). This capability is not exploited in heat 

pump water heaters as the principal goal is to provide only water heating.  

In general, it is desirable that heat pumps transfer more energy from their evaporator to their 

condenser than the compressor consumes electrically. Consequently, a common performance index for a 

heat pump is the coefficient of performance (COP) which is the ratio of the heat delivered to the load by 

the heat pump,  relative to the electrical energy consumed to operate the by the compressor.  It is common 

to evaluate a heat pumps COP in either cooling or heating mode depending on the principal function desired. 

For an “ideal” heat pump water heater, the thermal energy delivered to the water flowing through the 

condenser is given by, 

�̇�𝑙𝑜𝑎𝑑 = �̇�𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 = �̇�𝑤𝑎𝑡𝑒𝑟𝑐𝑝,𝑤𝑎𝑡𝑒𝑟(𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛)
𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟

    (1-1) 

Further, assuming thermal losses in the heat pump to the surroundings are negligible, the energy 

delivered to the load,�̇�𝑙𝑜𝑎𝑑, is  
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�̇�𝑙𝑜𝑎𝑑 = �̇�𝑠𝑜𝑢𝑟𝑐𝑒 +  �̇�𝑐𝑜𝑚𝑝  (1-2)                        

where,  �̇�𝑐𝑜𝑚𝑝 is the power consumed by the compressor; and, 

�̇�𝑠𝑜𝑢𝑟𝑐𝑒 =  �̇�𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟 = �̇�𝑠𝑜𝑢𝑟𝑐𝑒𝑐𝑝,𝑠𝑜𝑢𝑟𝑐𝑒(𝑇𝑠𝑜𝑢𝑟𝑐𝑒,𝑖𝑛 − 𝑇𝑠𝑜𝑢𝑟𝑐𝑒,𝑜𝑢𝑡)              (1-3) 

Both �̇�𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 and  �̇�𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟 can also be related to the change in enthalpy of the refrigerant 

circulating in the heat pump (assuming losses are negligible), i.e.,  

�̇�𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 = �̇�𝑟𝑒𝑓𝑖𝑔𝑒𝑟𝑎𝑛𝑡(ℎ𝑟𝑒𝑓𝑟𝑖𝑔𝑒𝑟𝑎𝑛𝑡,𝑜𝑢𝑡 − ℎ𝑟𝑒𝑓𝑟𝑖𝑔𝑒𝑟𝑎𝑛𝑡,𝑖𝑛)
𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟

                (1-3a) 

�̇�𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟 = �̇�𝑟𝑒𝑓𝑖𝑔𝑒𝑟𝑎𝑛𝑡(ℎ𝑟𝑒𝑓𝑟𝑖𝑔𝑒𝑟𝑎𝑛𝑡,𝑜𝑢𝑡 − ℎ𝑟𝑒𝑓𝑟𝑖𝑔𝑒𝑟𝑎𝑛𝑡,𝑖𝑛)
𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟

               (1-3b) 

Consequently, the heating Coefficient of Performance, COPheating is given by 

𝐶𝑂𝑃ℎ𝑒𝑎𝑡𝑖𝑛𝑔 =
�̇�𝑙𝑜𝑎𝑑

�̇�𝑐𝑜𝑚𝑝
=

�̇�𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟

�̇�𝑐𝑜𝑚𝑝
                            (1-4) 

Typically, a heat pump may transfer two to five times more energy than it consumes depending on 

the operational conditions, which corresponds to COPheating values between 2 and 5. By comparison, a 

conventional electric or fossil fuelled water heater delivers less energy to the load than it consumes, e.g., 

COPheating values between 0.5 and 0.95.  The coefficient of performance is a convenient measure of 

performance for various heat pump designs operating under specified steady–state or defined transient 

conditions. It is commonly used for product rating. Other performances indices have been developed to 

account for seasonal or annual operation and climatic location, including the seasonal energy efficiency 

rating (SEER) or a seasonal performance factor (SPF) [3].   COP will be used primarily in this thesis as a 

relative measure of performance. 

1.2 A History of Refrigerants 

Carbon dioxide (also referred to as R744) was one of the first refrigerants used in commercial vapour 

compression systems. Its use began in 1866 in a refrigeration system that produced ice and was later 

commonly used in refrigeration for ships. One of the major problems with CO2 is that it operated at high 
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pressures relative to other refrigerants and it was later supplanted by ammonia (NH3). Ammonia has a lower 

vapour density but it was toxic and flammable. This resulted in larger systems that were a potential safety 

hazard and although CO2 had a better safety record and a higher vapour density, its low critical temperature 

resulted in a lower operating efficiency at higher condenser temperatures. This made it unsuitable for many 

applications in favour of ammonia [4]. 

Once synthetic refrigerants, such as R12 and R11, were introduced for commercial use in 1931 the 

use of CO2 was temporarily eradicated. The new synthetic refrigerants were non-toxic, non-flammable, and 

operated efficiently over a range of temperatures. By the 1950s synthetic refrigerants, most commonly 

chlorofluorocarbons (CFCs) and hydrochlorofluorocarbons (HCFCs), were the dominant refrigerants used 

in commercial vapour compression systems. Their use was called into question in the 1980s due to arising 

concerns regarding their destructive effect on the ozone layer. In 1987, an international treaty, called the 

Montreal Protocol, called for a phase out of CFCs and HCFCs for the protection of the ozone layer. CFCs 

and HCFCs were subsequently replaced with more environmentally-friendly hydrofluorocarbons (HFCs) 

as refrigerants [4].   

HFC refrigerants still dominate the heat pump market today, however they have their own 

environmental issues. HFC refrigerants are potent greenhouse-gases with GWPs typically thousands of 

times higher than CO2.  Global warming potential (GWP) is a relative measure of the heat trapping effect 

of a gas in comparison to an equal mass of CO2 when released into the atmosphere over a certain interval 

of time (typically 100 years). Table 1-1 includes a summary of the GWPs, ODPs, and important properties 

of common refrigerants. 

Table 1-1: Characteristics of Common Refrigerants [5] 

Type of Refrigerant ODP GWP 
Flammability

/Toxicity 

Critical 

Temperature 

(°C) 

Critical 

Pressure 

(MPa) 

Natural 

Substance 

Natural 

Refrigerants 

CO2 0 1 N/N 31.1 7.38 Yes 

NH3 0 ~ 0 Y/Y 133 11.42 Yes 
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HFCs 

R134a 0 1300 N/N 101.1 4.07 No 

R410a 0 1725 N/N 70.2 4.79 No 

R407c 0 1610 N/N 86.1 4.64 No 

HCFCs R22 0.05 1700 N/N 96 4.97 No 

CFCs 
R11 1 4000 N/N 198 4.41 No 

R12 1 2400 N/N 112 4.11 No 

 

The global warming potentials for all of the synthetic refrigerants listed in Table 1 are higher than 

1000. One of the most common refrigerants in heat pumps, R410a, has a GWP of 1725 indicating that it 

traps 1725 times the amount of heat on a per unit mass basis relative to CO2 over a 100 year period.  

Recognizing the issues with high GWP refrigerants, the Kyoto Protocol included HFCs in their Framework 

Convention on Climate Change and has adopted regulations stipulating the use of HFC refrigerants since 

2006.  

Among the natural refrigerants, CO2 is the only one that is neither toxic nor flammable and has zero 

ODP, and a low GWP in comparison to other refrigerants. Additionally, it is inexpensive as CO2 is widely 

available [6]. Recognizing the potential, Norwegian Professor Gustav Lorentzen published a patent in 1990 

for a transcritical CO2 automotive air conditioning system and renewed the interest in the formally rejected 

refrigerant [7]. His publications promoted the system as environmentally benign and efficient. Unlike 

previous CO2 systems that operated subcritically (below the critical point), the high pressure side of this 

system operated above the vapour dome. This eliminated capacity and efficiency loss that occurred when 

subcritical systems operated near the critical point [8]. Additionally, modern manufacturing techniques 

enabled the design and manufacturing of components that could withstand the high pressures of transcritical 

operation. 

Lorentzen’s patent and publications started a trend in the research and development of transcritical 

CO2 systems for various applications, including HPWHs. By the 2001, the Japanese had introduced a 

commercially available CO2 HPWH marketed for Japanese homes. The Japanese government began 
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subsidizing the aptly named “Eco-Cute” heat pump in 2002 [9], and had sold 5.2 million of them by 2010 

[10]. Efforts are now underway to introduce this technology into North American and European markets. 

1.3 The Transcritical CO2 Cycle 

1.3.1 Thermodynamic properties 

As previously mentioned, CO2 has a low critical temperature of 31.1°C and a high critical pressure 

of 7.37 MPa relative to other refrigerants [11]. For CO2 to operate subcritically, its heat rejection 

temperature would have to be below the critical point, which is not high enough for water heating 

applications. Typically water needs to be heated to at least 60°C for domestic hot water (DHW) 

applications. Storing water at lower temperatures can lead to health concerns, such as Legionella bacterium 

that grows in water at temperatures lower than 50°C and can cause Legionnaires’ disease [12]. Furthermore, 

the enthalpy of vaporization is reduced at temperatures less than but near the critical point, leading to a 

reduction in heating capacity and poor system performance [13].   

In order to achieve higher temperatures and a larger heating capacity, the system can be operated 

transcritically with the heat rejection pressure above the vapour dome. The critical pressures in Table 1-1 

show that CO2 has a critical pressure much higher than typical refrigerants and transcritical cycles operate 

well above the critical point with heat rejection pressures ranging from 8-12 MPa. Although these high 

pressures may pose safety risks during operation and require robustly designed components, modern 

manufacturing methods are capable of meeting these quality and safety demands. The high pressures also 

have the benefit of further increasing the vapour density, allowing for smaller components and more 

compact systems [13].  
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Figure 1-3: A comparison of P-h diagrams for a subcritical and transcritical cycle 

A comparison of hypothetical ideal P-h diagrams for a subcritical system and a transcritical system 

is shown in Figure 1-3. In this Figure, the pressures differences between the two operating cycles can be 

seen relative to the refrigerant “vapour-dome”. 

1.3.2 Thermophysical properties of supercritical CO2 

An important characteristic of supercritical CO2 near the critical point is the rapid variations in 

physical properties with changes in temperature, especially around the pseudocritical point. The 

pseudocritical point (𝑇𝑝𝑐) is the temperature at which the specific heat reaches a maximum for a certain 

pressure. The pseudocritical temperature can be predicted for a certain pressure with Equation 1-4 with p 

representing the pressure in bars and 𝑇𝑝𝑐 in degrees Celsius [14]. 

𝑇𝑝𝑐 = −122.6 + 6.124𝑝 − 0.1657𝑝2 + 0.01773𝑝2.5 − 0.0005608𝑝3 (1-4) 

Around this point, many of the thermodynamic and transport properties of CO2 rapidly change. Some 

of these properties, such as enthalpy, entropy, specific heat, density, conductivity, and viscosity, have a 

direct impact on heat transfer. An example of this variation can be seen in Figure 1-4, which shows the 

variation of specific heat and density of CO2 with temperature for two different supercritical pressures. For 

both pressures, the specific heat and density rapidly change around their corresponding pseudocritical 
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temperatures of 34.6°C for 8 MPa and 45°C for 10 MPa. These changes have a large impact on the 

convective heat transfer rates during supercritical heat rejection [14]. 

 

Figure 1-4: Variation of specific heat and density of supercritical CO2 with temperature [15] 

1.3.3 Supercritical Heat Rejection 

One of the major differences between the operation of a conventional cycle and the transcritical cycle 

is that the heat rejection process does not actually involve condensation as it would in subcritical operation. 

Since the rejection occurs above the vapour dome, the heat is rejected through a single-phase sensible 

cooling (i.e., gas-cooling) process rather than the latent heat rejection that occurs in a conventional 

condenser; therefore gas-coolers replace condensers in CO2 heat pumps. Unlike latent heat rejection, 

sensible heat rejection is not a constant temperature process, resulting in a greater temperature range 

compared to an equal energy latent heat transfer processes involving a phase change [16]. Normally the 

large temperature range would increase system losses but, in the case of water heating, the higher 

temperatures are desired. This is demonstrated in Figure 1-5. 
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Figure 1-5: (Left) single phase sensible gas-cooling process and (Right) two-phase condensation 

process for equivalent changes in enthalpy [17]  

 The large gas temperature variation associated with the CO2 transcritical cycle is ideally suited to 

this application. Since the hot gas temperature exiting the compressor is not limited by a critical point, hot 

water temperatures up to 90°C can be produced in CO2 HPWHs [16]. This also allows for a high 

effectiveness in the gas-cooler, as the temperature differentials across the gas-cooler can be closely matched 

to the temperature profile of the water in counter flow arrangements.  To achieve this, suitably low flow 

rates and low inlet water temperatures are needed. The lower the inlet water temperature, the more heat can 

be rejected from the CO2 at a given compressor power resulting in an increase of COP. In order to prevent 

the increase of gas-cooler inlet temperature, however, CO2 HPWHs should be configured to supply cool 

water to the gas-cooler and water-side flow rates set to produce high exit temperatures. 

1.3.4 High Pressure Design Considerations 

In a transcritical cycle, both the suction and discharge pressures are much higher compared to 

conventional cycles. Although the difference between the suction and discharge pressures is much higher, 

the pressure ratios for the transcritical cycle are much lower. A typical transcritical pressure ratio can be 

anywhere from two to four, where HFC cycles can be as high as eight [18]. These differences must be 
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accounted for in the design of the compressor. Due to lower pressure ratios, the compressor should 

theoretically be able to operate at greater efficiencies, however there are several problems that risk 

degradation of the performance. These problems include increased leakage and lower volumetric 

efficiencies due to the higher pressures and higher heat loss. As a result, several new designs of compressors 

specific to CO2 have been developed.  

1.3.5 P-h Diagram and Internal Heat Exchanger 

A standard P-h diagram is used to represent transcritical refrigeration cycle.  An example of an ideal 

steady-state cycle P-h diagram is shown in Fig. 1-6. The cycle has six state points that refer to the cycle 

states as found on the component schematic in Fig. 1-7. The state points presented here are used throughout 

this study. The state points are described as follows: 

1. State 1: Low pressure side of the internal heat exchanger (i.e., IHX or recuperator) exit 

and compressor inlet 

2. State 2: Compressor discharge state and gas-cooler inlet. 

3. State 3: Gas-cooler exit and high pressure side of the IHX inlet. 

4. State 4: High pressure side of the IHX exit and expansion valve inlet. 

5. State 5: Expansion valve exit and evaporator inlet. 

6. State 6: Evaporator exit and low pressure side of the IHX inlet. 
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Figure 1-6: P-h diagram for a transcritical cycle with an internal heat exchanger and two-stage 

compressor [19] 

 

Figure 1-7: Schematic of CO2 heat pump with an internal heat exchanger 
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The cycle shown in Figs. 1-6 and 1-7 contains an internal heat exchanger (often referred to as a 

recuperator or suction gas heat exchanger in the literature).  This small heat exchanger transfers heat from 

the high temperature exit of the gas-cooler to the lower temperature exit of the evaporator (i.e., the entrance 

to the compressor). This allows for three benefits to the system performance: (1) it increases the enthalpy 

into the compressor which reduces the compression work, (2) it ensures that the state-point is completely 

vaporized (with a quality greater than 1) before it enters the compressor, and (3) it allows more heat to be 

rejected from the high pressure side which reduces evaporator heat absorption [17]. The governing 

equations for the heat pump cycle shown in Figs. 1-6 and 1-7 are shown below, 

�̇�𝑐𝑜𝑚𝑝 = �̇�𝑟(ℎ2 − ℎ1) (1-5) 

�̇�𝑙𝑜𝑎𝑑 = �̇�𝑟(ℎ2 − ℎ3) (1-6) 

�̇�𝐼𝐻𝑋 = �̇�𝑟(ℎ3 − ℎ4) = �̇�𝑟(ℎ1 − ℎ6) (1-7) 

ℎ4 = ℎ5 (1-8) 

�̇�𝑠𝑜𝑢𝑟𝑐𝑒 = �̇�𝑟(ℎ6 − ℎ5) (1-9) 

�̇�𝑐𝑜𝑚𝑝 = �̇�𝑙𝑜𝑎𝑑 − �̇�𝑠𝑜𝑢𝑟𝑐𝑒  (1-10) 

where, �̇�𝑐𝑜𝑚𝑝 is the work of the compressor, �̇�𝑟 is the mass flow rate of refrigerant, ℎ1−6 are the enthalpies 

at each of the state points shown in Figs. 1-6 and 1-7, �̇�𝑙𝑜𝑎𝑑 is the heating capacity of the gas-cooler, �̇�𝑠𝑜𝑢𝑟𝑐𝑒 

is the cooling capacity of the evaporator, and �̇�𝐼𝐻𝑋 is the heat transfer in the internal heat exchanger. 

1.3.6 Tank Stratification and Natural Convection 

High heat rejection temperatures also make CO2 HPWHs a good application for buoyancy driven 

natural convection flow (i.e., thermosyphon flow). Theoretically, the cool mains water in the storage tank 

and the hot surfaces in the gas-cooler should induce sufficient buoyancy driven flow through the gas-cooler; 

however these flow rates may be significantly lower than typical operational pumped flow rates for 

HPWHs. The low flow rate should be able to induce higher temperature differentials across the gas-cooler, 
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allowing the water to heat up to the set-point temperature in a single pass.  In this context, a “pass” refers 

to each time the total volume of the tank has been cycled through the gas-cooler. 

1.4 Problem Definition 

Most HPWH systems typically work by pumping water through the gas-cooler at high flow rates, 

resulting in a mixed storage tank that gradually increases in temperature until it reaches the set-point 

temperature through multiple passes of the gas-cooler. High flow rates are normally used to increase the 

convective heat transfer rate in the heat exchanger (or gas-cooler), however the heat pump’s heating 

capacity (and COP) also decreases with increased water inlet temperatures. At high flow rates, multiple 

passes are required to reach the set-point temperature, meaning that the heat pump experiences higher fluid 

inlet temperature at each subsequent pass.  

Buoyancy driven, thermosyphon flow also promotes tank stratification by modulating flow relative 

to power input and minimizing  mixing, thus allowing the water entering the gas-cooler to stay cool and 

separated from the heated water (i.e., thermally stratified) [20].  If properly designed, this configuration 

would eliminate the need for parasitic pumping power and should be able to produce high temperature 

water in a compact and efficient system. 

The hypothesis behind the implementation of water thermosyphon flow through the gas-cooler is that 

overall system performance will be improved by thermally stratifying the storage tank thereby supplying 

the gas-cooler with lower temperature water, which allows  the water to be heated from a low mains 

temperature to the set-point temperature (60°C) in a single pass. This should in turn use less energy than 

operation with a high flow rate, a mixed tank, and multiple passes. 

1.5 Objective, Approach, and Scope 

A feasibility study of the performance of an Eco-cute CO2 HPWH with thermosyphon flow was 

performed.  An experimental prototype was installed and tested in the laboratory and its performance was 

compared against a range of data obtained for system configurations operating at a range of forced flow 
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rates. In performing this evaluation, a specially configured brazed-plate heat exchanger was acquired and 

retrofitted into the system. The gas-cooler used for this study was specified such that the pressure drop vs 

flow rate characteristics were conducive to both thermosyphon and forced flow operation. An example of 

this configuration is shown in Fig. 1-8. 

 

Figure 1-8: Proposed gas-cooler design and flow configuration 

In addition to the experimental evaluation, a numerical model was created in Engineering Equation 

Solver to allow the creation of a parametric table for predicting the heat pump performance at a range of 

input conditions. Engineering Equation Solver (EES) is an iterative equation solving software package with 

thermo-physical property functions built in that are useful in creating a thermodynamic model [19]. The 

model was validated against experimental results. The parametric table was then used in a TRNSYS model. 

TRNSYS is a transient simulation software package that is used to model systems with multiple components 

[21]. This model can be used to simulate daily performance with user defined draw schedules. Figure 1-9 

shows a flow chart of the project approach. 
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Figure 1-9: Project Approach 
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Chapter 2 

Literature Review 

2.1 Introduction 

In 1997, the Kyoto Protocol included HFC refrigerants in the United Nations Framework Convention 

on Climate Change and stipulated regulations for the use of these refrigerants [22]. In response to this, the 

Japanese government began subsidizing the development of CO2 heat pump systems starting in 2002 [9].  

As a result, a vast amount of research emerged after 2000 on CO2 heat pumps for water heating and 

other applications (i.e., space cooling, space heating, refrigeration, and drying). In this literature review, the 

majority of papers considered are focused on water heating. Much of the previous work has concentrated 

on the optimizing the performance of basic systems, however the recent work has investigated novel ideas 

for improvements in cycle configurations, individual components, and applications. 

2.2 Performance of transcritical CO2 heat pump systems 

For this review, there are three main areas of focus. Firstly, sensitivity studies regarding the baseline 

performance of the heat pump were considered. Secondly, a series of papers with a specific focus on gas-

cooler performance were reviewed. Lastly, papers focusing on tank charging and flow arrangement were 

considered.  For all areas of focus, both experimental and theoretical papers were reviewed. 

2.2.1 Baseline Performance and Sensitivity Studies 

One of the first researchers to recognize the potential for CO2 HPWHs was the Norwegian researcher 

Petter Neksa. Neksa et al. published a paper in 1998 on the experimental results of a study of an air-sourced 

CO2 HPWH [6]. Neksa used a cycle with an internal heat exchanger. In addition to an internal heat 

exchanger, an old CO2 reciprocating compressor and conventional tube-in-tube heat exchangers were used. 
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During experiments Neksa heated water from 8°C and 60°C. He ran this experiment at a series of 

evaporation temperatures from -20°C to 10°C and found that COP varied over the range of 3 to 4.3 

respectively. It was determined that a seasonal performance factor of 4.0 could be achieved in the climate 

in Oslo, Norway using air as a heat source.  At this level of performance, 75% of the energy used for water 

heating could be reduced in comparison to direct heating with electricity. When producing water at 80°C, 

the system could achieve a COP of 3.6. Volumetric and isentropic efficiencies both ranged between 0.8 and 

0.9, which were relatively high compared to conventional systems. The increased compressor efficiency 

was attributed to the relatively low pressure ratio compared to HFC refrigerant pressure ratios.  

In their conclusion, the authors attributed the COP values to the high volumetric efficiency of the 

compressor and the good heat transfer characteristics of CO2. They speculated that with additional research, 

it would be possible to produce compact and cost efficient systems for residential and commercial building 

retrofits in Western Europe [6]. Neksa’s paper was the first in a series of papers focused on testing various 

parameters of the CO2 HPWH.  

White et al., in a later paper, modeled the performance of a CO2 HPWH for heating water to 

temperatures greater than 65°C while providing refrigeration at less than 2°C [23]. Trials were performed 

at various ambient temperatures and hot water exit temperatures. These trials were used to establish curve 

fits for head loss, isentropic efficiency, and UA values for the gas-cooler and the recuperator (i.e., the IHX) 

[23]. White used the correlations established from his experimental results to develop a simulation model 

that would extrapolate the predicted performance of the prototype beyond the conditions examined 

experimentally. The model results showed that COP increased with discharge pressure until an optimum 

level was reached. For most of the trials, an optimum heating COP of 3 was obtained at discharge pressures 

between 10 and 12 MPa. These COPs were slightly lower than those measured by Neksa et al. [6]. The 

losses observed by White et al. were attributed to a lower compressor isentropic efficiency and a higher 

water outlet temperature. Their model, however, was estimated to be accurate to ±3.5% for heating capacity 

and ±4.1% for COPs. When producing very hot water (90°C) the maximum heating capacity decreased by 
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33% and the COP dropped by 21%. The authors estimated that this reduction in performance would be 

much less compared to a conventional system operating under the same conditions [23]. 

In 2005, Kim et al. published the results of a study on the effects of the length of an internal heat 

exchanger (i.e., suction gas-cooler or recuperator) on the operation of an air-source HPWH [24]. They 

proposed that the performance of the IHX depended on the heat transfer effectiveness vs the pressure drop. 

It was determined that the optimum discharge pressures, at which heating capacity and COP are maximized, 

decreased with an increase of internal heat exchanger length. With an increase in IHX length, the mass flow 

rate of refrigerant and the compressor power both decreased. This resulted in a slightly improved COP up 

until an optimal discharge pressure at which any potential gains in added length were insignificant [24]. 

Laipradit et al.,  in 2008,  described  a numerical model created to study the effects of compressor 

speed, inlet water temperature to the gas-cooler, inlet air temperature to the evaporator, and the mass flow 

ratio of water and CO2 [25]. It was found that higher compressor speeds decreased the COP, as the increase 

compression work was greater than the increase in heating capacity. An increase in inlet water temperature 

to the gas-cooler increased the discharge pressure and the compression work resulting in a lower COP. An 

increase in inlet air temperature to the evaporator increased the suction pressure and resulted in a higher 

cooling capacity and higher COP. Lastly, an increase in the ratio of the mass flow rate of water to CO2 in 

the gas-cooler resulted in the need for a higher compressor speed; increasing the compression work input 

and leading to lower COP [25]. 

In 2010, Yang et al. created a mathematical model for a steady-state simulation of a transcritical CO2 

water-to-water heat pump and used it to simulate its performance with a CO2 expander [26]. The numerical 

model was validated by comparing predictions of performance and capacity with those observed when 

testing an experimental prototype. Analysis of the model’s predictions indicated that, for the gas-cooler, a 

decrease in inlet water temperature or an increase in water mass flow rate reduced heat rejection pressure 

and increased COP. It was also shown that increasing the flow rate through the gas-cooler would reduce 

the optimum discharge pressure, resulting in a higher COP. However, it was noted that the inlet temperature 



 

20 

 

had a more pronounced effect compared to the flow rate. The model also indicated that an increase in the 

evaporator water temperature or flow rate also increased the COP, although it had a less significant impact 

than that of the cooling water in the gas-cooler [26]. 

Cho et al. in 2005 experimentally studied the effects of refrigeration charge level on the performance 

of a CO2 heat pump [27]. Although their unit was an air-to-air heat pump and not a HPWH, it was one of 

the few papers that studied the effect of refrigerant charge and consequently, is included in this review. 

They observed that as refrigerant charge increased, both the suction and discharge pressures increased. 

Generally, the enthalpy at the exit of the gas-cooler decreased with an increase of gas-cooler pressure, 

resulting in a lower quality at the inlet of the evaporator and an increased cooling capacity. For overcharged 

conditions, this increase in capacity did not result in an increase in performance as the compressor work 

increased more rapidly than the evaporator capacity. With an increase in refrigerant charge, there was a 

decrease in compression ratio and an increase in mass flow rate, however as the optimum charge was 

approached, both compression ratio and mass flow leveled off.   The system reached optimum charge when 

the COP was at a maximum. Beyond this level, any increases in charge resulted in a greater compressor 

power gain than heating capacity gains, causing COP to drop. Additionally, it was observed that the COP 

for undercharged conditions was significantly lower than it was for overcharged conditions [27].  When 

compared with the performance of conventional heat pump, Cho et al. observed that CO2 system 

performance deviated more at overcharged or undercharged conditions than systems with other refrigerants.  

They concluded that for CO2 systems, charge must be more precisely controlled to achieve adequate 

performance [27]. 

In 2013, Lin et al. created a steady-state model of an air-source CO2 heat pump in order to run 

parametric studies on the effects of: source dry-bulb temperature and relative humidity; gas-cooler inlet 

water temperature; compressor speed; and capillary-tube length.  Results indicated that for the range of 

operational conditions studied, the model was accurate to within ±5.6% for COP; with a mean average 

difference of ±2.2%. Simulation results determined that the COP, heating capacity, CO2 mass flow rate, 
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suction pressure, and the discharge pressure all increased with higher dry-bulb temperatures while the 

compressor power stayed relatively constant.  Increasing relative humidity had the same effect as an 

increase in dry-bulb temperature since both correspond to an increase in enthalpy. Both the heating capacity 

and COP decreased with an increase in inlet water temperature to the gas-cooler. An increase in inlet water 

temperature also increased the CO2 mass flow rate; however it had less of an effect than increasing the 

evaporator temperature.  As Laipradit et al. previously found, an increase in compressor speed was shown 

to remarkably decrease the system COP, despite increasing the mass flow rate and heating capacity. This 

was due to a larger compression ratio causing more compression work and a decrease in volumetric 

efficiency. Increasing the capillary tube length also slightly increased the COP; however the system did not 

reveal an optimum performance value of capillary tube length like subcritical systems usually do. This was 

due to the smaller enthalpy change for CO2 transcritical operation relative to conventional systems as there 

was no latent enthalpy change [28]. 

Recently, Qi et al. experimentally investigated the optimal heat rejection pressure for a transcritical 

CO2 air-source HPWH [29]. The test procedure fixed the gas-cooler refrigerant outlet and evaporation 

temperatures. This was done by adjusting the refrigerant inlet temperatures to keep the water outlet 

temperature at 65°C. The optimal heat rejection pressure was defined by the highest COP for these 

conditions. The results showed that the system COP and optimum pressure point varied greatly with gas-

cooler refrigerant outlet temperature and the ambient air temperature supply to the evaporator. It was found 

that the reduction of the optimal heat rejection pressure with evaporator temperature was smaller at lower 

gas-cooler refrigerant outlet temperatures [29].  

Many of the papers reviewed reported a sensitivity of the gas-cooler to high inlet water temperatures, 

stating that the performance was more sensitive to this temperature than load-side flow rate or evaporation 

temperature. Another trend was that many papers have focused on finding an optimum discharge pressure 

at which COP was optimized for a particular set of conditions. In some cases, correlations were developed 

between the gas-cooler exit temperature and the optimum pressure, however, gas-cooler outlet temperature 
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is not an independent variable. It depends on the mass flow rate of the refrigerant, the design of the gas-

cooler, the water flow rate, and the evaporation temperature.  Due to this sensitivity, the correlations for 

optimum pressure will most likely be different for each system depending on the size and design of the 

components.  A summary of the papers reviewed is shown in Table 2-1. 
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Table 2-1: Summary of reviewed literature on baseline performance and sensitivity studies 

Authors Year 
Evaporator 

fluid 

Gas-cooler 

fluid 

Experimental

/Modeling 

Performance/ Sensitivity 

studies 
System COP 

Water Set-point  

Temperature (C) 

Neksa et. 

al. 
1998 Glycol Water Experimental 

Baseline performance, 

evaporation temperature 
3-4.3 60 

White et al. 2002 Water Water Modeling 
Evaporation temperature and 

outlet hot water temperature 
3.4 65-90 

Kim et al. 2005 Water Water 
Modeling and 

experiments 
IHX performance 3-4 55 

Laipradit et 

al. 
2007 Air Water Modeling 

Compressor speed, gas-

cooler inlet water 

temperature, evaporator inlet 

water temperature, mass flow 

ratio of water and CO2 

2-3 60 

Yang et al. 2010 Water Water Modeling 
Gas-cooler inlet temperature 

and flow rates 
2.4 60 

Cho et al. 2011 Air Air Experimental Refrigerant charge 3.6-4.25 N/A 

Lin et al. 2013 Air Water Modeling 

Dry-bulb temperature, 

relative humidity, inlet water 

temperature, compressor 

speed, capillary tube length 

2.5-4 N/A 

Qi et al. 2013 Air Water Experimental 
Optimal heat rejection 

pressure 
2-3.7 N/A 
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2.2.2 Gas-cooler Performance Studies 

As the performance of the gas-cooler was an integral part of this study, a number of papers were 

reviewed on different types of gas-coolers in order to compare other designs to the brazed-plate gas-cooler 

used in this study. The types of gas-coolers range from the conventional tube-in-tube gas-coolers to 

specially designed microchannel gas-coolers. Other papers evaluated the heat transfer with a specific focus 

on the pseudocritical region and the effect of mass flux and heat transfer area. 

Sarkar et al. studied the simulation of a CO2 heat pump cycle for simultaneous cooling and heating 

for a dairy plant [30]. The gas-cooler design was a tube-in-tube design. A numerical model was developed 

to simulate cooling to 4°C for refrigeration and heating up to 73°C for a reheat process. This model included 

an internal heat exchanger similar to that described in section 1.3.5. Sarkar et al. plotted the heat transfer 

coefficient vs the refrigerant bulk temperature within the gas-cooler. It was observed that the heat transfer 

coefficient variation is dominant in areas around the pseudocritical point, with the Nusselt number 

undergoing a threefold change within the gas-cooler. The maximum heat transfer coefficient was observed 

to be at the pseudocritical point.  He also suggested that the optimum pressure increased with increasing 

water inlet temperature and increasing mass flow rate.  This resulted in higher compressor work and a lower 

COP [30]. 

Xu et al. [31] focused on the modeling of a helical spiral gas-cooler that is now commonly used in 

Eco-cute heat pumps. A model was developed that predicted the pressure drop and heat transfer within the 

gas-cooler. The advantages of this gas-cooler were a smaller diameter for refrigerant to increase heat 

transfer performance, resulting in a higher effectiveness. Due to poor performance with one helical tube, 

the number of tubes was increased to three [31]. 

Fronk and Garimella published a two part paper on the performance of a water-coupled CO2 

microchannel gas-cooler for a HPWH. The first part of the paper was based on their experimental results 

[32], and the second part, on their model and validation [33]. The system tested in this paper used 

microchannel gas-coolers in place of the common tube-in-tube designs. The microchannels allowed for 
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higher operating pressures, as well as theoretically improving the heat transfer coefficients and reducing 

the pressure drops. Three different microchannel gas-cooler prototypes were tested in the experimental 

paper. Both a five- and seven-plate gas-cooler were experimentally tested and a twelve-plate configuration 

was simulated. In these gas-coolers, the water passed across the plates while the refrigerant crossed through 

the plates via microchannels [32]. 

For the experimental tests, the capacity, approach temperatures, and UA values were determined 

under varying refrigerant mass flow rates. It was observed that an increase in refrigerant mass flow rate 

increased the heat transfer in the gas-cooler. Performance gains were observed to be more significant for 

the seven plate heat exchanger than the five. The performance of the heat pump was also observed to be 

higher when the approach temperature (i.e., difference between the water inlet and CO2 exit fluid streams 

on the gas-cooler) and pressure drop were reduced with the larger (i.e., higher number of plates) heat 

exchangers.  It was observed that a change in water flow rate had a larger effect on heating capacity for the 

smaller heat exchangers. At higher water flow rates, the UA value increased with higher refrigerant mass 

flow rates, indicating that the refrigerant side was the limiting capacitance rate.  The measured pressure 

drop was shown to be a function of mass flow rate and the overall temperature-drop across the gas-cooler. 

A higher average temperature corresponded to lower densities and higher velocities that contributed to an 

increased pressure drop. The pressure drop for the gas-cooler was measured to be on the order of 40-100 

kPa for heat transfer rates  of 2-4 kW and UA values of 0.05-0.13 kW/°C. An increase in the number of 

plates was also observed to increase the pressure drop (for both CO2 and water) and increase the UA value 

[32].  

 A later paper by Fronk and Garimella’s modeled the performance of their microchannel gas-cooler 

[33]. Their model was based on a detailed analysis of heat transfer concepts for supercritical CO2. The 

model’s absolute average deviation between measured and predicted heat transfer rates was 7.5%, with the 

poorest agreement occurring at the lower flow rates where the heat transfer was over-predicted.  The local 

heat transfer was noted to spike when the refrigerant reached its pseudocritical point in the gas-cooler. 
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Many other papers have focused on finding an optimum high-side pressure at which COP is 

maximized for a given compressor and gas-cooler size. Fronk and Garimella found that this is only true 

when the gas-cooler is not designed for an approach temperature that approaches zero (i.e., a heat exchanger 

effectiveness of 1). If the gas-cooler was designed for a minimum approach temperature, the high side 

pressure for optimal performance could be reduced. [33]. 

Wang et al. performed a numerical study on the modeling of a tube-in-tube gas-cooler with specific 

focus on the geometry, system performance, and optimal discharge pressure [34]. It was confirmed that an 

increase in heat transfer area of the gas-cooler resulted in an increased heating capacity and decreased 

discharge pressure, causing an increase in COP.  An increase in mass flux was also found to increase the 

heat transfer in the gas-cooler, however, it also increased the discharge pressure and the pressure drop. 

Through modeling with various mass fluxes, it was found that there is an optimum mass flux at which COP 

peaks and that the gas-cooler should be designed for this with its geometry [34].  

Yu et al. focused on modeling the performance of a tube-in-tube gas-cooler in a CO2 HPAH with an 

internal heat exchanger [35].  Model results were compared to experimental test points for validation. The 

results for heating capacity were estimated to be accurate to within ±20% of experimental values, with the 

highest deviation occurring at the lower water flow rate and highest water inlet temperature. Consistent 

with other studies, the experimental results showed that an increase in evaporator water inlet temperature 

and an increase water flow rate both increased the COP. This was attributed to the fact that the thermal 

resistance on the water side was typically about 40-60% larger than it was for the CO2 side [35].  Since the 

specific heat of CO2 peaks at the pseudocritical point, the local CO2 heat transfer coefficient was seen to 

increase at this point. As a result, the dominant thermal resistance in the gas-cooler could switch to the CO2 

side from the water side for a transcritical process. Accordingly, near the pseudocritical point, there was a 

significant local decrease in refrigerant side thermal resistance which yielded a sharp increase in the local 

heat transfer rate. The results showed that the pseudocritical region peak phenomenon becomes more 

pronounced when the discharge pressure is close to the critical pressure [35]. 
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Through reviewing the literature on gas-coolers, there were several common themes. Firstly, it was 

reported by Sarkar et al. [30], Xu et al, [31], Wang et al. [34], and Yu et al. [35] that heat transfer coefficients 

were at a maximum through the pseudocritical region. Secondly, it was reported by Fronk and Garmiella 

[32] and Wang et al. [34] that an increase in mass flow rate or mass flux increased the heat transfer in the 

gas-cooler, but it also increased the discharge pressure and the pressure drop. Both authors emphasized that 

a well-designed and sized gas-cooler was crucial to optimizing system performance.  Table 2-2 gives a 

summary of the literature reviewed on gas-coolers. 

Table 2-2: Summary of literature reviewed on gas-coolers 

Authors Year 
Gas-cooler 

Type 

Experimental/

Modeling 
Study Focus 

Sarkar et al. 2006 Tube-in-tube Modeling 
Heat transfer and optimum 

pressure 

Xu et al. 2010 
Helical-coil-

in-flute-tube 
Modeling Heat transfer and pressure drop 

Fronk and 

Garimella 
2011 Microchannel Experimental 

Capacity, efficiency, flow rate, 

heat transfer 

Fronk and 

Garimella 
2011 Microchannel Modeling 

Capacity, efficiency, flow rate, 

heat transfer 

Wang et al. 2013 Tube-in-tube Experimental 
Geometry, heating capacity, 

optimal discharge pressure 

Yu et al. 2014 Tube-in-tube Modeling Pseudocritical point, heat flux 

 

2.2.3 Tank Charging Studies 

Most of the literature mentioned thus far had not extended the scope of the study beyond that of the 

heat pump. An important part of this research is the interaction between the heat pump, the storage tank, 

and the hot water usage pattern and demand (i.e., the draw requirements). In this section, the reviewed 

literature includes systems with a heat pump and a storage tank. 
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In 2005, Cecchinato et al. conducted a theoretical simulation study comparing the performance of a 

CO2 HPWH to a conventional HFC (R134a) HPWH [36]. The study also focused on the performance of 

charging a tank of hot water using two techniques, perfect mixing and perfect stratification. The assumption 

of perfect mixing was derived from how conventional systems are typically operated. The system was 

required to heat water to at least 45°C for domestic hot water use. In many conventional heat pump water 

heater designs, water from the hot tank is pumped through the condenser at high flow rates to increase heat 

transfer rates resulting in a water-side temperature rise across the condenser of 4-5°C. These high flow rates 

also mix the storage tank such that is at a uniform temperature from top to bottom (i.e., un-stratified). The 

mixed tank gradually increased in bulk temperature until the set-point temperature is reached. A 

consequence of this operational strategy is that the inlet temperature to the gas-cooler/condenser is seen to 

constantly increase during the charging cycle.  Cecchinato et al. showed that under this operational scenario, 

the performance of the system was degraded as the system was forced to run at higher discharge 

temperatures [36].   

Cecchinato predicted that perfect stratification would obtain higher energy efficiency than perfect 

mixing [36]. If the flow rate used for perfect mixing was greatly reduced (1/6 of original flow rate), it was 

predicted that the tank would not mix and the temperature differential of the water across the gas-cooler 

would be high enough for water be heated to the set-point temperature in a single pass. Since the low flow 

rate did not induce mixing, the cold mains water and the heated water did not mix and their temperatures 

were conserved through stratification. This allowed the condenser or gas-cooler to be continually supplied 

with cool water until the tank was fully charged. The cold inlet water ensured that the performance of the 

heat pump stayed high throughout the test, increasing the energy efficiency of the cycle [36]. 

Cecchinato’s results showed that the COPs for perfect stratification were indeed higher than those 

for perfect mixing for both refrigerants (R134a and CO2) in all cases.  For perfect stratification, the 

performance of R134a and CO2 was nearly the same in the winter months and was higher for CO2 in the 

summer. The highest COPs were achieved with the CO2 system in the summer with perfect stratification. 
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Although the perfect mixing cases performed more poorly for both refrigerants, the CO2 system’s 

performance was more adversely affected than the R134a in both the summer and winter months. The CO2 

system’s performance dramatically decreased in the case of mixing (e.g., by 35-55%) depending on the 

season. This decrease in performance was caused in the mixing case when the hot water entering the gas-

cooler poorly matched the temperature profile of the CO2 in the gas-cooler, allowing for less heat to be 

rejected.  With R134a, the performance with perfect mixing was only decreased by 20-30% due to the 

limited sub-cooling in the condenser when the inlet temperature was hot.  It was also concluded that the 

CO2 transcritical cycles only out-performed the HFC cycles during summer conditions when higher 

evaporation temperatures reduced the severity of the throttling exergy losses that often affect HFC 

refrigerants [36]. 

Stene [37] theoretically and experimentally studied a brine-to-water heat pump for combined space 

and hot water heating [37].  Stene’s prototype included three gas-coolers placed in series: one for preheating 

DHW, one for space heating, and one for reheating DHW. The space heating water was connected to a 

hydronic radiant system in the floor. The hottest water was produced for the DHW reheat, then for space 

heating, and the coldest for the DHW preheat. Three different modes were experimentally tested: space 

heating only, hot water heating only, and simultaneous space heating and water heating [37]. 

Stene’s results showed that COPs for the combined mode and DHW mode were almost identical and 

were both roughly 20-30% higher than the COPs for space heating only mode. This was due to the higher 

water return temperatures for the space heating gas-cooler. When the hot water set-point increased from 

60°C to 80°C, the COP dropped by 15%. Further testing showed that mixing and conduction between the 

cold mains water and the heated water increased the average inlet water temperature and degraded the 

performance. There was a linear decrease in COP with an increase in inlet water temperature to the system. 

This had the most significant impact on performance in combined mode and DHW-only mode. This trend 

appeared to become worse as the charging volume dropped. It was recommended that tanks should be 

tailored to minimize mixing of hot and cold water inside the tank using diffusers or inlet pipelines.  The 
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seasonal performance factor of this heat pump was determined to be the same or higher as the most energy 

efficient brine-to-water heat pump systems, as long as (1) the heating demand for hot water produced 

constituted at least 25% of the total annual heating demand of residence, (2) the space heating system 

returned water at a maximum temperature of 30°C, (3) the city water temperature is about 10°C or lower, 

and (4) mixing between heated and cold mains water is minimal [37]. 

Fernandez et al. [10] studied the effect of ambient temperature and hot water temperature on the 

performance of a CO2 HPWH for three different scenarios that are typical to residential hot water heating: 

a full tank charge from 15°C to a set-point temperature of 57.2°C to simulate initial tank heating (Test A), 

a reheat of water after a hot water draw back to the set-point (Test B), and finally the reheating of the tank 

after standby losses (Test C). The experimental rig included a two-stage rotary compressor, a microchannel 

gas-cooler, and an air-sourced evaporator inside a climate controlled environmental chamber [10]. For Test 

A, the change in ambient air temperature supply to the evaporator had the largest effect on increasing the 

discharge pressure, therefore increasing the heating capacity. For Tests B and C, the capacity did not change 

significantly with increasing ambient temperature. The COPs and capacities were also highest for Test A 

(2.8-3.9) and lowest for Test C (2-2.6). This corresponded with the lowest water inlet temperature and the 

highest water inlet temperatures to the gas-cooler. The instantaneous COP decreased linearly with an 

increase in inlet water temperature to the gas-coolers. Also, with an increase of the set-point to 70°C, there 

was a 20% decrease in COP.  It was found that the average capacity of the system peaked at a set-point 

temperature of 60°C [10].  

Lastly, Fernandez studied the system performance with an internal heat exchanger or recuperator 

similar to studies by Neksa et al. [6], White et al. [23], and Kim et al. [24]. Fernandez concluded that the 

IHX (or recuperator) reduced the pressure ratio, allowing nearly constant gas cooling capacity and resulted 

in an increase in COP of 7.9%. The compressor discharge pressure was also reduced as the IHX provided 

a high degree of superheat to the suction inlet to the compressor. This allowed the desired discharge 

temperature to be achieved at a much lower discharge pressure [10]. 
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Yokoyama et al. [38] studied the performance of a CO2 HPWH under simulated standard hot water 

demand [38]. Since CO2 heat pump performance had been proven to be sensitive to water inlet temperature, 

it was important to model the temperature distribution in the tank as well so that the performance of the 

HPWH could be predicted under various water demand scenarios over an 8 day period.  The results showed 

that higher water demand corresponded to a higher the average COP of the system on the 8th day. This was 

due to lower standby losses as the fact that there was less unused water that sat in the tank over the eight 

days. Higher demand also allowed less time for conduction between the heated water and the cold inlet 

water. Cold inlet water kept the COP high during operation. To control the poor performance associated 

with hot inlet water, the heat pump was designed to shut down when the inlet water was over 30°C, which 

prevented small volume demand results from decreasing performance further. For all tests, the average inlet 

water temperature was between 16.5-17°C. The high demand cases also were shown to have the highest 

storage efficiency due to a reduction in standby losses. This indicated that it was more efficient to run with 

a higher demand relative to the tank size and heat pump capacity, even if there was a risk of a shortage in 

hot water supply [38]. 

Another paper by Yokoyama also studied the exergy efficiency in CO2 heat pumps and their storage 

tanks during operation with regular hot water demand [39]. The exergy efficiency for the heat pump was 

defined as the ratio of the difference between exergy flow rates at the inlet and outlet of the gas-cooler to 

the power consumption. It was found that the exergy efficiency was constant after heat pump start-up when 

the inlet temperature to the gas-cooler was constant. Exergy efficiency was found to decrease drastically 

before heat pump shutdown because of the increasing inlet temperature to the gas-cooler and the drop in 

COP. To minimize exergy destruction in the tank, a revised system configuration drew off mid-temperature 

water in the middle of the tank and replaced it with cooler water. For storage tank, the exergy destruction 

for the revised system was larger than original configuration.  It was also noted that the exergy destruction 

in the storage tank due to heat loss was larger than that due to heat conduction between the hot and cool 

water for both configurations.  Overall, the component with the highest overall exergy efficiency was the 
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storage tank and the lowest was the heat pump itself as the exergy lost to standby losses and conduction 

was much smaller than the exergy lost due to increased compressor power consumption and low COPs at 

high gas-cooler inlet temperatures.  The revised configuration had the higher exergy efficiency, however 

the conventional had more exergy stored [39]. 

A common trend for the literature in this section was the importance of maintaining thermal 

stratification in the hot water storage to ensure that the inlet water temperature to the gas-cooler remained 

low and to reduce mixing within the tank that would lead to exergy destruction and a drop in COP. The 

authors concluded that the best way to induce stratification was to use low flow rates through the water-

side of the gas-cooler. The importance of sizing a water tank and heat pump for the standard water demand 

was also emphasized. An oversized tank and heat pump resulted in higher standby losses, leading to 

inefficient reheating of the system. Table 2-3 includes a summary of the literature reviewed in this section.  

Table 2-3: Summary of literature reviewed on tank charging studies 

Author(s) Year 
Experimental

/Modeling 

Evaporator 

fluid 

Gas-cooler 

fluid 
Study Focus 

Cecchinato et 

al. 
2005 Modeling Air Water 

Tank stratification vs. 

tank mixing, seasonal 

performance, 

comparison to HFCs 

Stene 2005 Experimental Brine Water 

Combined hot water 

and space heating, 

seasonal performance, 

exergy 

Fernandez et 

al. 
2010 Experimental Air Water Charging scenarios 

Yokoyama et 

al. 
2010 Modeling Air Water 

Performance with 

changes in 

standardized hot water 

demand 

Yokoyama 2012 Modeling Air Water 

Exergy Destruction in 

both the heat pump 

and water tank 
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Chapter 3 

Experimental Investigation 

3.1 Introduction  

The primary goal of the experimental study was to obtain data on the performance of a typical CO2 heat 

pump water heater, equipped with a brazed-plate gas-cooler, while operating under (water-side) forced or 

natural convection conditions. A secondary goal of the experimental evaluation was to obtain data that 

could be used to refine the theoretical model of the CO2 heat pump as presented in Chapters 4 and 5.To 

complete this experimental evaluation a custom test installation was assembled in the Department of 

Mechanical and Materials Engineering (MME) of Queen’s University on the 4th floor of McLaughlin Hall. 

The HP used for testing was a modified commercial Japanese Eco-cute HPWH and was provided for the 

testing by SWEP International, (Landskrona, Sweden). In particular, the air-source evaporator had been 

removed in Sweden and replaced with a brazed-plate water-to-air evaporator.  

 

3.2 Experimental Study Approach 

As the focus of the experimental testing lied primarily on the performance of the gas-cooler, a series 

of three different tests were performed on the experimental rig: 

1. A sensitivity study of the effect of water flow rate through the gas-cooler on the COP. The tests 

points for this experiment were all taken at steady-state conditions for a range of flow rates and 

gas-cooler temperatures. 

2. A series of transient charge tests beginning at an average temperature of 10°C and finishing at an 

average temperature of 60°C. The charge tests were performed with both natural convection and 

forced flow. 
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3. Both the plate and spiral gas-coolers were subjected to performance testing under steady-state 

conditions at various load flow rates and compressor speeds.  

3.3 Apparatus 

For the experimental test testing, a Japanese 4.5 kW Sanyo Eco-cute air-sourced HPWH was acquired 

from SWEP1. The unit had been used in SWEP’s laboratory for heat transfer studies and was modified for 

use in the current study at Queen’s. This particular unit was based on a commercially available heat pump 

sold in Japan and is commonly used in residential dwellings for hot water heating. To facilitate testing 

under controlled conditions, the unit had been modified such that the air source fan-coil (evaporator) had 

been replaced with a water-to-refrigerant plate heat exchanger (SWEP Model B10T). For the current study, 

the unit was installed, charged, and instrumented in the Solar Calorimetry Laboratory located in 

McLaughlin Hall. Testing was performed from January 2014 to October 2014. The unit’s evaporator was 

connected to a controlled temperature water supply developed by Cruickshank [40] for experimental testing 

under controlled conditions. A description of the controlled temperature water supply is provided in section 

3.4.2. 

3.3.1 Heat Pump Components 

A schematic overview of the heat pump system is shown in Fig. 3-1. Figure 3-2 shows a top view 

of the actual installed system with the labelled components. All components within the heat pump are 

from Sanyo, unless otherwise specified. 

                                                      

1 SWEP International AB 
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Figure 3-1: A schematic overview of the experimental test rig. 

 

Figure 3-2: Top view of the heat pump system 

The labelled components in Fig. 3-2 are as follows: 

1. 2 stage rotary compressor 

2 

1 

3 

4 

5 

6 

7 

8 

9 

10

0

0 

11

0

0 
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2. Compressor control panel and power meter 

3. Brazed-plate gas-cooler 

4. Electronic expansion valve 

5. Expansion valve controller 

6. Evaporator 

7. Internal heat exchanger 

8. Variable speed load pump 

9. Charge loop flow meter 

10. Hot water storage tank 

11. Controlled temperature water supply pipe 

A summary of the experimental apparatus and instrumentation used is shown in Table 3-1.  These 

components are discussed in detail in the following sections. 

Table 3-1: Summary of Experimental Apparatus and Instrumentation used 

 Apparatus/Instrumentation Manufacturer Model No. 

1 2 stage rotary compressor Sanyo C-CV133HOV 

2 compressor controller (Inverter) Sanyo Custom 

3 power meter (HP compressor 

power consumption) 

SHM Communications 

Ltd. 

3-ph, Model WM22-DIN 

4 Pressure Transducer OMEGA DYNE Model PX309-3KG5V, 

0-3000 PSI, (0-20.68 MPa) 

5 Thermocouple OMEGA/custom Type K, 24 & 30 gauge 

6 Brazed-plate gas-cooler SWEP Single –pas B9 - 36 plates 

7 Electronic expansion valve & 

Controller 

Danfoss Saglonmiya JKV14 & CCB-JB05 

8 Evaporator SWEP single pass B10T- 20 plates 

9 Internal heat exchanger Sanyo Custom for “Eco-cute” 

10 Variable speed load pump Grundfos Magna Model 32-60 

11 Charge loop flow meter Yokogawa AXF magnetic flow meter, 15 mm 

dia. 

12 Hot water storage tank Rheem Solaraide,  Model 81 VR-80-1, 

Nominal 80 US gal, 273 L, 

(heating element disabled) 
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13 Controlled temperature water 

supply 

Assembled at Queen’s Ref. [40] 

14 Data Acquisition Hardware National Instruments Model SCXI-1001 chassis, 

SCXI-1102 voltage input block 

and SCXI-1303 Terminal Board 

15 Data Acquisition Software LabVIEW D/A and 

Control 

Version 8 

 Gas-cooler 

3.3.1.1.1 Factory Spiral Gas-cooler 

The gas-cooler that was used in the commercial unit was a copper spiral gas-cooler similar to that 

tested by Xu et al. [31]. A picture of the factory gas-cooler is shown in Fig. 3-3. 

 

Figure 3-3: Helical-tube-in-flute factory gas-cooler 

For this design, multiple small-diameter copper tubes (4 mm OD) were welded onto the exterior of 

a larger (17 mm OD) copper tube, CO2 circulated through the small exterior tubes and potable water 

circulated in a counter flow arrangement through the inner copper tube.   The unit consisted of one long 

single-pass configuration but it was bent in to a rectangular configuration to reduce its overall size. In this 

design, the smaller CO2 tubes were used to support the high pressures and to increase the heat transfer rates 

associated with the refrigerant flow. This gas-cooler was designed with numerous bends that make it 

unsuitable for natural convection flow. 

3.3.1.1.2 Brazed-plate Gas-cooler 

In order to promote natural convection flow, a brazed-plate gas-cooler was retrofitted into the system 

in place of the spiral gas-cooler. The brazed-plate heat exchanger consisted of a stainless steel design with 
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corrogated plates to increase heat transfer area. Plate heat exchangers can be designed with single pass or 

multiple pass arragments depending on the application. The plates are brazed together with thin copper 

sheets to improve conduction. They can easily be sized or designed for different applications by changing 

the number of plates, number of passes, or the size of the plates. For natural convection applications, a 

single pass was used to reduce the pressure drop. It also allowed for buoyancy driven flow upwards through 

the heat exchanger. A schematic of a plate heat exchanger with a single pass is shown in Fig. 3-4. 

 

Figure 3-4: Schematic of a single pass brazed-plate heat exchanger [41] 

These heat exchangers have recently been configured as CO2 gas-coolers and are now built to 

withstand the high pressures of the transcritical CO2 cycle. The SWEP (Model B9), a high pressure CO2 

brazed-plate gas-cooler, with 36 plates was acquired and installed in the system. This gas-cooler is about 

1/3 of the weight of the spiral gas-cooler, is more consistent in fabrication, uses less expensive  material, 

and is more compact allowing increased flexible in its design as compared to the factory gas-cooler. A 

comparison of the two gas-coolers is shown in Fig. 3-5. 
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Figure 3-5: A comparison of the two gas-coolers with the plate on the left and spiral on the right 

When comparing the total heat transfer area, the plate heat exchanger has an effective heat transfer 

area of 0.559 m2 and the spiral has 0.259 m2. The spiral also has a larger exterior surface area and a greater 

potential for heat loss. 

  Evaporator 

The factory fin-and-tube air-sourced evaporator was replaced with a brazed-plate evaporator (single 

pass SWEP B10T with 20 plates) for this study. The evaporator was connected to a controlled temperature 

water supply [40]. A photo of the plate evaporator is shown in Fig. 3-6. 

 

Figure 3-6: Photo of the installed brazed-plate evaporator 

 Compressor 

The compressor used in this study was a two-stage hermetically-sealed rotary compressor (Sanyo 

Model CV133HOV). This compressor was specially designed for use in transcritical CO2 cycles. It uses a 

two-stage compression cycle to reduce the compression ratio in both stages resulting in theoretically higher 
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isentropic and volumetric efficiencies. A novel feature of this design is that the exit of the first compression 

stage discharges into the shell of the compressor that is at the intermediate pressure.  The pressure 

differential across the second compressor stage is limited to the difference between the compressor exit 

pressure and the intermediate pressure.  This reduces the structural requirements of the design, thereby 

reducing mass.  

In addition, these compressors have been shown to reduce mechanical losses, leakage losses, heat 

losses, and to increase volumetric efficiencies at lower compressor speeds [42]. Figure 3-8 shows a 

schematic of this compressor design. 

 

Figure 3-7: The two-stage rotary compressor design used [43] 

The compressor used in the heat pump had a first stage swept volume of 3.33 x 10-3 m2 and a second 

stage swept volume of 2.7 x 10-3 m2. A variable frequency inverter drive (custom design from Sanyo) was 

used to control the compressors speed. It had a frequency range from 40-80 Hz, although it was operated at 

60 Hz for the majority of testing. A photo of the installed compressor is shown in 

Fig. 3-9. 



 

41 

 

 

Figure 3-8: Installed rotary compressor 

 Expansion Valve 

An electronic expansion valve was used for the expansion process. The models of the expansion 

valve and the controller were the Danfoss Saglonmiya JKV14 and Danfoss Saglonmiya CCB-JB05 

respectively. The valve controller allowed the expansion valve to be set from fully open to fully closed. All 

tests were performed at 85% closed.  

 Internal Heat Exchanger 

A tube-in-tube heat exchanger was used to exchange heat between the high pressure exit of the gas-

cooler and the low pressure exit to the evaporator. The low pressure side was the exterior annulus and the 

high pressure side was the inner tube. 

 Accumulator 

The accumulator (i.e., low pressure reciever) is a device that prevents liquid refrigerant from slugging 

into and damaging the compressor. If the fluid exiting the evaporator was still in the vapour dome, it would 

separate the liquid from the vapour and will only allow the vapour to enter into the compressor.  

3.4 Water loops 

3.4.1 Storage Tank and Charge Loop 

The main components of the charge loop were the storage tank, the gas-cooler, and the variable speed 

pump. The thermal storage tank was a 273 Litre Rheem Solaraide design. The tank is a highly insulated 

design and was placed on a block of insulation to minimize heat losses to the floor. For forced convection 
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tests, a variable speed pump was included in the charge loop. For thermosyphon flow tests, it was removed. 

The pump model was a Grundfos Magna 32-60. Figure 3-14 shows a picture of the charge loop. Here, (1) 

is the storage tank, (2) is the gas-cooler, (3) is the water pump, and (4) is the flow meter. 

  

Figure 3-9: Charge loop 

3.4.2 Controlled Temperature Water Source Loop 

The main components of the charge loop were the 3500 W electric heater, a positive displacement 

pump, and a proportional integral derivative (PID) controller.  The PID controlled the heater to keep the 

inlet of the evaporator at a particular temperature. The source loop is shown in Fig. 3-10. 

1 

2 

3 

4 
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Figure 3-10: Controlled temperature water supply loop 

 The positive displacement pump (1) was controlled with a 30V/3A DC power supply (2) with a 

variable output. A reference heat source (3) was used for calibration for the flowmeter (4). The heater (5) 

was controlled with the PID controller (6) by setting an evaporator inlet temperature. 

3.5 Instrumentation and Measurements 

Pressure transducers, thermocouples, a power meter, and flow meters were required to measure 

system parameters. Figure 3-11 shows a schematic of the experimental system with instrumentation points. 
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Figure 3-11: Schematic of the experimental apparatus with instrumentation points
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In order to calculate the state points of the thermodynamic cycle, pressure and temperature 

measurements were required at each of the six state points within the CO2 heat pump cycle. In order to 

measure heat transfer rates, flowmeters were placed in both the source and charge water loops and 

thermocouples were placed at the inlets and outlets to the gas-cooler and the evaporator. A power meter 

was used to measure the electrical power drawn from the compressor. Three pressure transducers were 

placed on both the inlet of the gas-cooler, the outlet of the gas-cooler, and on the low pressure side of the 

system in order to measure the suction pressure, discharge pressure, and the pressure drop across the gas-

cooler. A temperature probe was also placed in the hot water tank to measure the vertical temperature profile 

within the tank. 

3.5.1 Instruments 

The thermocouples used throughout the system, with the exception of the temperature probe, were 

24 gauge T-type thermocouples. All the thermocouples were all inserted directly into the refrigerant or 

water streams via temperature wells. Figure 3-12a and 3-12b show the thermocouple probes for both the 

refrigerant and water lines respectively. The refrigerant probes were made in the lab while the water probes 

and all thermocouple connectors and wiring were purchased from Omega Engineering. 

 

Figure 3-12: (a) A refrigerant thermocouple probe and (b) a water thermocouple probe 

The temperature probe thermocouples were 30 gauge T-type thermocouples. The temperature probe 

was a rod 1.35 meters long with ten thermocouples placed at 0.15 m distances along the rod. This rod was 
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vertically inserted into the hot water tank to measure the vertical temperature profile.  Figure 3-13 shows 

the placement of the temperature probe within the tank. 

 

Figure 3-13: Schematic of temperature probe within the storage tank 

 

The three pressure transducers were from Omega with a pressure range from 0-20.68 MPa. Figure 

3-14 shows the pressure transducer installed on the exit of the gas-cooler. 

 

Figure 3-14: Pressure transducer 

The flow meter used in the charge loop was a high precision Yokogawa AXF magnetic flow meter 

with a diameter of 15 mm. This flowmeter is labeled as component number 4 in Fig. 3-9. 

A WM22-DIN three phase power analyzer from SHM Communications Ltd. was installed to measure 

the power consumption of the compressor. The uncertainty for all instrumentation is discussed in Appendix 

A. 

3.5.2 Data Acquisition  
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The data acquisition hardware and software were both from National Instruments. The instrument 

signal conditioning was provided by a SCXI-1001 chassis with a SCXI-1303 thermocouple input block and 

a SCXI-1102 voltage input block. The voltage block read the pressure, power, and flowmeter 

measurements. The data was then input into a LabVIEW routine that both displayed the real-time data and 

logged the data into a text file for data analysis. The LabVIEW program also converted the voltage inputs 

into real values with calibration data.  The time-step at which data was logged was set at one minute 

intervals.  A screenshot of the LabVIEW user interface is shown in Fig. 3-15. 

 

Figure 3-15: The LabVIEW program user-interface 
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Chapter 4 

CO2 HPWH Model 

4.1 Steady-state model of the transcritical vapour compression cycle 

A steady-state thermodynamic model of the CO2 transcritical vapour compression cycle was written 

in Engineering Equation Solver (EES). Engineering Equation Solver is an iterative equation solving 

package with built in thermophysical property functions [15]. The steady-state model contained five 

different sub-models for each of the heat pump components: the compressor, gas-cooler, internal heat 

exchanger, expansion valve, and the evaporator. The inputs to the model were: the evaporator inlet 

temperature (𝑇𝑠𝑜𝑢𝑟𝑐𝑒,𝑖𝑛), source flow rate (�̇�𝑠𝑜𝑢𝑟𝑐𝑒), gas-cooler inlet temperature (𝑇𝑙𝑜𝑎𝑑,𝑖𝑛), and the load 

flow rate (�̇�𝑙𝑜𝑎𝑑). The model iterated between the sub-components until an energy balance was found 

between the sub-component models. The model outputs were the heating (�̇�𝑙𝑜𝑎𝑑) capacity of the gas-cooler, 

the heat pump heating COP, and the compressor power (�̇�𝑐𝑜𝑚𝑝).  

4.1.1 Assumptions 

In order to find the thermodynamic solution to the model, the temperature, enthalpy, and entropy of 

each of the six state points in the cycle were calculated.  These are the same state points referred to on the 

P-h and schematic diagrams in Fig. 1-6 and 1-7, respectively. Due to the large number of variables, several 

assumptions were made. These assumptions are listed below: 

1. The fluid exiting the evaporator (state point 6) was assumed to be fully vapourized with a 

quality of 1. 

2. The refrigerant pressure drop through the gas-cooler and the evaporator was assumed to be 

negligible. 

3. The expansion valve process was assumed to be isenthalpic. 

4. Heat loss from components was assumed negligible.  
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4.1.2 Compressor Model 

The heat pump evaluated in this study used a novel rotary compressor [42].  To model this type of 

compressor it is noted that, although the rotary compressor differs from reciprocating compressors, many 

of the thermodynamic concepts are the same. Both designs have displacement volumes and can be assumed 

to undergo a polytropic expansion process. This process can be described by the relationship, 

𝑃𝑉𝑛 = 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡 (4-1) 

and the compression work calculated from Eq. 4-2, 

�̇�𝑐𝑜𝑚𝑝 =
𝑘

𝑘−1
𝑃1 ∗ 𝑉𝑎𝑐𝑡 ∗ [1 − (

𝑃2

𝑃1
)

𝑘−1

𝑘
] (4-2) 

Here, k is the specific heat ratio, 𝑃1 is the low pressure entrance state to the compressor, 𝑉𝑎𝑐𝑡 is the actual 

swept volume of gas drawn into the compressor in the first stage, and 𝑃2 is the compressor exit pressure 

[44]. The actual swept volume accounts for leakage from the total displacement volume within the 

compressor. For this study, the actual swept volume was determined through a correlation between the 

volume and the pressure ratio that was derived from experimental results according to the relationship is 

described by Eq. 4-3 [45]. The derivation of the coefficients in this correlation is described in Appendix B. 

𝑉𝑎𝑐𝑡 = −0.0073𝑃𝑟
2 + 0.0211𝑃𝑟 − 0.0069 (4-3) 

The efficiency of the compression was given by the isentropic efficiency (𝜂𝑠).  A 100% efficient 

process would result in a constant entropy process. In reality, exergy is destroyed resulting in an isentropic 

efficiency defined in Eq. 4-4 [45]. 

𝜂𝑠 =
ℎ2𝑠−ℎ1

ℎ2−ℎ1
 (4-4) 

Here, ℎ2𝑠 represents the compressor exit enthalpy if entropy was conserved and h2 represents the actual 

exit enthalpy. The mass flow rate for the system was determined through the compressor model with Eq. 

4-5 [46], 

𝑚𝑟̇ = 𝜌1𝑉𝑎𝑐𝑡𝜔 (4-5) 

where, 𝜌1 represents the inlet density to the compressor and ω represents the speed in revolutions per 

second. The work of the compressor was also determined with equation 4-6. 
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�̇�𝑐𝑜𝑚𝑝 = 𝑚𝑟̇ (ℎ2 − ℎ1) (4-6) 

To evaluate the overall efficiency of the heat pump, the mechanical efficiency (𝜂𝑚𝑒𝑐ℎ) of the compressor 

is also required. The mechanical efficiency accounts for frictional losses in the compressor mechanics 

(including the electric motor) that manifest as thermal heat losses. The electrical power (�̇�𝑐𝑜𝑚𝑝) consumed 

by the compressor is therefore increased to account for these losses by dividing by the mechanical efficiency 

i.e., Eq. 4-7 [45]. 

�̇�𝑐𝑜𝑚𝑝 =
�̇�𝑐𝑜𝑚𝑝

𝜂𝑚𝑒𝑐ℎ
 (4-7) 

Most compressor models establish a relationship between pressure ratio (𝑃𝑟 = 𝑃2/𝑃1) and isentropic 

efficiency. Most of the established relationships are for reciprocating compressors; therefore experimental 

tests were conducted to estimate this relationship for the rotary compressor. A simple linear equation, Eq. 

4-8, relating isentropic efficiency, 𝜂𝑠, and pressure ratio was fitted to the experimental data as shown in 

Appendix B. 

𝜂𝑠 = −0.4996𝑃𝑟 + 1.4068 (4-8) 

The mechanical efficiency was determined for a series of steady-state experimental conditions by 

solving for �̇�𝑐𝑜𝑚𝑝 in Eq. 4-6 and then for 𝜂𝑚𝑒𝑐ℎ in Eq. 4-7. The enthalpies state 1 and 2 were calculated 

using the measured pressure and temperatures at these states. The mass flow rate was calculated through an 

energy balance on the gas-cooler, 

�̇�𝑟 =
�̇�𝑙𝑜𝑎𝑑

ℎ2−ℎ3
=

�̇�𝑙𝑜𝑎𝑑𝑐𝑝,𝑙𝑜𝑎𝑑(𝑇𝑙𝑜𝑎𝑑𝑖𝑛
−𝑇𝑙𝑜𝑎𝑑𝑜𝑢𝑡

)

ℎ2−ℎ3
 (4-9) 

 The measured compressor electrical power (�̇�𝑐𝑜𝑚𝑝) was then used to calculate 𝜂𝑚𝑒𝑐ℎ. The average 

mechanical efficiency value for the experimental tests points was 0.85, therefore this number was used for 

this model. This data is also shown in Appendix B. 

4.1.3 Gas-cooler and Evaporator Models 

The heat pump unit tested utilized two brazed-plate heat exchangers, one for the evaporator 

which was a conventional “chevron” design as shown in Fig. 4.1 and a SWEP Model B9 for the gas-
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cooler which incorporated a new proprietary surface profile.  The modeling of these units is described 

below. 

 Plate Heat Exchanger Geometry 

For each plate, �̂� represents the amplitude, 𝛬 represents the corrugation wavelength, φ represents the 

corrugation angle, 𝐵𝑝 represents the base plate width, and 𝐿𝑝 represents the plate height [47]. The geometry 

is shown in Fig. 4-1. 

 

Figure 4-1: Geometry of corrugated plates [47] 

With these dimensions established, the hydraulic diameter of the plate was calculated with Eq. 4-10. 

𝑑ℎ =
4�̂�

𝜙
 (4-10) 

Here, 𝜙 is the ratio of the wavy plate surface to its plane projection, which depends on the ratio of amplitude 

to wavelength X, i.e.,   

𝑋 =
2𝜋�̂�

𝛬
 (4-11) 

𝜙(𝑋) =
1

6
(1 + √1 + 𝑋2 + 4√1 + 𝑋2/2) (4-12) 

The heat transfer surface area of one side of one plate is defined by Eq. 4-13. The total areas for the water 

and CO2 sides of the plates are shown in Eq. 4-14 and 4-15, respectively. Here 𝑁𝑐ℎ𝑎𝑛𝑛𝑒𝑙𝑠 corresponds the 
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total number of water or CO2 channels between plates. The mass flow rates in both the water and CO2 

channels are described in Eq. 4-16 and 4-17. Similarly, Eq. 4-18 defines the velocity per channel for either 

water (denoted by w) or CO2 (denoted by r for refrigerant) [47]. 

𝐴1𝑝 = 𝐵𝑝𝐿𝑝𝜙 (4-13) 

𝐴𝑤 = 2𝑁𝑐ℎ𝑎𝑛𝑛𝑒𝑙𝑠,𝑤𝐴1𝑝 (4-14) 

𝐴𝑟 = 2𝑁𝑐ℎ𝑎𝑛𝑛𝑒𝑙𝑠,𝐶𝐴1𝑝 (4-15) 

�̇�𝑤,𝑐ℎ =
�̇�𝑤

𝑁𝑐ℎ𝑎𝑛𝑛𝑒𝑙,𝑤
 (4-16) 

�̇�𝑟,𝑐ℎ =
�̇�𝑟

𝑁𝑐ℎ𝑎𝑛𝑛𝑒𝑙,𝑟
 (4-17) 

𝑣𝑟 =
�̇�𝑟,𝑐ℎ

2�̂�𝜌𝐵𝑝
, 𝑣𝑤 =

�̇�𝑤,𝑐ℎ

2�̂�𝜌𝐵𝑝
 (4-18) 

 

Data on the effective heat transfer area of the plate heat exchangers was available from the 

manufacturer (based on this analysis) and was used in the current study. These effective areas and geometry 

were subsequently used to derive the fluid velocities on the refrigerant and water sides, Eq. 4-17.   

 Heat Transfer of Supercritical CO2 (Gas-cooler) 

The convective heat transfer coefficient for supercritical CO2 in the gas-cooler was estimated by 

fitting a correlation for Nusselt number (Nu) to the experimental data. Nusselt number was used to calculate 

the heat transfer coefficient according to Eq. 4-19, i.e., 

ℎ𝑟 =
𝑁𝑢𝑟𝑘𝑟

𝑑ℎ
 (4-19) 

where ℎ represents the convection heat transfer rate; 𝑘 is the thermal conductivity of the fluid evaluated at 

the bulk temperature; and 𝑑ℎ represents the hydraulic diameter evaluated according to Eq. 4-10. 

 In order to compute the Nusselt number, both Reynolds number (Re) and Prandtl number (𝑃𝑟) were 

required and were calculated with Eq. 4-20 and 4-21 respectively. All thermophysical properties derived 
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were calculated assuming the corresponding local bulk fluid temperature on the water or CO2 side of the 

gas-cooler.  

𝑅𝑒 =
𝜌𝑣𝑑ℎ

𝜇
 (4-20) 

𝑃𝑟 =
𝑐𝑝𝜇

𝑘
 (4-21) 

 Nearly all the papers reviewed in the literature used the Gnielinski correlation for solving the Nusselt 

number of supercritical CO2, however few of these models used heat exchangers with a large number of 

parallel channels [48]. In addition, the Gnielinski correlation was intended for Reynolds numbers of less 

than 2000. In the current study, most of the calculated Reynolds numbers were between 1000 and 2000, 

therefore this correlation was not used for the plate gas-cooler. It was, however, recommended by the gas-

cooler manufacturer, (SWEP International, AB), that the Sieder-Tate type equation provided a better fit to 

the actual 𝑁𝑢𝑟values found in their gas-coolers [49], i.e., 

𝑁𝑢𝑟 = 𝐴𝑅𝑒𝑟
𝑛𝑃𝑟𝑟

𝑚 (
𝜇𝑏𝑢𝑙𝑘

𝜇𝑤𝑎𝑙𝑙
)

𝑥
 (4-22) 

where, 

𝐴 = 0.15 − 0.5, 𝑛 = 0.65, 𝑚 = 0.30 − 0.45, 𝑎𝑛𝑑 𝑥 = 0.05 − 2 [50] 

For the current study, measured experimental data with Nusselt numbers ranging from 35 to 45 (typical of 

supercritical CO2 operation) was used derive the “best-fit” coefficients to the above relationship, Eq., 4-22. 

The calculations for the coefficients with the best fit to the data are shown in Appendix B. The derived 

relationship, Eq. 4-22 was fit to the experimental data with a standard error of the Y-estimate of ±1.6.   The 

resulting relationship is given below. 

𝑁𝑢𝑟 = 0.402𝑅𝑒𝑟
0.65𝑃𝑟𝑟

0.449 (
𝜇𝑏𝑢𝑙𝑘

𝜇𝑤𝑎𝑙𝑙
)

1.64
 (4-23) 

 Heat Transfer of Boiling CO2 (Evaporator) 



 

54 

 

The CO2 in the evaporator required a different relationship due to the two-phase flow in the 

evaporator.  In order to predict two-phase flow in a vertical plate heat exchanger, a correlation developed 

by Hsieh and Lin [51] was used. This correlation was initially developed for R410a in plate heat exchangers, 

however it was found to accurately predict the gas-cooler performance for the range of Reynolds number 

experienced when compared to manufacturer’s data. The correlation describes the boiling heat transfer 

coefficient, Eq. 4-24 as, 

ℎ𝑟,𝑠𝑎𝑡 = ℎ𝑟,𝑙(88𝐵𝑜0.5) (4-24) 

where, ℎ𝑟,𝑙  is the all-liquid non-boiling heat transfer and Bo is a dimensionless number known as the boiling 

number. The boiling number represents the stirring effect of bubbles in the flow and represents the ratio of 

the mass flow rates per unit area [51]. The all-liquid non-boiling heat transfer coefficient was determined 

from the established empirical correlation for a single-phase liquid. 

ℎ𝑟,𝑙 = 0.2092 (
𝑘𝑙

𝑑ℎ
) 𝑅𝑒0.78𝑃𝑟1/3 (

𝜇𝑚

𝜇𝑤𝑎𝑙𝑙
)

0.14
 (4-25) 

The boiling number is used to represent the stirring effect of the bubbles in the flow and is represented by 

Eq. 4-26 [52]. 

𝐵𝑜 =
𝑞′

𝐺ℎ𝑓𝑔
 (4-26) 

In this equation, 𝑞′ is the heat flux in W/m2, G is the mass flux in kg/m2, and ℎ𝑓𝑔 is the enthalpy of 

vaporization. 

 Heat Transfer of Water 

The same type of curve fit obtained in Eq. 4-22 was used for the Nusselt number of water. For this 

case, the effect of wall viscosity was found to be small and was neglected. Through the experimental data, 

the following coefficients were chosen as the best fit to the data, Eq. 4-27; reproducing the data to within 

±0.19 (standard error of the Y-estimate) for the range of Nusselt numbers.  
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𝑁𝑢𝑤 = 0.4𝑅𝑒𝑤
0.65𝑃𝑟𝑤

0.45 (4-27) 

Similarly, the convection heat transfer rate was calculated with Eq. 4-28. 

ℎ𝑤 =
𝑁𝑢𝑤𝑘𝑤

𝑑ℎ
 (4-28) 

 Calculation of UA Value 

With the convection heat transfer rates of both fluids known, the overall UA value was calculated by 

Eq. 4-29. 

𝑈𝐴 = (
1

𝛼𝐶𝐴𝑐
+

𝑡𝑝

𝑘𝑝𝑙𝑎𝑡𝑒𝐴𝑝𝑙𝑎𝑡𝑒𝑠
+

1

𝛼𝑤𝐴𝑤
)

−1

 (4-29) 

 Finite difference approach 

Due to the significant change in the specific heat of CO2 near the pseudocritical point, the heat 

transfer rates can vary significantly throughout the gas-cooler.  In order to capture these changes, a finite-

difference approach was used to model flow through the gas-cooler.  For this analysis, a single section of 

one of the heat transfer plates was modeled by dividing the gas-cooler section into a set number of nodes 

(or control volumes) with length ∆𝐿 and width 𝐵𝑝, Fig. 4-2. 

∆𝐿 =
𝐿𝑝

𝑁𝑛𝑜𝑑𝑒𝑠
 (4-30) 

𝐴𝑝
𝑖 = ∆𝐿 ∗ 𝐵𝑝 (4-31) 

The thermophysical properties in the control volumes were considered to be uniform and were based 

on the bulk temperature of the fluid in that node. The  𝑈𝐴 values describing the heat transfer conductance 

between the fluid streams associated with adjacent nodes were calculated for each increment of length, ∆𝐿, 

with Eq. 4-32.  The UA value represents the product of the overall heat transfer coefficient and the heat 

transfer area. This equation was used for both the gas-cooler and the evaporator.  

𝑈𝐴𝑖 = (
1

𝛼𝑟
𝑖 𝐴𝑝

𝑖 +
𝑡𝑝

𝑘𝑝
𝑖 𝐴𝑝

𝑖 +
1

𝑎𝑤
𝑖 𝐴𝑝

𝑖 )
−1

 (4-32) 
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With this estimate of the 𝑈𝐴 value, the heat transfer rate through the node could then be calculated with 

Eq. 4-33 for the gas-cooler and Eq. 4-34 for the evaporator. 

�̇�𝑙𝑜𝑎𝑑
𝑖 = 𝑈𝐴𝑔𝑐

𝑖 (
(𝑇𝑟

𝑖−𝑇𝑤
𝑖 )−(𝑇𝑟

𝑖+1−𝑇𝑤
𝑖+1)

ln (
(𝑇𝑟

𝑖 −𝑇𝑤
𝑖 )

(𝑇𝑟
𝑖+1−𝑇𝑤

𝑖+1)
)

) (4-33) 

�̇�𝑠𝑜𝑢𝑟𝑐𝑒
𝑖 = 𝑈𝐴𝑒𝑣𝑎𝑝

𝑖 (
(𝑇𝑤

𝑖 −𝑇𝑟
𝑖)−(𝑇𝑤

𝑖+1−𝑇𝑟
𝑖+1)

ln (
(𝑇𝑤

𝑖 −𝑇𝑟
𝑖 )

(𝑇𝑤
𝑖+1−𝑇𝑟

𝑖+1)
)

) (4-34) 

The properties for the next node were then calculated through a control volume energy balance. 

�̇�𝑙𝑜𝑎𝑑
𝑖 = �̇�𝑟(ℎ𝑟

𝑖 − ℎ𝑟
𝑖+1) = �̇�𝑙𝑜𝑎𝑑𝑐𝑝,𝑤

𝑖 (𝑇𝑤
𝑖 − 𝑇𝑤

𝑖+1) (4-35) 

�̇�𝑠𝑜𝑢𝑟𝑐𝑒
𝑖 = �̇�𝑟(ℎ𝑟

𝑖 − ℎ𝑟
𝑖+1) = �̇�𝑠𝑜𝑢𝑟𝑐𝑒𝑐𝑝,𝑤

𝑖 (𝑇𝑤
𝑖 − 𝑇𝑤

𝑖+1) (4-36) 

The total heat transferred across gas-cooler or evaporator was calculated with Eq. 4-37. 

�̇�𝑙𝑜𝑎𝑑,𝑠𝑜𝑢𝑟𝑐𝑒 = ∑ �̇�𝑙𝑜𝑎𝑑,𝑠𝑜𝑢𝑟𝑐𝑒
𝑖𝑁𝑛𝑜𝑑𝑒𝑠

𝑖=1  (4-37) 

Since the configuration for the heat exchanger was a counter-flow arrangement, the model began by 

assuming a water outlet temperature and solved for the water inlet temperature. A diagram of the gas-cooler 

and evaporator with four nodes each was shown in Fig. 4-2. The actual model used 20 nodes along the flow 

path for both the gas-cooler and evaporator. In arriving at the decision to use 20 nodes along the flow path, 

a sensitivity analysis was conducted where the number of nodes was increased to evaluate the effect of the 

magnitude of ∆𝐿  on the total heat transfer rate.  It was observed that the overall results with 20 nodes were 

within 1% of values computed with over 50 nodes, and in light of the reduced computation time, 20 nodes 

was chosen for the subsequent analysis.  
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Figure 4-2: Diagrams of the evaporator (left) and gas-cooler (right) demonstrating the finite 

difference calculation with Nnodes = 4 

In Fig.4-2, the finite-difference approach is illustrated for a section of heat exchanger (of length 4 x 

∆𝐿) showing the mass and energy flows associated with the analysis. This analysis was assumed to be 

identical for the rest of the plates which were arranged in parallel flow paths. During normal transcritical 

operation, the CO2 stream in the gas-cooler, gradually cooled along the plate length in a “sensible” heat 

transfer process. Consecutively, the water stream was heated sensibly.  

In the evaporator, the CO2 stream was undergoing a phase-change heat transfer process; and, 

therefore it was assumed to be at a constant temperature along its flow path. The inputs for the gas-cooler 

were �̇�𝑟,�̇�𝑙𝑜𝑎𝑑,𝑇2, and 𝑇𝑙𝑜𝑎𝑑,𝑖𝑛 and the outputs were 𝑇𝑙𝑜𝑎𝑑,𝑜𝑢𝑡, 𝑇3, and �̇�𝑙𝑜𝑎𝑑,𝑡𝑜𝑡𝑎𝑙.  For the evaporator, the 

inputs were �̇�𝑟, �̇�𝑠𝑜𝑢𝑟𝑐𝑒 , 𝑇5, and 𝑇𝑠𝑜𝑢𝑟𝑐𝑒,𝑖𝑛 and the outputs are 𝑇𝑠𝑜𝑢𝑟𝑐𝑒,𝑜𝑢𝑡, 𝑇6, and �̇�𝑠𝑜𝑢𝑟𝑐𝑒,𝑡𝑜𝑡𝑎𝑙.  To arrive 

at the total heat transfer in the gas-cooler or evaporator, the individual node heat transfer rates were summed 

along each plate and multiplied by the number of plates in the device.  

 Gas-cooler Modified Effectiveness 



 

58 

 

The standard effectiveness for forced flow heat exchangers has been extensively studied. The 

Effectiveness-NTU (number of heat transfer units) method has been documented to accurately predict the 

heat transfer in these heat exchangers. The effectiveness is expressed as, 

𝜀 =
1−exp [−𝑁𝑇𝑈(1−𝐶𝑟)]

1−𝐶𝑟exp [−𝑁𝑇𝑈(1−𝐶𝑟)]
 (4-38) 

where 𝑁𝑇𝑈 and 𝐶𝑟 are expressed as [53], 

𝑁𝑇𝑈 =
𝑈𝐴

𝐶𝑀𝐼𝑁
 (4-39) 

𝐶𝑟 =
𝐶𝑀𝐼𝑁

𝐶𝑀𝐴𝑋
 (4-40) 

For a water-side thermosyphon flow through the gas-cooler, the water flow rate through the gas-cooler will 

reduce as the average tank temperature increases [54]. Consequently, the “minimum capacitance rate” 

through the gas-cooler may switch from the gas-side to the water-side resulting in an effectiveness value 

that is misleading as the flow rate drops with a higher state of charge. As a result, Lin et al. [55] presented 

a set of performance indices to characterize heat exchangers undergoing natural convection or buoyancy-

driven thermosyphon flow. These include modified effectiveness (𝜀𝑚𝑜𝑑) and modified capacitance 

ratio (𝐶𝑟,𝑚𝑜𝑑). These parameters are based on the capacitance rate on the refrigerant side in all cases, as 

opposed to the minimum capacitance rate for conventional effectiveness, i.e., 

𝜀𝑚𝑜𝑑 =
�̇�𝑎𝑐𝑡𝑢𝑎𝑙

�̇�𝑓_𝑚𝑎𝑥
=

(�̇�𝑁𝐶𝐶𝑝,𝑁𝐶)(𝑇𝑙𝑜𝑎𝑑_𝑜𝑢𝑡−𝑇𝑙𝑜𝑎𝑑_𝑖𝑛)

𝐶𝐶𝑂2(𝑇2−𝑇𝑙𝑜𝑎𝑑_𝑖𝑛)
 (4-41) 

𝐶𝑟,𝑚𝑜𝑑 =
�̇�𝑁𝐶𝐶𝑃,𝑁𝐶

𝐶𝐶𝑂2
 (4-42) 

𝐶𝐶𝑂2 =
�̇�𝑎𝑐𝑡𝑢𝑎𝑙

(𝑇2−𝑇3)
 (4-43) 

This approach was used to characterize the performance of the gas-cooler in the unit tested.  

4.1.4 Internal Heat Exchanger Model 
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As previously mentioned, the internal heat exchanger was designed to transfer heat between the hot 

gas-cooler outlet stream (state 3) and the cool evaporator outlet stream (state 6). The unit consists of a 

simple tube-in-tube counter-flow arrangement and consequently a simple effectiveness heat exchanger 

model was used to describe its performance.  A fairly low fixed effectiveness value of 0.2 was assumed for 

the internal heat exchanger based on values derived from the experimental test points given in Appendix 

B. The heat transfer was then calculated using Eq. 4-44 [53], i.e.,  

𝑄𝑖ℎ𝑥 = 𝜀𝐶𝑚𝑖𝑛(𝑇ℎ,𝑖𝑛 − 𝑇𝑐,𝑖𝑛) = 𝜀𝐶𝑚𝑖𝑛(𝑇3 − 𝑇6) (4-44) 

where, 𝜀 is the effectiveness of the heat exchanger and 𝐶𝑚𝑖𝑛 is the minimum capacitance rate of the two 

streams.  Once the heat transfer rate has been determined, the outlet states can be computed through an 

energy balance [53]. 

�̇�𝑖ℎ𝑥 = �̇�𝑟(ℎ1 − ℎ6) = �̇�𝑟(ℎ3 − ℎ4) (4-45) 

To solve this sub-model of the heat pump, an iterative approach is used. The analysis begins at state 

6 with the internal heat exchanger model. The temperature or enthalpy of state 3 must be known in order to 

use the method described above. During the first iteration of the model, state 3 properties are not known, 

therefore an assumed degree of superheat2 (𝑑𝑇𝑠ℎ) of 5°C was used to find the state 1 properties in the first 

iteration. This is shown in Eq. 4-46. 

𝑇1 = 𝑇6 + 𝑑𝑇𝑠ℎ (4-46) 

Following the first iteration, Eq. 4-44 and 4-45 were used. 

4.1.5 Expansion Valve Model 

As previously stated, flow of CO2 through the expansion valve was assumed to be an isenthalpic 

process. As such, the state 5 properties were determined from Eq. 4-47. 

                                                      

2 The degree of superheat refers to the temperature difference between the actual temperature of a superheated vapour exiting the evaporator 

and its saturation temperature corresponding to the saturation pressure in the evaporator.  
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ℎ4 = ℎ5 (4-47) 

4.1.6 Iterative Process 

In EES, the sub-models were written into procedures. The model began with three assumptions: 𝑃6, 

𝑃2, and 𝑑𝑇𝑠ℎ similar to the model by Sarkar et al [30].The model then called the internal heat exchanger, 

compressor, gas-cooler, internal heat exchanger, expansion valve, and evaporator models in that order. The 

internal heat exchanger model recalculated 𝑑𝑇𝑠ℎ, the evaporator model recalculated 𝑃6 and an energy 

balance on the whole system recalculated 𝑃2. The energy balance is described as, 

�̇�𝑠𝑜𝑢𝑟𝑐𝑒 = �̇�𝑙𝑜𝑎𝑑 − �̇�𝑐𝑜𝑚𝑝 (4-48) 

Figure 4-3 shows a calculation flow chart that shows the inputs and outputs of each sub-model. A summary 

of the decision process in the EES model is outlined in Fig. 4-4.  Heat losses from the components within 

the heat pump were not calculated and therefore not accounted for in the analysis beyond the assumptions 

related to the he compressor losses.  

 

Figure 4-3: Flow chart of EES vapour compression cycle model showing transfer of parameter 

values between components and model inputs and output.  
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Figure 4-4: Flow chart of the EES Model decision making process 

4.1.7 Parametric Table 

In order to input heat pump data into the TRNSYS model, a performance map was needed to 

interpolate the performance of the heat pump. The parametric table used the results of the EES model to 

create a performance map for the heat pump. The table included performance data for six sets of load flow 

rates (0.5-4 L/min), 5 sets of load temperatures (5-60°C), and 3 sets of source temperatures (10-20°C). The 
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TRNSYS model was able to interpolate this table to find the predicted performance values for each time-

step. The parametric table is shown in Appendix E. 

4.2 TRNSYS Model of the HPWH System 

The full HPWH system including the heat pump, hot water tank, natural convection flow loop, and 

domestic hot water draws was simulated in TRNSYS in order to assess the transient performance of the 

system.  TRNSYS uses individual components for each separate piece of equipment or function.  Each 

component is called a proforma or “Type” in TRNSYS. Each type calls a set of mathematical functions 

compiled in .dll files for that component. All types contain parameters, inputs, and outputs. The parameters 

are the constants for the mathematical functions and the inputs are the variables that are used to calculate 

the outputs. The inputs and outputs of different components can be connected together to create a system 

of components. The main categories of “types” included in this program were the controls, the physical 

equipment, and the data and parameter input/output schedules.  

4.2.1 Heat Pump 

The heat pump component used was Type 927 from the Tess Library of Components [56]. This 

component models a normalized single-stage water-to-water heat pump. Type 927 relies on a look-up file 

containing the normalized performance maps of the heat pump. These files provide the normalized heating 

capacity and power draw of the heat pump at specific load and source side flow rates and inlet temperatures. 

The normalized values are the ratio of the actual heating capacities and power draws at specific operating 

conditions to the rated heating capacity and power draw of the heat pump. The rated values are input 

parameters for Type 927. Type 927 uses the parametric table data file and interpolates for the normalized 

heating capacity and power draw at a given operating condition and multiplies these values with the rated 

values to get the actual heating capacity and power draw for each time-step [56]. For Type 927, the COP 

was calculated with Eq. 1-3 and �̇�𝑠𝑜𝑢𝑟𝑐𝑒 , 𝑇𝑙𝑜𝑎𝑑_𝑜𝑢𝑡, and 𝑇𝑠𝑜𝑢𝑟𝑐𝑒_𝑜𝑢𝑡 were calculated with Eq. 4-49 to 4-51 

respectively [56]. COP performance over time was measured with both average COP and total COP from 

Eq.4-52 and 4-53.  
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�̇�𝑠𝑜𝑢𝑟𝑐𝑒 = �̇�𝑙𝑜𝑎𝑑 − �̇�𝑐𝑜𝑚𝑝 (4-49) 

𝑇𝑙𝑜𝑎𝑑_𝑜𝑢𝑡 =
�̇�𝑙𝑜𝑎𝑑

�̇�𝑙𝑜𝑎𝑑𝐶𝑝,𝑙𝑜𝑎𝑑
+ 𝑇𝑙𝑜𝑎𝑑_𝑖𝑛 (4-50) 

𝑇𝑠𝑜𝑢𝑟𝑐𝑒_𝑜𝑢𝑡 = 𝑇𝑠𝑜𝑢𝑟𝑐𝑒_𝑖𝑛 +
�̇�𝑠𝑜𝑢𝑟𝑐𝑒

�̇�𝑠𝑜𝑢𝑟𝑐𝑒𝐶𝑝,𝑙𝑜𝑎𝑑
 (4-51) 

𝐶𝑂𝑃𝑎𝑣𝑒𝑟𝑎𝑔𝑒 =
∑ 𝐶𝑂𝑃𝑁

𝑖=1

𝑛
 (4-52) 

𝐶𝑂𝑃𝑡𝑜𝑡𝑎𝑙 =
∑ 𝑄𝑙𝑜𝑎𝑑

𝑁
𝑖=1

∑ 𝑊𝑐𝑜𝑚𝑝
𝑁
𝑖=1

 (4-53) 

In equations 4-52 and 4-53 𝑁 represents the number of time-steps that the COP was calculated over. 

4.2.2 Thermal Storage Tank 

Type 60 was used to model the thermal storage tank. This type is referred to as a detailed stratified 

fluid storage tank. The tank consists of a user specified number of nodes (or volumes) within the storage 

tank. The level of stratification in this experiment was important to the study, therefore 50 nodes were used. 

Type 60 allows two inlet and two outlet ports to be set at user-defined locations. Inlet 1 and outlet 1 were 

placed at the top of the tank and inlet 2 and outlet 2 were located 0.065 metres from the bottom. As the 

height of the tank was 1.45 metres, the height of each node was 0.029 metres. A coefficient for heat loss 

from the tank was also included to account for a uniform heat loss to the surroundings.  The model assumes 

that there was full mixing within each node volume. The energy balance accounts for conduction between 

nodes, flow rate between nodes, heat loss to the environment, and the flow rates from inlets and outlets. 

The energy balance for the control volume of a single node is shown in Fig. 4-5 [57]. 
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Figure 4-5: Energy balance for a the control volume of a single node [57] 

The flow rate between control volumes is denoted by up or down terms. Only one of these terms can 

be non-zero at any given time. Figure 4-5 also shows the in and out flows for a particular node. These flows 

only occur in nodes where inlets and outlets are located. The conductivities between nodes are also 

represented, where k is the fluid conductivity and Δk is the de-stratification conductivity.  De-stratification 

conductivity accounts for conduction along tank walls. For this analysis, the de-stratification conductivity 

was neglected. Lastly, U and ΔU represent the heat loss coefficients for the tank and the pipe entrances 

respectively. For this study, the U was considered to be uniform and ΔU was negligible as the heat loss from 

the pipes was considered separately in Type 31. The heat loss coefficient used in the simulations was 4.94 

kJ/ (hr-m2-°C). This value was calculated from an experimental cool down test described in Appendix D. 

For Type 60, the basic governing equation for the ith node is [57], 

(𝑀𝑖𝑐𝑝)
𝑑𝑇𝑖

𝑑𝑡
=

(𝑘+∆𝑘)𝐴𝑐,𝑖

∆𝑥𝑖+1→𝑖
(𝑇𝑖+1 − 𝑇𝑖) +

(𝑘+∆𝑘)𝐴𝑐,𝑖

∆𝑥𝑖−1→𝑖
(𝑇𝑖−1 − 𝑇𝑖) + �̇�𝑑𝑜𝑤𝑛𝑐𝑝(𝑇𝑖−1 + 𝑇𝑖) (4-54) 

 Figure 4-6 shows a schematic of the model’s storage tank nodes, as well as the inlets, outlets, and heat loss. 
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Figure 4-6: Schematic of the Type 60 stratified storage tank 

4.2.3 Natural Convection Flow Calculator 

Custom Type 296 was written in TRNSYS to compute the natural convection flow rate through the 

charge loop. The model is based on a method derived by Cruickshank and Harrison [54]. This method 

derives the natural convection flow rate by calculating the hydrostatic pressure difference across the heat 

exchanger in the thermosyphon loop. The buoyancy forces in the loop are driven by changes in density 
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controlled by the temperature distribution in the heat exchanger loop and the storage tank.  The resulting 

net hydrostatic pressure difference across the heat exchanger loop is described below, 

∆𝑃ℎ𝑦𝑑𝑟𝑜𝑠𝑡𝑎𝑡𝑖𝑐 = 𝜌𝑇𝑡𝑎𝑛𝑘_𝑎𝑣𝑔𝑔𝐻𝑡𝑎𝑛𝑘 − 𝜌𝑇𝑙𝑜𝑎𝑑_𝑜𝑢𝑡𝑔 (𝐻𝑡𝑎𝑛𝑘 −
𝐻𝑔𝑐

2
) − 𝜌𝑇𝑔𝑐_𝑎𝑣𝑔𝑔

𝐻𝑔𝑐

2
 (4-55) 

Where 𝜌𝑇𝑡𝑎𝑛𝑘_𝑎𝑣𝑔 is the mean density of the storage tank, 𝜌𝑇𝑙𝑜𝑎𝑑_𝑜𝑢𝑡 is the density of the water leaving the 

gas-cooler, 𝜌𝑇𝑔𝑐_𝑎𝑣𝑒𝑟𝑎𝑔𝑒 is the average density within the gas-cooler, 𝐻𝑡𝑎𝑛𝑘 is the height of the tank, and 

𝐻𝑔𝑐 is the height of the gas-cooler [54]. The thermosyphon flow rate can be calculated from the hydrostatic 

pressure with Eq. 4-57, 

�̇�𝑁𝐶 = 𝑎 ∗ (∆𝑃 𝑛𝑒𝑡
 ℎ𝑦𝑑𝑟𝑜𝑠𝑡𝑎𝑖𝑐

)

𝑏

 (4-56) 

where �̇�𝑁𝐶  represents the natural convection flow and 𝑎 and b coefficients were derived from experimental 

data. Figure 4-7 shows a schematic of the natural convection heat exchanger loop.  
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Figure 4-7: Schematic of the natural convection loop 

The  𝑎 and 𝑏 coefficients were determined in a natural convection charge test where the storage tank 

was set to an initial uniform  temperature of 10°C and was charged to an average temperature of 60°C. 

From the experimentally recorded temperatures, the densities and the hydrostatic pressure was calculated. 

The resulting hydrostatic pressure was graphed against the measured flow rate. A power curve fit was then 

applied to the system in order to obtain the coefficients for Eq. 4-56.  This fit is shown in Fig. 4-8.  
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Figure 4-8: Experimental Results of hydrostatic pressure vs. natural convection flow rate 

4.2.4 Hot Water Draws 

 Draw Schedules 

In order to assess the system performance, a draw schedule established by the European 

Commission’s Standard for water heaters and hot water storage tanks (EN16147) [58] was used. This is the 

most recent standard for rating the efficiency of heat pumps water heaters. This Standard rates the efficiency 

of water heaters by specifying an hourly hot water extraction schedule based on the total energy of the water 

draw. For the 273 Litre water tank, a large load size was recommended by the standard [58], which includes 

a schedule for a total draw energy (𝑄𝑑𝑟𝑎𝑤) of 11.7 kWh of hot water over a day. The detailed schedule 

divides this into 24 individual draws that are based on regular house water usage. The flow rates and 

temperatures are included to simulate regular household draws (i.e., dishwashing, showers, baths, hand 

washing).  

Unlike old standards, this new standard rates the draw based on the total energy tapped instead of the 

volume of water and temperature, therefore the draw is subject to change based on different mains 

temperatures. The calculation for drawn energy is given by Eq. 4-57. 
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𝑄𝑑𝑟𝑎𝑤 = 𝑚𝑑𝑟𝑎𝑤𝑐𝑝(𝑇𝑑𝑟𝑎𝑤 − 𝑇𝑚𝑎𝑖𝑛𝑠) (4-57) 

Table 4-4 includes the details of a single day’s water draws for a large sized draw load based on a mains 

temperature of 10°C [58]. 

Table 4-1: European Union standard hot water draw schedule based on 10°C mains water 

  
Time 

hh:mm 

Qdraw 

(kWh) 
Type 

Tdraw 

(°C) 

Flow 

Rate 

(L/min) 

Minutes of 

Water Use 

Water 

Volume (L) 

1 7:00 0.105 Small 25 3 2.01 6.03 

2 7:05 1.4 Shower 40 6 6.70 40.18 

3 7:30 0.105 Small 25 3 2.01 6.03 

4 7:45 0.105 Small 25 3 2.01 6.03 

5 8:05 3.605 Bath 40 10 10.35 103.47 

6 8:25 0.105 Small 25 3 2.01 6.03 

7 8:30 0.105 Small 25 3 2.01 6.03 

8 8:45 0.105 Small 25 3 2.01 6.03 

9 9:00 0.105 Small 25 3 2.01 6.03 

10 9:30 0.105 Small 25 3 2.01 6.03 

11 10:30 0.105 Floor cleaning 40 3 1.00 3.01 

12 11:30 0.105 Small 25 3 2.01 6.03 

13 11:45 0.105 Small 25 3 2.01 6.03 

14 12:45 0.315 Dish Washing 55 4 1.51 6.03 

15 14:30 0.105 Small 25 3 2.01 6.03 

16 15:30 0.105 Small 25 3 2.01 6.03 

17 16:30 0.105 Small 25 3 2.01 6.03 

18 18:00 0.105 Small 25 3 2.01 6.03 

19 18:15 0.105 Household Cleaning 25 3 2.01 6.03 

20 18:30 0.105 Household Cleaning 25 3 2.01 6.03 

21 19:00 0.105 Small 25 3 2.01 6.03 

22 20:30 0.735 Dish Washing 55 4 3.52 14.06 

23 21:00 3.605 Bath 40 10 10.35 103.47 

24 21:30 0.105 Small 25 3 2.01 6.03 

     Total Volume 378.71 

     Total Qdraw 11.655 
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Due to the large number of draws, the schedule was simplified into hourly draws for application in 

TRNSYS.  These hourly draws used the sum of the energy for each individual draw within the hour. The 

draws would use two forcing functions, one for the draw flow rate (Type 14b) and the other for draw 

temperature (Type 14e). Figure 4-9 includes a chart of the hourly draw schedule. 

 

Figure 4-9: Hourly hot water draw schedule 

It is noted that the volume of water required for the draws is mixed water at the set-point temperature 

and is not the same as the volume of water drawn out of the tank. As the heated water in the water tank was 

typically higher than 60°C, a mixing valve was included (Type 11h). This mixing valve was designed to 

mix the hot water at the top of the tank with the appropriate amount of mains temperature water required 

to deliver the load at the set-point temperature. Due to the changing temperature at the top of the tank, an 

algorithm was written to compute the mixing ratio needed from the hot tank water and the cold mains water 

in each time step. Equations 4-58 and 4-59 include the effects of the mixing valve when computing the tank 

draw flow rate and the mains make-up flow rate based on the tank temperature, mains temperature, draw 

set-point temperature, and draw flow rate [57]. 

�̇�𝑑𝑟𝑎𝑤_𝑡𝑎𝑛𝑘 =
(�̇�𝑑𝑟𝑎𝑤_𝑡𝑎𝑝𝑇𝑑𝑟𝑎𝑤_𝑠𝑒𝑡𝑝𝑜𝑖𝑛𝑡)−(�̇�𝑚𝑎𝑖𝑛𝑠𝑇𝑚𝑎𝑖𝑛𝑠)

𝑇𝑡𝑎𝑛𝑘_𝑡𝑜𝑝−𝑇𝑚𝑎𝑖𝑛𝑠
 (4-58) 

�̇�𝑚𝑎𝑖𝑛𝑠 = �̇�𝑑𝑟𝑎𝑤_𝑡𝑎𝑝 − �̇�𝑑𝑟𝑎𝑤_𝑡𝑎𝑛𝑘 (4-59) 
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𝑇𝑡𝑎𝑛𝑘_𝑡𝑜𝑝 represents the temperature in the top node of the storage tank, 𝑇𝑚𝑎𝑖𝑛𝑠 represents the mains 

temperature, 𝑇𝑑𝑟𝑎𝑤_𝑠𝑒𝑡𝑝𝑜𝑖𝑛𝑡 is the temperature set in the forcing function for the draw,  �̇�𝑑𝑟𝑎𝑤_𝑡𝑎𝑝 is the 

flow rate set in the forcing function schedule for the draw, �̇�𝑑𝑟𝑎𝑤_𝑡𝑎𝑛𝑘 is the actual flow of the water drawn 

off of the tank at the top node outlet, and �̇�𝑚𝑎𝑖𝑛𝑠 is the flow of the make-up mains water mixed with the 

tank water to the set-point temperature. As water was drawn off the top of the tank, it was displaced by 

mains water entering into the bottom node of the tank at a flow rate of �̇�𝑑𝑟𝑎𝑤_𝑡𝑎𝑛𝑘.  

4.2.5 Full TRNSYS Model 

A full schematic of the TRNSYS model including component interactions is included in Fig. 4-10. 

In this Figure, solid connections represent physical connections, dashed connections represent controls, and 

dotted connections represent model outputs. 

Figure 4-11 shows a screenshot of the actual TRNSYS model including all connections. The solid 

connection lines represent the water connections, with blue, orange, and red corresponding to the 

temperatures of the water. The dashed connection lines represent controls, with light blue representing the 

control inputs and green representing the outputs. The pink dotted connection lines represent the model 

outputs that are plotted and printed from the model. 
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Figure 4-10: Flow chart of variables in the TRNSYS model between components 
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Figure 4-11: Screenshot of TRNSYS model in simulation studio
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Chapter 5 

Results 

5.1 Introduction 

In this chapter, the results from the experimental testing outlined in Chapter 3 and the modeling 

methods described in Chapter 4 are presented. Firstly, the experimental results for the sensitivity tests, the 

full tank charge tests, and the performance comparison of the two gas-coolers are shown. Next, the EES 

model results for steady-state data is validated against experimental data from the charge tests. The 

TRNSYS model charge tests are then compared against the results for the experimental charge tests. Finally, 

the TRNSYS model results with draw schedules are presented and the performance at forced and 

thermosyphon flow rates during regular user usage is compared. 

5.2 Experimental Results 

5.2.1 Load-side flow rate sensitivity tests 

A range of water-side flow rates though the brazed-plate gas-cooler were tested under controlled 

conditions to assess the sensitivity of the heat pump performance to the water flow rate. For these tests, the 

heat pump was operated under controlled conditions with all parameters kept constant except the gas-cooler 

load-side flow rate. At the beginning of the experiment, the storage tank was flushed thoroughly with mains 

water until the temperature probe readings were nearly constant at 4.3±0.4°C from top to bottom. On the 

source side of the heat pump, the inlet temperature for the evaporator was held constant at 20°C with the 

controlled temperature water supply. The source-side flow rate was also kept at 4 L/min and compressor 

operated at a constant frequency of 60 Hz (or 3600 RPM).  

In order to assess the performance of the system at steady-state conditions, the load-side flow rate 

was set to the test flow rate value with a variable speed pump and a globe valve for throttling control. The 

heat pump was then operated until the output conditions were observed to be at steady-state conditions for 
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duration of 10 minutes. This was performed consecutively for 9 flow rates tested through the range of 0.5-

5 L/min. After each data set was recorded, the water–side flow rate was adjusted to the next level and the 

heat pump was allowed to re-establish steady-state operation. Data was then recorded for the test condition 

after steady-state operation was attained. Figure 1 shows an example of steady-state conditions for a load 

flow rate of 1.2 L/min. 

 

Figure 5-1: Steady-state operating conditions for a load flow rate of 1.2 L/min 

For this flow rate, the system was observed to reach steady-state conditions when the heating 

capacity, compressor power, and the load flow rate were maintained at constant values for 10 minutes. This 

resulted in a constant COP as well. This procedure was used for the other 8 flow rates tested.  The calculated 

COPs for each of the tested flow rates are shown in Fig. 5-2. For each flow rate tested, 10 data point 

representing the 10 minutes of steady-state operation were included.   
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Figure 5-2: COP vs. load flow rate 

This figure shows a non-linear increase in the COP of the system with an increasing load-side flow 

rate. The reason for the initial improvement was the lower temperature of the gas-cooler. At low flow rates, 

the temperature differential across the gas-cooler was higher and less heat was rejected to the fluid. The 

higher temperatures also increased the discharge temperature and pressure of the heat pump causing the 

power of the compressor to increase and the COP to decrease. At higher flow rates, the heat transfer rates 

on the water side are higher and the water temperature was cooler due to a lower temperature differential. 

This allowed more heat to be rejected to the water at a lower compressor power, thus increasing the COP. 

At a flow rate beyond 2 L/min, the rise in COP with increasing flow rate became less significant, suggesting 

that the system was approaching its maximum performance.  This relationship between load-side flow rate, 

the water temperature within the gas-cooler, and the COP of the heat pump can be simplified to a 

comparison of the COP vs. the average temperature of the gas-cooler. 
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Figure 5-3: COP vs. average temperature of the gas-cooler 

 Figure 5-3 shows the COP of the heat pump vs. the average gas-cooler temperature on the water side 

for the same test conditions shown in Fig 5-2. This figure shows a reduction in COP with increasing gas-

cooler average temperature. Although high flow rates improved the performance, they also had 

disadvantages. The gas-cooler water exit temperature decreased below the acceptable level for a HPWH 

(i.e., 60°C) beyond a flow rate of 1 L/min. 

 

Figure 5-4: Heat capacities of the gas-cooler, evaporator and work of the compressor vs. load flow 
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Figure 5-4 shows a graph of the heating capacity, cooling capacity, and the power consumption of 

the compressor vs. the gas-cooler water-side flow rate. While Fig. 5-4 shows a reduction in compressor 

power with an increase in water flow rate, it also shows that both the heating and cooling capacities leveled 

off at approximately 4.5 and 3.7 kW respectively once a flow rate of 2 L/min is exceeded.  Again, this 

indicates that the heat pump had approached its maximum capacity of 4.5 kW and that operating at a higher 

flow rate would only marginally increase the performance of the system beyond this point. 

Figure 5-5 demonstrates the relationship between the effective UA value of the gas-cooler and the 

load-side flow rate for the same series of steady-state test conditions. The effective UA value represents the 

product of the overall heat transfer rate and the total heat transfer area. The UA value was calculated based 

on the log mean temperature difference in the gas-cooler with Eq. 5-1 and 5-2. 

𝐿𝑀𝑇𝐷 =
(𝑇2−𝑇𝑙𝑜𝑎𝑑,𝑜𝑢𝑡)−(𝑇3−𝑇𝑙𝑜𝑎𝑑,𝑖𝑛)

𝑙𝑛(
𝑇2−𝑇𝑙𝑜𝑎𝑑,𝑜𝑢𝑡
𝑇3−𝑇𝑙𝑜𝑎𝑑,𝑖𝑛

)
 (5-1) 

𝑈𝐴 =
�̇�𝑙𝑜𝑎𝑑

𝐿𝑀𝑇𝐷
 (5-2) 

The effective UA value increased with flow rate until it reached a maximum between 1.75 and 2 

L/min. This increase was attributed to the higher heat transfer coefficient on the water-side due to the higher 

flow rate. Past a flow rate of 2 L/min, the UA value then decreased after the maximum heating capacity of 

the unit had been achieved. It is noted that the discharge pressure began at 10 MPa for 0.5 L/min and 

decreased to 7 MPa at 5 L/min. Beyond a flow rate of 2 L/min, the system operated subcritically with a 

discharge pressure lower than the critical pressure of 7.3 MPa, indicating condensation was occurring in the 

gas-cooler. 
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Figure 5-5: Effective UA value vs. load-side flow rate of the gas-cooler 

The modified effectiveness vs. modified capacitance method described in section 4.1.3.7 was used to 

assess the performance of the gas-cooler for the steady-state test points of this sensitivity test. The results 

are shown in Fig. 5-6. As seen in this figure, the modified effectiveness rapidly increased while the water 

capacitance was the limiting value (𝐶𝑟𝑚𝑜𝑑 < 1) and reached a maximum value of 0.93 at 2 L/min. The 

𝜀𝑚𝑜𝑑vs. 𝐶𝑟𝑚𝑜𝑑 curve from 0.5 L/min to 2 L/min defines a relationship that exists for all test points for this 

gas-cooler and will be used for comparison in later results. 
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Figure 5-6: Modified effectiveness vs. modified capacity ratio 

5.2.2 Thermosyphon charge test 

The performance of the heat pump with water-side natural convection (i.e., thermosyphon) flow 

through the gas-cooler was assessed with a full change test of the 273 L hot water tank. For this test, the hot 

water tank was initially flushed to a nearly uniform of 9.8±0.3°C. The charge test was then run from an 

initial average tank temperature of approximately 10°C to an average temperature of 60°C. The average 

temperature was taken as the average of the ten probe thermocouples (TC1-TC10) and the heat pump was 

manually shut down when this average temperature limit was reached. Again, all additional system 

conditions were kept constant throughout the test including maintaining the evaporator water inlet 

temperature at 20°C and charge flow rate loop at 4 L/min. The compressor speed for this test was also kept 

at 60 Hz (3600 RPM).  

The results of this test show that the thermosyphon flow rate slowly decreased throughout the test as 

the tank charged. Figure 5-7 shows the thermosyphon flow rates achieved during the test vs. the elapsed 

time. 
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Figure 5-7: Thermosyphon flow rate vs. elapsed time of natural convection test 

The thermosyphon flow rate ranged from 0.85 L/min at the beginning of the test to 0.63 L/min at the 

end of the charging period. As the tank heated, the buoyancy forcing driving the natural convection flow 

decreased, resulting in a linear decrease in thermosyphon flow rate. The average water flow rate during the 

test was 0.73 L/min. 

 

Figure 5-8: Heat pump COP vs. thermosyphon flow rate 
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Figure 5-8 shows the COP vs. the thermosyphon flow rate during the test. Again, it is observed that, 

for a fixed water supply temperature to the gas-cooler, increasing water flow rate increased COP. This 

relationship can, once again, be simplified to a curve of COP vs. average temperature of the gas-cooler as 

shown in Fig. 5-9. 

 

Figure 5-9: Heat pump COP vs. average temperature of gas-cooler 

Test data shows that COP varied from 3.45 at the beginning of the test, to 2.4 at the end. The average 

COP was 3 at average gas-cooler temperature of 39.5°C. It is apparent that as the tank charged, the 

2

2.5

3

3.5

4

35 37 39 41 43 45 47 49 51

C
O

P

Gas-cooler average temperature (C)

Instantaneous

Average

2

2.5

3

3.5

4

35 37 39 41 43 45 47 49 51

C
O

P

Gas-cooler average temperature (C)

Instantaneous

Average



 

83 

 

thermosyphon flow rate decreased, producing higher average gas-cooler temperatures that caused COP to 

decrease. The data shown in Figures 5-8 and 5-9 are also consistent with the data measured in the previously 

described forced-flow experiments e.g., Fig. 5-2 and 5-3 respectively. This result would seem to indicate 

that the heat transfer characteristics of the gas-cooler are primarily dominated by the fluid velocity through 

the gas-cooler regardless of whether the flow was created by a mechanical pump or a pressure differential 

induced by a buoyancy-driven thermosyphon loop.  

 

Figure 5-10: Thermosyphon test stratification profile 

Figure 5-10 shows the hot tank temperature profile as measured over the duration of the storage 

charge test. This figure shows the temperature vs time history captured by the 10 thermocouples in the 

temperature probe placed in the water tank. TC1 represents the temperature at the bottom of the tank and 

TC10 represents the top. The temperature of the water immediately exiting the gas-cooler is also shown 

(Tload,out) and represents the delivery temperature of the water supplied to the top of the storage tank. This 

temperature increase from 60°C to 80°C for the duration of the test as the flow rate decreased.  

With thermosyphon flow, the tank was able to maintain stratification until fully charged. This was 

observed through steep thermoclines for each node-temperature within the tank. This supplied the gas-

cooler with cold mains water from the bottom node (TC1) and provided a lower gas-cooler temperature and 
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a higher COP. At the end of the test, TC1 increased above 10°C after 6 hours of operation. There was also 

a 5°C difference between the gas-cooler exit water temperature (Tload,out) and the temperature in the top node 

of the tank (TC10). This temperature difference was partly attributed to mixing within the top of the tank, 

however it was also a result of heat loss from the pipe delivering the heating water from the gas-cooler to 

the top of the tank. 

As expected, results show that as the temperature within the gas-cooler began to rise, the working 

fluid rejected less heat to the water than at lower temperatures. As the temperature increased, the compressor 

work also increased and resulted in a reduction in the COP. This can be observed from the results shown in 

Fig. 5-11 that shows the decrease in 𝑄𝑙𝑜𝑎𝑑, 𝑃𝑐𝑜𝑚𝑝, and COP over time. 

 

Figure 5-11: Thermosyphon test performance 
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Figure 5-12: UA value of gas-cooler vs. thermosyphon flow rate 

The effective UA value of the compressor was found to be closely related to the thermosyphon flow 

rate, as seen in Fig. 5-12. This relationship indicated that the heat transfer rate was heavily dependent on 

water flow rate. This is supported by the results shown in Fig. 5-13 which shows the characteristic curve of 

modified effectiveness vs modified capacitance ratio. These results are also consistent with data shown 

presented in Fig.5-6 for the steady-state forced flow evaluation. 

 

 

Figure 5-13: Modified Effectiveness vs. modified capacity ratio  
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5.2.3 Forced convection charge tests 

In order to compare the thermosyphon and forced convection performance, additional charge tests 

were performed with a constant forced flow rate of 1 L/min, 2 L/min, and 4 L/min. With the exception of 

the load flow rate, all other parameters were kept constant at the values used in the thermosyphon 

experiment. All tests began with the tank at a uniform temperature of 10±0.5°C and ended at an average 

tank temperature of 60°C. Additionally, both the source flow rate and evaporator inlet temperature were 

kept at 4 L/min and 20°C, respectively. 

Figures 5-14 and 5-15 show the stratification profile of the hot water tank and the heat pump 

performance during the charge at a constant gas-cooler water-side flow rate of 1 L/min.  

 

Figure 5-14: 1 L/min charge test stratification profile 
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Figure 5-15: 1 L/min charge performance  

Figure 5-14 has many similarities to the thermosyphon charge test presented in Fig. 5-10. Both tests 

maintained a high level of stratification. Since the thermosyphon test had a lower flow rate, it produced 

higher temperature water that allowed the whole tank heat to an average temperature of 60°C in a single 

pass. The 1 L/min test had an output temperature of 58°C making it just short of completing the charge in a 

single pass. Unlike the thermosyphon test, the flow rate was constant for the duration of the test.  In Fig. 5-

10, the temperature of the water delivered to the tank increased due to the decreasing thermosyphon flow 

and the higher temperature differentials across the gas-cooler. The forced convention test did not experience 

this and maintained a constant output temperature for the first pass. Figure 5-15 shows the heating capacity, 

compressor power, and COP during the charge.  All of these parameters were kept at a constant value during 

the first pass. As soon as the inlet water temperature began to increase, the heating capacity dropped and 

the compressor power rose resulting in a sharp decrease in COP. During the second pass of the charge, the 

temperature difference between the gas-cooler exit temperature (Tload,out) and the top temperature node 

(TC10) increased. This difference was attributed to higher pipe losses due to a higher exit temperature. 

The design pressure limit for components within the system was 13 MPa. At this pressure, a relief 

valve would discharge CO2 from the system to prevent the components from exceeding their design limits. 

As a precaution, the system was manually shut down during testing if the pressure exceeded 12 MPa. During 

0

1

2

3

4

5

0

1

2

3

4

0:00:00 1:12:00 2:24:00 3:36:00 4:48:00

C
O

P

H
e

at
in

g 
ca

p
ac

it
y 

o
r 

p
o

w
e

r 
(k

W
)

Elapsed Time (hh:mm:ss)

Qload Qload Average

Pcomp Pcomp Average

COP COP Average



 

88 

 

the latter part of the test, warmer water was fed to the gas-cooler as a second pass of the storage water began. 

As this temperature increased the discharge CO2 pressure nearly exceeded the 12 MPa threshold indicating 

that the system could not safely operate at higher temperatures associated with a second pass. Additionally, 

the COP dropped below 2. At this COP, the majority of the water heating was being performed by the 

compressor energy despite the sufficient heat supplied to the evaporator. Although the performance was 

poor towards the end of the test, the average COP and heating capacity was higher than measured for the 

thermosyphon test at 3.5 and 3.45 kW respectively.  

 

 

Figure 5-16: 2 L/min charge test stratification profile 
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Figure 5-17: 2 L/min charge test performance 

Figure 5-16 and 5-17 show the same series of graphs for the 2 L/min charge test.  At a flow rate of 2 

L/min, three passes were needed to reach the set-point temperature. Each pass had a lower temperature 

differential due to a lower heating capacity at the higher average gas-cooler temperature. As a result, each 

consecutive pass had a higher degree of mixing, a lower heating capacity, and a lower COP. The final 

operating pressure was 11.5 MPa. During the final pass, the COP dropped to 1.6. This indicated that nearly 

all the heating energy came from the compressor rather that the evaporator. The resulting average COP and 

heating capacity was 3.56 and 3.1 kW respectively.  

The difference between the top temperature node and the gas-cooler exit temperature was more 

significant at this flow rate. This could have been related to higher convection coefficients from the higher 

flow rate as well as higher gas-cooler inlet temperatures contributing to higher pipe losses. For the 

thermosyphon and 1 L/min test, the inlet temperatures to the gas-cooler were kept under room temperature 

(22-25°C) for the majority of the test. For the 2 L/min test, the inlet temperature to the gas-cooler rose above 

room temperature past the 2 hour mark, therefore heat loss occurred from both the pipes leading to and from 

the gas-cooler beyond this point.  
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Figures 5-18 and 5-19 show the same series of graphs for the charge with a constant flow rate of 4 

L/min.  

 

Figure 5-18: 4 L/min charge test stratification profile 

 

Figure 5-19: 4 L/min charge test performance 
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resulting average COP and heating capacity were 3.5 and 3 kW respectively. Towards the end of the test 

these numbers had dropped to 1.2 and 2.3 kW. 

The pipe losses from the gas-cooler appeared to be most significant in this test due to the large 

temperature difference between the gas-cooler exit temperature and the top node temperature. Although 

much of this difference could be attributed to mixing between the hot water and the cooler tank water, the 

gas-cooler inlet temperature was above 25°C past the 2 hour mark resulting in the potential for much higher 

pipe losses. 

As shown in Fig. 5-3 and 5-9, there is a clear correlation between the average temperature of the gas-

cooler and the COP of the heat pump. For each of the charge tests, the COP was plotted against the gas-

cooler average temperature. As shown from Fig. 5-20, the curves for all charge tests nearly collapse onto a 

single performance curve. Despite variation in operating conditions, the COP of the heat pump was then 

observed to be directly tied to the average temperature of the gas-cooler. 
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Figure 5-20: COP vs. gas-cooler average temperature for all charge tests 
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temperatures observed towards the end of the pumped tests resulted in extreme pressures that nearly exceed 

the high pressure limit of 12 MPa.  

 

Figure 5-21: Suction and discharge pressures for charge tests 
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Figure 5-22: Effective UA value of the gas-cooler for the 4 charge tests 

5.2.4 Comparison of the two gas-coolers 

It was considered relevant to this study to compare the performance of the both the currently used 

production spiral gas-cooler and the new brazed-plate gas-cooler.  Consequently, both units were tested 

under identical conditions at various water and CO2 flow rates to evaluate their performances. Figure 5-23 

shows the variation in COP and heating capacity with the average gas-cooler (water-side) temperature 
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Figure 5-23: Heating capacity, compressor power COP vs average gas-cooler temperatures for both 

designs 

At all test points, the plate gas-cooler performed at higher heating capacities and COPs than the spiral 

gas-cooler, particularly at lower gas-cooler temperatures. At higher gas-cooler temperatures, the 

performances were almost equal. The effective UA values for both gas-coolers are presented in Fig. 5-24. 

 

Figure 5-24: UA value vs load flow rate 
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This graph shows that the plate gas-cooler produced a higher UA value than the spiral gas-cooler at 

nearly all test points. At a load flow rate of 1.25 L/min, the UA values merged. At 1.5 L/min they both 

reached a peak, however the plate gas-cooler operated at a higher UA for all points beyond 1.25 L/min. As 

the spiral gas-cooler had the smaller area (0.259 m2 vs. 0.559 m2), the U value of the spiral gas-cooler was 

larger, however it was not large enough to compensate for the reduced heat transfer area. The modified 

effectiveness vs modified capacity ratio curves of both gas-coolers were compared for water flow rates 

from 0.75-2 L/min and compressor frequencies from 45-60 Hz. The results are shown in Fig 5-25.

 

Figure 5-25: Modified effectiveness vs modified capacity ratio for both gas-coolers 

These results show that the spiral gas-cooler effectiveness curve fell below that of the plate gas-

cooler, indicating that the plate gas-cooler operated at a higher effectiveness compared to the spiral gas-

cooler. 
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�̇�𝑟 =
𝑄𝑙𝑜𝑎𝑑

ℎ2−ℎ3
=

�̇�𝑙𝑜𝑎𝑑𝑐𝑝,𝑙𝑜𝑎𝑑(𝑇𝑙𝑜𝑎𝑑𝑖𝑛
−𝑇𝑙𝑜𝑎𝑑𝑜𝑢𝑡

)

ℎ2−ℎ3
 (5-3) 

∆𝑝𝑔𝑎𝑠−𝑐𝑜𝑜𝑙𝑒𝑟 = 𝑃2 − 𝑃3 (5-4) 

The relationship between load-side flow rate, compressor speed, and the CO2 mass flow rate is shown in 

Fig. 5-26. 

 

Figure 5-26: CO2 Mass flow rate vs. compressor frequency for both gas-coolers for various water-

side flow rates 
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Figure 5-27: Pressure drop vs. CO2 mass flow rate for both gas-coolers 

The pressure drop was the parameter with the most variation between the two gas-coolers. As seen 

in Fig 5-27, the pressure drop for the gas-cooler was measured to be, on average, twenty times greater for 

the spiral gas-cooler than for the plate gas-cooler (12 kPa for the plate and 250 kPa for the spiral model). 

The plate design operated at lower velocities and mass fluxes due to a series of parallel channels. With the 

spiral gas-cooler, there were four thin copper tubes wound in a helix around the water pipe. The flow area 

of the plate heat exchanger was greater than the spiral heat exchanger and the path length of the plates was 

considerably shorter than the path length of the tube in the spiral design (i.e., 0.33 m vs. ~ 24 m). This 

contributed to a great frictional head loss on the CO2 side of the spiral gas-cooler. The high mass flux design, 

as stated by Wang et al. [34], contributed to both a higher heat transfer coefficient and a higher pressure 

drop. In this case, the higher heat transfer coefficient was not enough to compensate the extra heat transfer 

area in the plate gas-cooler. 

5.3 Modeling Results 

5.3.1 EES Model 
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the load flow rate, source flow rate, load inlet temperature, and source inlet temperature. With these input 

parameters, the steady-state performance was calculated at a selected of combination of conditions covering 

the expected range of operational conditions.  

TRNSYS was used to model the complete heat pump and storage operation at a variety of specified 

“rating” conditions as described in Section 4.2.  To enable this analysis to be done in TRNSYS, the heat 

pump component model in TRNSYS required a parametric table including a combination of these four 

inputs in order to compute heat pump’s performance and power consumption. The table was created for 

load flow rates ranging from 0.5-4 L/min, load temperatures from 5-60°C, and source temperatures from 

10-20°C. To reduce the number of variables, the only source flow rate used was 4 L/min consistent with the 

experimental data. The parametric table for these inputs is shown in Appendix C.  

In order to verify the accuracy of the model against experimental data, the test points produced by 

the EES model were compared against actual measured values and are plotted in Figs. 5-28 to 5-31. 

Specifically values of heating capacity, COP, and gas-cooler exit temperatures are compared. The results 

indicate the EES model predicted the measured values to a standard error of the Y-estimate of ±0.073 kW 

for heating capacity, ±0.086 for COP, and ±1.01°C for gas-cooler exit temperature, over the experimental 

range. The data for these calculations are given in Appendix B. 
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Figure 5-28: Simulated vs. experimental heating capacity 

 

Figure 5-29: Simulated vs. experimental heating capacity 
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Figure 5-30: Simulated vs. experimental gas-cooler exit temperature 

The resulting COP’s were plotted against the gas-cooler average temperature for three difference 

source temperatures. 

 

Figure 5-31: Predicted COP vs. gas-cooler average temperature for source temperatures from 10-

20°C 

The modified effectiveness vs. modified capacity ratio was also calculated and is plotted in Fig. 5-32 

against the thermosyphon and forced flow experimental data. It is shown that the model data points follow 

the same trend as the experimental results, particularly for the thermosyphon flow rate. 
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Figure 5-32: Modified effectiveness vs. modified capacity ratio for experimental and simulation data 

5.3.2 TRNSYS Modeling 

Using the derived parametric table data, the charge tests for the thermosyphon, 1 L/min, 2 L/min, and 

4 L/min tests that were presented in Section 5.2.2 and 5.2.3 were simulated in TRNSYS using the model 

described in Section 4.2. The model was also used to evaluate overall system performance with the water 

draw profile described in Section 4.2.4. 

 Comparison to Experimental Results 

For each of the four flow rates, the TRNSYS simulation results are compared against the experimental 

results. The stratification profiles and heat pump performance for each charge test are shown in this section. 

Figure  5-33 shows both the measured and calculated temperature profiles in the system’s storage tanks 

during a charge test where the heat pump is operated at constant speed and evaporator source conditions. 
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Figure 5-33: Simulation vs. experimental stratification profile for thermosyphon flow at 60 Hz 

 

Figure 5-34: Simulated vs. experimental performance parameters for thermosyphon flow at 60 Hz 
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Figure 5-35: Simulated vs. experimental thermosyphon flow rate during the full charge test 

As seen in Fig. 5-33, the simulated stratificaiton of the tank began with the top nodes thermoclines 

closely matching those of the experimental results. However, the experimental temperature thermoclines 

remained steep throughout the test while the TRNSYS thermoclines flattened out over time. The simulated 

results performed at a lower degree of stratificaiton than the experimental results despite the existance of 

nearly identical outlet temperatures from the gas-cooler. Even with the differences in the degree of 

stratificaiton, the bottom node heated up around the same time as the experimental node.  As a result, the 

simulated and experimental thermosyphon flow rates and values of the heating capacity, compressor power, 

and COP were nearly identical for both the simulated and experimental results. 

For the forced convection (i.e., pumped, forced flow) TRNSYS simulations, the natural convection 

calculator was removed and a Type 3d single speed pump was placed in the charge loop. The results for the 

1 L/min test are shown in Fig. 5-36 and 5-37. 
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Figure 5-36: Simulated vs. experimental stratification profile for 1 L/min charge test at 60 Hz 

 

Figure 5-37: Simulated vs. experimental performance for the 1 L/min charge test at 60 Hz 
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this temperature resulted in a drop in the heating capacity and COP, the TRNSYS performance began to 

decrease in the simulation before it did in the actual experiment. 

 

Figure 5-38: Simulated vs. experimental stratification profile for the 2 L/min charge test at 60 Hz 

 

Figure 5-39: Simulated vs. experimental performance for the 2 L/min charge test at 60 Hz 
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For the 2 L/min charge test, the differences in the degree of stratification are particularly evident in 

Fig. 5-38  where the transition region between the first and second, and second and third passes of the 

storage tank volume through the gas-cooler are predicted to occur. The TRNSYS simulation consistently 

predicts less stratification in the storage tank resulting in higher predicted water supply temperatures to the 

gas-cooler than observed in the experiments. This results in a noticeably lower gas-cooler outlet 

temperatures and a larger difference between the gas-cooler outlet temperature and the top node 

temperature. Although heat loss from the pipe is a factor in this discrepancy, the TRNSYS model also did 

not account for “plume entrainment” due to the inlet steam of water entering the top node of the storage 

tanks. This effect has been studied by other authors in detailed CFD simulations [59].This effect is evident 

at higher flow rates as the jet of water entering the tank from the charge loop can result in mixing that was 

not present at lower flow rates.  This effect is very evident in the tests conducted at 4 L/min. 

 

Figure 5-40: Simulation vs. experimental stratification profile for the 4 L/min test at 60 Hz 
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Figure 5-41: Simulation vs. experimental performance for the 4 L/min test at 60 Hz 

At 4 L/min, the simulation predicted a higher degree of stratification than observed in the 

experimental results with steeper thermoclines and more defined passes predicted by the simulation. This 

comparison also showed the largest difference between the gas-cooler exit temperature and the temperature 

of the top node of the tank.  Again, this difference was the result of both heat loss from the pipe and mixing 

at the top of the storage tank.  

For both the simulated and experimental results, the averages of the performance parameters, as well 

as the total heat transferred and the total energy consumed were calculated. The results are presented in 

Table 5-1. 
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Table 5-1: Comparison of the experimental and simulated heat pump performances 

Flow Rate Parameter Experimental TRNSYS 

% Difference 

from Exp. 

Results 

Thermosyphon 

Charge time (hr) 5.74 5.79 0.9 

Average Heating Capacity 

(kW) 
2.93 2.91 -0.7 

Average Power Draw (kW) 0.98 0.98 0.1 

Average COP 3.00 2.99 -0.5 

Total Heat Transferred (kWh) 16.2 16.9 3.9 

Total Energy Consumed 

(kWh) 
5.44 5.66 3.9 

Total COP 2.98 2.98 0.0 

1 L/min 

Charge time (hr) 4.86 5.10 4.8 

Average Heating Capacity 

(kW) 
3.54 3.33 -6.4 

Average Power Draw (kW) 0.93 1.01 7.5 

Average COP 3.75 3.35 -12 

Total Heat Transferred (kWh) 17.1 17.0 -0.4 

Total Energy Consumed 

(kWh) 
4.51 5.15 13 

Total COP 3.78 3.30 -15 

2 L/min 

Charge time (hr) 5.75 5.91 2.7 

Average Heating Capacity 

(kW) 
3.01 2.91 -3.3 

Average Power Draw (kW) 0.93 0.97 3.9 

Average COP 3.56 3.29 -8.3 

Total Heat Transferred (kWh) 17.4 17.2 -0.8 

Total Energy Consumed 

(kWh) 
5.36 5.72 6.3 

Total COP 3.24 3.01 -7.5 

4 L/min 

Charge time (hr) 6.62 5.64 -17 

Average Heating Capacity 

(kW) 
3.01 3.02 0.3 

Average Power Draw (kW) 0.94 0.96 1.7 

Average COP 3.55 3.43 -3.5 

Total Heat Transferred (kWh) 19.7 17.0 -15 

Total Energy Consumed 

(kWh) 
6.22 5.42 -15 

Total COP 3.16 3.14 -0.5 
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Comparing the results in Table 5-1 for the 4 gas-cooler flow conditions evaluated, it is apparent that 

the simulated results for the thermosyphon case most closely match the experimental test results.  This test 

sequence was completed in a single pass of the storage volume while the higher flow rate tests required 

multiple passes to reach the set-point temperature. The TRNSYS Library storage tank model, Type 60, was 

used for this analysis as it is widely used and could simulate a large number of nodes in the tank.  The 

comparison of measured and simulated temperature profiles, however, reveals that a number of features 

were not accurately modeled by the Type 60 algorithm depending on the conditions imposed. For example, 

for the lower flow rate tests (thermosyphon and 1 L/min), the stratification levels were increasingly under-

predicted throughout the charge sequence by the model.  This was most noticeable at the bottom nodes 

within the tank, causing the simulation to predict higher gas-cooler inlet temperatures which resulted in 

higher energy consumption estimates. At high flow rates (2 L/min and 4 L/min) the model tended to over-

predict the level of stratification at the top of the tank as the Type 60 model does not account for increased 

mixing caused by the flow entering the tank a high velocity. The net result was that at the higher flow rates, 

the TRNSYS simulation predicted a higher degree of stratification than the experiment, resulting in an 

under-prediction of the energy consumed. 

Many of the discrepancies between modeled and measured performance can be attributed to 

differences in the charge times and deviations in predicted tank temperature profiles, resulting in more or 

less energy being used for the total charge, despite similar numbers in heating capacity and COP. In spite 

of these inconsistencies in tank temperature profile, the differences in the modeled and measured values of 

average heating capacity (kW), average power draw (kW), and average COP ranged from 0.05% to 12.1%. 

Although these deviations were occasionally significant, particularly for the 1 L/min and 4 L/min tests, the 

models overall accuracy was within the acceptable range for further simulations.  

In relation to the heat pump’s measured performance, it may be noted that although the higher flow 

rate charges often resulted higher average COP’s, these tests still required more total energy than the 

thermosyphon test to complete the charge. As well, due to the lower average temperature within the pipes 
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and the tank during the thermosyphon test, heat loss was reduced. The lowest energy consumption was for 

the 1 L/min charge test. Even with the poor performance at the end of the test, the high performance during 

the beginning of the simulation was enough to achieve a higher performance. 

For the constant flow rate experimental tests, the 1 L/min test performed the best and the 4 L/min test 

the worst. The 4 L/min test consumed the most energy at 6.22 kWh and required 3 more kWh to heat the 

tank than the thermosyphon test.  Much of the extra energy consumption was required to compensate for 

the additional heat losses form the storage and feed pipes to the gas-cooler. In all the higher flow rate cases 

the end of the tests resulted in performance with COPs less than 2 due to the high feed temperatures 

associated with the multiple passes.  

5.3.3 TRNSYS Simulation Performance with Draw Profiles 

 

As hot water heating systems rarely operate with a constant uniform temperature in the storage tank 

(as used in the experimental tests), the simulation was run for week long periods and under the draw 

conditions and load specified in EN16147  [58].  

Rather than experimentally determining the predicted energy rating according to the standard, that 

would have required a complicated real-time control and analysis facility, it was decided to use the 

previously developed TRNSYS model to predict the performance of the system when exposed to the rating 

conditions specified in EN16147. The draw profiles from the EN16147 standard were implemented to 

predict the system’s performance under typical domestic hot water use.   

The EN16147 standard is a new European rating standard that specifies a set of conditions that should 

be applied when measuring the performance of heat pump water heaters and is intended to provide 

performance numbers that can be used to compare different products and imply seasonal energy 

performance.  In particular, the daily hot water draw schedule is specified in terms of energy withdrawals 

at specified times and at minimum water temperature and flow.   To rate the performance of a system, the 

draw schedule is repeated daily until the daily energy delivery quantities repeat.  At this point, the energy 
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delivered by the system over the last day is recorded and forms the energy rating.  The technique used for 

modeling these draws is described in Section 4.24. 

For this analysis, all the cases modeled used identical daily energy draw profiles; however there were 

a number of operational variables that likely differ from the “standard” condition depending on operational 

strategy or seasonal climatic conditions. For this analysis three major parameters were used for input to a 

parametric sensitivity analysis, i.e., load flow rate, mains water temperature, and source-side temperature.  

Each of these parameters individually impacts the performance of the system. For example, the mains 

temperature changes with the season in Kingston, Ontario from approximately 4-5°C in the winter to 

approximately 20°C in the summer. A colder mains temperature reduces the temperature within the gas-

cooler, thus resulting in a better performing system.  

The source temperature supplied to the inlet of the evaporator affects the evaporation pressure and 

temperature of the CO2. At lower source temperatures the compressor must work harder to produce suction 

pressures low enough to produce adequate heat transfer in the evaporator. This decreases overall COP. For 

an air-source heat pump, this would depend on the ambient outdoor air temperature that is subject to change 

with the season and location. The EN16147 standard [58] recommended an input source temperature for a 

water-to-water heat pump of 10°C for rating the system in winter; however the experimental tests conducted 

under the current study were run at 20oC.   Consequently the effects of variations in source temperature 

from 10 to 20oC were modeled.  Finally, the third parameter studied was the load-side flow rate itself.   

To accomplish this analysis and to account for the combined effects of combinations of these 

variables, a parametric analysis that included three load flow rates (i.e., 1, 2, and 4 L/min), three mains 

temperatures (i.e., 5, 12.5, and 20°C), and three source temperature (i.e., 10, 15, and 20°C) was used.  Due 

to the large number of potential combinations, the Box-Wilson face-central composite design method was 

used for evaluating the impact of the three parameters [60]. Assuming the design parameters can be 

represented as a cube with source temperature on the x-axis, mains temperature on the y-axis, and load-

flow rate on the z-axis, this method sets the test points at the corners, the centre, and the face-centres of the 
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cube as shown in Fig. 5-42. In this method, the corners of the cube represent model “extremes” for each 

combination of parameters. As the thermosyphon flow rate was of particular focus, all combinations of the 

parameters were simulated for this flow rate. 

 

Figure 5-42: A visualization test points used by the Box-Wilson face central composite design 

 

The final variable in the design was the aquastat (Type 2) that shut the heat pump and the flow pumps 

off when the bottom tank temperature reached a set-point temperature. The set-point temperature of the 

aquastat was set differently for different charge flow rates due to differences in stratification. For the 

thermosyphon flow rate test, the bottom node temperature was 30°C when the tank was fully charged 

according to the experimental thermosyphon charge test. For the experimental 4 L/min charge test, the 

bottom node was 55°C when the tank was fully charged. Accounting for the differences in stratification, 

the temperature set-points were specified at 30°C, 40°C, 50°C, and 55°C for the thermosyphon, 1 L/min, 2 

L/min, and 4 L/min tests respectively.  

To measure the performance of the system with draws, several new performance parametrics were 

used. The total COP, total heat energy, total electrical energy, total heat loss, average draw temperatures, 



 

114 

 

average tank temperatures, total draw volume, and the equivalent volume of useful hot water were analyzed. 

The total heat energy supplied to the load, total electrical energy used, total heat loss, and total draw volumes 

were integrated during each time-step of the simulation to arrive at total daily values. Standard EN16149 

also defines useful hot water delivered as mixed water over 40°C and requires that the system produce a 

minimum volume of useful water for a large sized tank of a 130 L per day [58]. For this calculation, the 

equivalent mixed volume at 40°C was defined as, 

𝑉40,𝑖 = 𝑉𝑑𝑟𝑎𝑤,𝑖

𝑇𝑑𝑟𝑎𝑤,𝑖 − 𝑇𝑚𝑎𝑖𝑛𝑠

40°𝐶 − 𝑇𝑚𝑎𝑖𝑛𝑠
 

𝑉40,𝑡𝑜𝑡𝑎𝑙 = ∑ 𝑉40,𝑖

𝑁

𝑖=1

 

Where 𝑉40,𝑖 represents the equivalent volume at 40°C for each time-step, 𝑇𝑑𝑟𝑎𝑤,𝑖, represents the temperature 

of the draw for each time-step, and 𝑉𝑑𝑟𝑎𝑤,𝑖 represents the draw volume for each time-step. 𝑉40,𝑡𝑜𝑡𝑎𝑙 

represents the equivalent total volume of useful water over the day and is a sum of 𝑉40,𝑖 for all time-steps 

within the day (𝑁).  The results for the complete analysis are shown in Table 5-2 for the various 

combinations described above in Fig. 5-42. 
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Table 5-2: System performance with draws on the last day of a week simulation 

Flow Rate 
(L/min) 

Mains 
Temp. 

(°C) 

Source 
Temp. 

(°C) 

Heating 
Energy 
(kWh) 

Elec. 
Energy 
(kWh) 

Total 
COP 

Qdraw 
(kWh) 

Qloss 
(kWh) 

Average 
Tank 

Temp. 
(°C) 

Average 
Draw 
Temp. 

(°C) 

Max 
Draw 
Temp. 

(°C) 

Min 
Draw 
Temp. 

(°C) 

Total 
Draw 

Volume 
(L) 

Mixed 
Volume 

over 
40°C (L) 

Thermosyphon 

5 

10 15.2 5.71 2.66 11.8 3.36 44.0 62.0 66.7 56.2 184 292 

15 15.2 5.52 2.76 11.8 3.45 44.7 63.7 68.8 57.5 179 292 

20 15.4 5.34 2.87 11.8 3.55 45.4 65.6 71.2 58.8 174 292 

12.5 

10 15.2 6.15 2.47 11.8 3.41 43.9 62.4 67.4 55.5 210 337 

15 15.4 5.89 2.61 11.8 3.55 45.0 64.5 70.0 58.0 201 335 

20 16.0 6.02 2.66 11.8 4.19 49.6 68.4 74.6 61.4 184 331 

20 

10 15.6 6.76 2.31 11.8 3.84 46.6 64.4 69.8 57.3 240 395 

15 15.7 6.39 2.46 11.8 3.95 47.7 66.5 72.2 59.4 228 390 

20 15.9 6.04 2.63 11.8 4.07 48.8 68.7 74.9 61.1 216 385 

1 

5 10 15.7 6.84 2.29 11.8 3.90 47.0 57.5 62.8 47.1 204 292 

5 20 16.3 5.80 2.82 11.8 4.56 52.3 66.4 72.7 56.6 172 292 

12.5 15 16.0 6.49 2.47 11.8 4.23 49.8 61.6 67.4 55.0 215 338 

20 10 15.5 7.12 2.18 11.8 3.77 46.8 57.2 63.0 51.1 292 417 

20 20 16.2 6.11 2.65 11.8 4.41 52.2 66.3 73.1 59.0 224 388 

2 

5 15 16.8 7.76 2.16 11.8 4.98 53.1 56.6 60.6 47.1 251 346 

12.5 10 16.6 8.79 1.89 11.8 4.85 51.4 55.1 59.2 45.5 247 346 

12.5 15 16.8 7.76 2.16 11.8 4.98 53.1 56.6 60.6 47.1 251 346 

12.5 20 17.0 7.42 2.28 11.8 5.17 55.0 59.1 62.5 50.0 238 343 

20 15 16.8 8.01 2.09 11.8 4.98 53.2 56.8 60.7 48.0 304 423 

4 

5 10 17.3 9.96 1.74 11.8 5.50 54.8 57.0 60.1 44.6 207 292 

5 20 17.2 7.53 2.28 11.8 5.38 56.1 58.5 62.6 47.7 201 292 

12.5 15 17.3 8.52 2.03 11.8 5.50 55.7 58.0 61.3 47.0 241 344 

20 10 17.4 9.98 1.74 11.8 5.53 54.9 56.9 60.1 45.3 296 420 

20 20 17.2 7.67 2.24 11.8 5.40 56.0 58.8 62.6 48.1 281 413 



 

 

116 

 

Table 5-2 shows a wide variety of data important for rating water heating systems. For all test cases, 

the total calculated Qdraw was 11.8 kWh for each case which is consistent with Table 3-1 and the total draw 

energy of 11.7 kWh. In order to compare the important data from this chart, Figures 5-43 to 5-50 show the 

resulting total COPs, total energy, and draw temperatures for the different flow rate cases. 

Figure 5-43 compares the total COPs for each of the “extreme” cases on the Box-Wilson cube. These 

four extremes represent (1) the best-case performance scenario (Tmains = 5°C and Tsource=20°C), (2) the winter 

case scenario (Tmains = 5°C and Tsource=10°C), (3) the summer case scenario (Tmains = 20°C and Tsource=20°C), 

and (4) the worst-case scenario (Tmains = 20°C and Tsource=10°C). 

 

Figure 5-43: COP vs load-side flow rate for the 4 extreme case scenarios (corner points)  

The highest total COP of 2.87 occurred during the thermosyphon test for the best case scenario. The 

lowest COP (1.74) occurred during the 4 L/min test with the worst-case scenario. For the winter cases, low 

flow rates appeared to have a large benefit over the higher flow rate with a 45% increase in COP for the 

thermosyphon test COP over 4 L/min test COP. In summer, the COP was less sensitive to the load side 

flow rate, with only a 15% increase for the thermosyphon COP over the 4 L/min COP. For the winter cases, 

the colder mains water increased the performance benefits caused by an increase in the level of 
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stratification. For the summer cases, the warmer mains water reduced these benefits, causing the smaller 

increase in COP.  

In order to visualize the stratification during these tests, Fig. 5-44 to 5-47 show the temperature 

profile of the tank on the seventh day for the four flow rates. For each of these tests, face centre points were 

chosen with a mains temperature of 12.5°C and a source temperature was 15°C. 

 

Figure 5-44: Temperature profile for the draw test with thermosyphon flow 

 

Figure 5-45: Temperature profile for the draw test with 1 L/min flow 
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Figure 5-46: Temperature profile for the draw test with 2 L/min flow 

 

Figure 5-47: Temperature profile for the draw test with 4 L/min flow 

The data shown was derived from the last day of a 7 day modeled test cycle that repeated the specified 

conditions.  Plots are shown for the period starting at 12 AM and finishing on 11:59 PM representing the 

full day’s performance. For each test, the water draws were evident by a decrease in the node temperatures 

within the tank, particularly at the bottom node (TC1) where the mains water entered. The particularly 

pronounced draws at 7:05, 8:05, and 21:00 are intended to represent shower and bath draws, which were 
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the largest draws in the schedule. During these draws, a large amount of hot water is drawn off the top of 

the tank and is replaced by cooler mains water in the bottom node. The result is a drop in the temperature 

of the bottom node of the tank during these draws as the bottom node temperature drops below the set-point 

temperature the aquastat. The simulation results also indicate that, for each increased flow rate, there was 

an obvious decrease in stratification. 

 

Figure 5-48: Draw and tank temperatures vs. flow rate for face-centred points 

Fig. 5-48 illustrates the effects of tank stratification and its effect on the draw and average tank 

temperatures. The simulation with thermosyphon flow had at the lowest tank temperature due to 

stratification; however it also had the highest draw temperatures compared to the conditions with hotter 

tanks at higher flow rates.  The stratification also allowed bottom node to stay cool. When a draw was 

performed, the hot water removed from the top node was replaced with cold mains water delivered to 

bottom node. Due to the decrease in temperature of the bottom node below the aquastat set-point 

temperature, the heat pump was turned on and ran until it reached the set-point temperature once again.  For 

a stratified tank, this water did not mix with the heated water in the tank, resulting in a lower inlet 

temperature to the gas-cooler and higher performance. Due to the lower average tank temperature, the heat 
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losses were also less significant. Figure 5-49 compares the energy totals for the seventh day for each flow 

rate case at a mains temperature of 12.5°C and a source temperature of 15°C. 

 

Figure 5-49: Energy totals for heat transfer, compressor power, draw energy, and heat loss 

Figure 5-49 shows that the higher flow rate conditions required more heat to meet the load due to 

more significant heat losses. This resulted in greater electrical energy consumption, and lower COP values. 

When comparing the thermosyphon and 4 L/min tests directly, the thermosyphon configuration 

required11% less thermal energy input to the storage while delivering the same daily energy draw. It also 

showed a 31% reduction in electrical energy consumption, and a 35% reduction in heat loss.  

These results indicate that the thermosyphon flow resulted in an increased level of performance for 

the total COP, total energy, and for the average temperature of the water delivered to the user. Compared 

to the results in Section 5.3.2, this suggests that the thermosyphon flow rate benefits systems more under 

typical demand scenarios than was evident in the static (i.e., continuous heating from a preconditioned 

uniform temperature cold tank without load draws)  charge tests. As discussed in Section 5.3.2, the 

TRNSYS model under-estimated the level of stratification for low flow rates and over-estimated the level 

of stratification for high flow rates. This suggests that the TRNSYS model’s results in this section may also 
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be under-predicting the performance benefits due to stratification. With further improvements to the 

stratified storage model, the benefits of due to stratified storage may be higher.  
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Chapter 6 

Discussion of Results 

6.1 Discussion of the Experimental Results 

The experimental and simulation results were presented in Chapter 5. In this chapter, the results of 

each individual investigation are further discussed in the context of the work of other researchers. This 

includes comparisons of the experimental and simulation results, the limitations of both the experimental 

and modeling results, and comparisons to conclusions and performances in the literature.  

6.1.1 Sensitivity to load-side flow rate 

A number of observations arose from the results of the current study.  For example, the forced flow 

rate tests indicated that an increase in the water load-side flow rate increased the COP of the heat pump 

non-linearly due to lower gas-cooler average temperature and a lower CO2 gas-cooler exit temperature. 

This is the same trend that was observed by Laipradit et al. [25], Yang et al. [26], Lin et al. [28], Yu et al. 

[35], and Stene [37].   It was also shown that the heating capacity and COP of the heat pump leveled off at 

flow rates higher than 2 L/min, where the heat pump reached its rated heating capacity of 4.5 kW and a 

COP of 6.1. For  gas-cooler water-side flow rates higher than 1 L/min, the exit temperature of the gas-

cooler was lower 60°C indicating that it could not be heated to the set-point temperature in a single pass 

through the gas-cooler. This situation had a detrimental effect on the overall performance of the heat pump 

at higher flow rates. 

In Fig. 5-4, the effective plate gas-cooler UA values were observed to rapidly increase from 0.5-1.75 

L/min and then decrease from 2-5 L/min showing a maximum UA value at 1.75 L/min of 0.6 kW/°C. At 

low flow rates, the water was the dominant thermal resistance, therefore an increases in the water flow rate 

resulted in an overall increase of the UA value. At 2 L/min, the discharge pressure was just above the critical 

pressure of 7.31 MPa, resulting in a heat transfer boost due to the increased effective specific heat of CO2 
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at the pseudocritical temperature. Past this flow rate, the discharge pressure dropped below the critical point, 

resulting in condensation occurring in the gas-cooler.  In effect, the gas-cooler switched partly to a 

condenser with sections of the gas-cooler experiencing constant temperature condensation on the CO2 side 

that would give the appearance of   a very high average UA value. As water-side flow rate increased the 

mass flow rate of CO2 would most likely become the limiting factor once again causing the effective UA 

to drop.   It is worth noting that the modified effectiveness of the gas-cooler also reached its peak value of 

0.93 at a water-side flow rate of 1.5 L/min, suggesting that the design of the gas-cooler would not benefit 

from a higher flow rate without a corresponding increase in CO2 flow rate. 

6.1.2 Charge Tests 

In this study both forced (i.e., pumped) flow and buoyancy driven thermosyphon flow through the 

water-side of the gas-cooler were compared.  

 Thermosyphon flow rate 

A full tank charge was performed under thermosyphon conditions where the flow rate ranged from 

0.85 L/min at the beginning to 0.63 L/min at the end of the test. The average flow rate was 0.73 L/min. The 

flow rate through the thermosyphon loop was highly dependent on the state of charge of the tank consistent 

with previous studies [20 and 36]. It is worth noting that the flow was obtained under thermosyphon 

conditions depended on the water-side friction losses through the thermosyphon loop including the gas-

cooler. As such, it should be possible to specify the pressure drop characteristic of the gas-cooler in order 

to achieve the desired pressure drop and flow rate characteristics. Based on the forced flow rate tests this 

would appear to be a water-side flow between 0.8-1 L/min. This would seem to put the plate gas-cooler at 

an advantage over the spiral gas-cooler as it offers more flexibility in heat transfer area and pressure drop 

through the potential of varying not only plate size but number of parallel flow paths (i.e., number of plates).   

To conduct the experimental analysis, it was necessary to continuously monitor the water-side flow 

rate to allow an energy balance to be completed on the gas-cooler.  Although a magnetic flowmeter with 
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relatively low pressure drop was used for this measurement, it was not without impact. Therefore it is 

anticipated that the actual performance of the thermosyphon configuration would be higher than measured 

without the flow meter in place as the thermosyphon flow through the plate gas-cooler would have been 

closer to the desired value of 0.8 to 1 L/min. Consequently is highly likely that these more optimal flow 

rates could be achieved and the performance would be consistent with the forced flow tests (e.g. at 1 L/min) 

but with reduced pumping power and overall heating COP’s greater than 3for the same operating 

conditions.   

 Storage Tank Stratification 

The water flow rate though the gas-cooler affected the level of stratification in the storage tank which 

impacted the operation of the heat pump though the charge sequence.  It was observed that natural 

convection produced the highest degree of stratification of all the charge tests, although a high degree of 

stratification was also achieved at the 1 L/min test.  At 2 L/min, the water in the storage was seen to 

gradually mix throughout the charge period. Mixing of the tank resulted warmer water temperatures being 

fed to the unit’s gas-cooler, lowering overall performance.  This is most evident for the 4 L/min test that 

was observed to fully mix after two passes of the gas-cooler.  

From these tests, it can be concluded that a high degree of stratification within the tank maintained a 

lower supply temperature to the gas-cooler throughout the test and allowed the system to produce higher 

temperature water in fewer passes. Charge tests with multiple passes were observed to perform poorly at 

the set-point temperature of 60°C due to high gas-cooler temperatures, high discharge pressures, low 

heating capacities, and high compressor power. All three of the forced convection cases were observed to 

approach the high pressure limit of 12 MPa during their final passes. 
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Figure 6-1: Total Energies for the charge tests 

Figure 6-1 shows the total heat and electrical energy used for each charge test. The thermosyphon 

flow rate used the least amount of heat to reach the set-point temperature, indicating that it had the lowest 

heat losses. This was attributed to a lower average tank temperature throughout the test. Additionally, the 

lower pipe leading to the inlet of the gas-cooler did not lose heat to the surroundings during the 

thermosyphon test as the inlet temperature (10°C) was lower than that of the room (25°C). The high 

temperatures in this pipe with a mixed tank contributed to the additional heat loss at the higher flow rates.  

Fernandez et al. [10] performed a charge test on a 2-4 kW system from a mains temperature of 15°C 

to 57.2°C and published a total COP of 3.2±0.18 at an air source temperature of 20°C. The charge test 

showed a stratified tank, however forced flow was used with a higher capacity heat pump.  

The highest total experimental COP was observed for the 1 L/min test at 3.78.  This flow rate is 

closer to the optimum flow rate for this heat pump and, as previously discussed, higher than that of the 

thermosyphon test with the flow meter installed. The 2 and 4 L/min tests both performed at a lower COP 

than the 1 L/min test, suggesting that de-stratification combined with lower temperature increases through 

the gas-cooler resulted in multiple passes being required to achieve the desired set-point temperature. The 

0

5

10

15

20

25

Thermosyphon 1 L/min 2 L/min 4 L/min

En
e

rg
y 

(k
W

h
)

Heat

Electricity



 

 

126 

 

net effect was a reduction in overall heat pump performance at water-side flow rates greater than 1 L/min 

through the gas-cooler.  

6.1.3 Comparison of gas-coolers 

As a component of this study, it was considered valuable to compare the performance of the plate 

gas-cooler with the existing commercially used spiral gas-cooler; allowing a baseline performance to be 

obtained.  The test results showed that the brazed-plate gas-cooler tested (SWEP Model B9 with 36 plates) 

performed equal to or better than the factory spiral gas-cooler for all test conditions. The results also showed 

an increased heating capacity and COP with the plate gas-cooler, particularly at lower gas-cooler 

temperatures. The plate gas-cooler also achieved a higher modified effectiveness for the plate gas-cooler. 

The plate gas-cooler had a calculated “effective” UA value that ranged from 0.4-1.6 kW/°C as compared to 

the spiral gas-cooler that ranged from 0.3-1.2 kW/°C. The most significant difference between the two gas-

cooler configurations evaluated was the much higher pressure drop observed for the spiral gas-cooler when 

compared to the plate gas-cooler (e.g., an average of 250 kPa for the spiral vs. 12 kPa for the plate).  

By  comparison, the microchannel gas-cooler investigated by Fronk and Garimella had a capacity 

from 2-4 kW and  a calculated UA value  ranging from 0.05-0.13 kW/°C for a pressure drop of 40-100 kPa 

[32]. The number of plates in their design ranged from 5-12 and the plates were connected in series. The 

plate gas-cooler investigated in the current study had a higher “effective” UA value and a lower pressure 

drop due to its configuration consisting of 36 places in parallel. The higher gas-cooler area and the use of 

parallel channels contributed to the increased UA value and decreased pressure drop.  
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6.2 Discussion of the Modeling Results 

6.2.1 Stratification in the TRNSYS model 

One of the major discrepancies between the TRNSYS model and the experimental result was the 

stratification profiles predicted by the Type 60 storage tank component model. This component model 

utilized a simple control volume algorithm with 50 nodes to model the tank. The model was based on 

summing mass and energy flows across the boundaries of adjacent control volumes at each time-step of the 

simulation. Water entering from a hotter tank node would be mixed with adjacent colder node (in the flow 

direction) and a new node temperature was calculated for the starting temperature of the next time-step.  In 

this way the routine is able to numerically approximate the effects of stratification and mixing in the tank. 

This model, in an effort to reduce computational overhead, does not account for all the hydrodynamic 

features of the fluid flow in the tank including fluid entrainment, buoyancy, diffusion, or momentum effects.  

This limitation in the TRNSYS Type 60 model most likely contributed to the discrepancies in the predicted 

temperature profiles relative to the measured values. The discrepancies manifested themselves differently 

depending on the flow condition. For example, higher flows scenarios resulted in an under prediction of 

mixing at the top of the storage tank due to “plume entrainment” as described by Lightstone et al., [59]. 

This result would explain the minimal temperature difference between the gas-cooler exit temperature and 

the tank top-node temperature predicted by the simulation whereas the experimental results indicated up to 

a 5 degree temperature difference.  

At lower flow rates the Type 60 model over predicted mixing between adjacent layers, most likely 

because buoyancy effects were not considered. This resulted in the simulation predicting higher 

temperatures at the bottom of the storage tank, thus overestimating the temperature of the water supplied to 

the gas-cooler for the low flow rate cases.  The net result of these limitations was that the potential benefits 

of low flow operation, which resulted in higher levels of stratification, were not fully shown in the model 

results. The discrepancies between the TRNSYS predictions and the experimental results were presented 
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Section 5.3.2 and the predictions generally showed better correspondence for the lower flow rates than the 

higher flow rates.    

6.2.2 Performance with draws 

Although the performance of the heat pump was determined for various gas-cooler water flow rates 

during static charge tests, these numbers may not accurately depict the performance of the heat pump during 

normal operation. For example, water heaters rarely heat a full tank of water with a full charge, rather they 

typically operate after a partial hot water draw has been performed and the tank aquastat calls for heating.  

Consequently, the TRNSYS model was used to study the interaction of the heat pump and storage to a load 

profile that varied throughout the day.    

The results of the draw tests (presented in section 5.3.3) showed that the stratification observed at 

low flow rates was maintained throughout the day even under a variable load profile. This allowed the 

thermosyphon system to maintain a lower average tank temperature and feed temperature to the gas-cooler, 

while still meeting the required draw energy and temperatures.  By comparison, the high flow rates 

increased mixing in the tank that produced higher inlet temperatures to the gas-cooler (40-60°C). This had 

the effect of lowering overall heat pump performance relative to the low-flow cases. The average hot water 

delivery temperature for the thermosyphon test was also much higher than the high flow cases, as seen in 

Fig. 5-49. This result meant that water at, or above, the set-point temperature was available at the top of the 

stratified storage tank and therefore additional auxiliary heating was often not required.  

The lower average tank temperature and the low supply temperature to the gas-cooler associated with 

high stratification levels also minimized heat loss from the tank and connecting pipes. The heat loss for the 

thermosyphon test was 35% lower than the 4 L/min tests. Additionally, the thermal  and electrical energy 

consumption were 11% and 31% lower, respectively, resulting in a COP increase of 29%. 
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Additionally, an increase in the mains temperature or a decrease in source temperature both 

corresponded to a decrease in system COP.  
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Chapter 7 

Conclusion and Recommendations 

7.1 Conclusions 

The performance of a 4.5 kW Eco-cute CO2 HPWH was experimentally tested and modeled to assess 

the performance of the system with thermosyphon flow and a brazed-plate gas-cooler. An experimental 

unit was installed, instrumented, and tested. The factory spiral gas-cooler was removed and replaced with 

a brazed-plate gas-cooler for testing with thermosyphon (buoyancy driven) water-side flow. Measurements 

were also taken with forced (e.g., pumped) flow for comparison against the thermosyphon case. A series of 

experimental tests were performed to evaluate the relative performance of the system at different flow rates. 

Testing was conducted under steady-state conditions and under “static” charge tests (i.e., charging of a 

preconditioned cold tank to a desired set-point). The brazed-plate gas-cooler was also tested and its 

performance compared against the factory spiral gas-cooler performance.  

A semi-empirical EES model was developed to describe the steady-state performance of the CO2 

vapour compression heat pump cycle and its accuracy was verified against the experimental measurements. 

This model allowed the heat pump’s performance to be predicted under a series of input conditions. To 

allow a more comprehensive system model to be implemented, the EES model was used to generate a heat 

pump “performance map” in the form of a parametric table. This was used in a TRNSYS Type 927 heat 

pump component model and was combined with other component routines to model the system’s storage 

tank, connection pipes, and user-defined draw profiles. Type 927 interpolated the EES model’s predicted 

performance from the parametric table and allowed the complete system performance to be predicted a 

range of operational conditions.  The result of experimental static charge tests were subsequently modeled 

in the TRNSYS routine for comparison and model validation. Finally, the TRNSYS model was used to 

simulate the performance of the system with draws over a 7 day period to estimate the effects of variable 
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draw profiles, storage stratification and gas-cooler flow-rate on energy delivery, consumption and system 

COP.  In summary, it was concluded that: 

1. There was a clear relation between the average temperature of the gas-cooler and the COP of 

the heat pump. This relationship was the same for all load-side flow rates and inlet temperatures 

tested in this study as the COP vs. gas-cooler average temperature curves for all charge tests 

effectively collapsed onto a single characteristic curve. 

2. The maximum capacity of the heat pump was reached at a gas-cooler water-side flow rate of 2 

L/min; therefore there was no additional benefit to operating at a higher water flow rate. 

3. Lower flow rates resulted in a higher level of stratification within the tank. Thermosyphon flow 

achieved a higher level of stratification than the forced flow cases as the effects of plume 

entrainment were reduced at lower flow rates. 

4. Thermosyphon flow rate decreased with increasing storage state of charge and the heat pump’s 

heating capacity and COP decreased with increasing thermosyphon flow rate. 

5. A higher degree of stratification contributed to a lower inlet temperature of the gas-cooler that 

resulted in higher COPs and heating capacities. 

6. Out of the 4 flow rates tested, only operation at the thermosyphon flow rate was able to 

complete a full static charge in a single pass. The higher flow rates resulted in multiple passes 

which operated at COPs less than 2 and at high pressures (>11.5 MPa). 

7. The plate gas-cooler performed with a higher effective UA value, modified effectiveness, COP, 

and heating capacity than the factory spiral gas-cooler when tested under identical conditions. 

The pressure drop for the spiral gas-cooler was also, on average, 20 times higher compared to 

the plate gas-cooler. 

8. The stratified storage tank model (Type 60 in TRNSYS) simulated a lower degree of 

stratification at low flow rates. This is most likely due to simplifications in the Type 60 

TRNSYS model that neglected various thermo-fluid effects in an effort to reduce 
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computational complexity and computing time. For example, buoyancy forces are not modeled 

in Type 60. 

9. The TRNSYS model did not simulate mixing at the top of the tank that occurred at higher flow 

rates (due to plume entrainment) but rather assumed that the heated delivery water displaced 

the cooler water in the tank rather than mixing it.  The experimental results showed that mixing 

does occur in the top nodes of the storage tank and that this resulted in a lower degree of 

stratification than was predicted in the simulations.  

10. The TRNSYS simulations conducted to investigate the effects of hot water draws on 

performance indicated that the operation with thermosyphon flow maintained a  higher degree 

of stratification over the course of the day than was attained for the forced  flow cases. The 

resultant high level of stratification in the storage tank resulted in an 11% reduction in energy 

load, a 30% reduction in electrical energy, a 35% reduction in heat loss, and a 29% 

improvement in overall COP compared to the mixed tank at 4 L/min. 

11. The thermosyphon draw test had the lowest average tank temperature, yet delivered the highest 

draw temperatures out of all the tests. 

Through this study, the implementation of a thermosyphon flow through a brazed-plate gas-cooler 

was found to contribute to a better performing system than the conventional high-flow configurations.  This 

is particularly evident for heat pumps operating on a transcritical CO2 cycle. With the popularity of CO2 

HPWHs increasing, these design changes should be considered in future system installations for residential 

hot water heating. 

7.2 Recommendations 

There were several limitations in the experimental testing and modeling methods that were identified 

in this study. Some of the limitations and recommended improvements include: 
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1. The stratified tank model under-predicted the degree of stratification in the hot water tank at 

low flow rates. An improved model for a stratified tank that accounts for density changes 

would improve the overall TRNSYS model; however computational effort may be increased. 

The degree of stratification proved to have a significant effect on the energy performance of 

the heat pump. The TRNSYS model’s inability to adequately model the stratification profiles 

shown during the experimental testing was a significant limitation to properly identifying the 

potential energy gains achieved by highly stratified thermal storages. 

2. The stratified tank model also over-predicted the degree of stratification at higher flow rates 

as it did not account for mixing in the tank’s top nodes due to plume entrainment at higher 

inlet velocities. This predicted a higher degree of stratification for the 2 L/min and 4 L/min 

tests and over-predicted the performance of the TRNSYS simulations in comparison to the 

experimental results. 

3. This study was performed assuming constant inlet source temperatures to the evaporator; 

however a constant source temperature is an unrealistic assumption.  The performance of the 

heat pump with an air-sourced evaporator could be used to simulate annual and seasonal 

performances for the system using outdoor dry-bulb temperature from weather data for 

ambient source temperatures. 

4. Further improvements to the EES model could be made with more detailed manufacturer data. 

The compressor model could also have been improved by accounting for a wider range of 

parameters that affect its performance. Also, pressure drops could have been accounted for in 

the gas-cooler and evaporator. 

5. The pressure drop could have been reduced in the thermosyphon loop with more direct 

plumbing connections, a flow meter with a lower pressure drop, larger piping, or a gas-cooler 
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with a higher number of plates. Improvements to this loop would increase the thermosyphon 

flow rate and thus the COP and heating capacity. 

These recommendations could be included in future work to improve the accuracy of the modeling 

techniques and to assess seasonal performance factors of the system. With a seasonal performance, an 

economic analysis of the long term cost of the system could be performed and the potential cost savings 

could dictate the feasibility of implementing this system in residential houses in Canada. 

  



 

 

135 

 

References 
 

[1]  "Buildings," 26 06 2014. [Online]. Available: 

http://www.nrcan.gc.ca/energy/efficiency/buildings/4261. 

[2]  "Water heaters," 28 05 2014. [Online]. Available: 

http://www.nrcan.gc.ca/energy/products/categories/water-heaters/13735. 

[3]  I. Malenkovic, "Definition of Performance Figures for Solar and Heat Pump Systems," Austrian 

Institiute of Technology, Vienna, 2012. 

[4]  A. Pearson, "Carbon dioxide - new uses for an old refrigerant," International Journal of 

Refrigeration, vol. 28, pp. 1140-1148, 2005.  

[5]  "Refrigerant Ozone-depletion Potential (Odp), Global Warming Potential (Gwp)," Environment 

Canada, 18 07 2013. [Online]. Available: 

http://www.ec.gc.ca/Air/default.asp?lang=En&n=4CA440F8-1. [Accessed 22 04 2014]. 

[6]  P. Neksa, H. Rekstad, G. R. Zakeri and P. A. Schiefloe, "CO2 heat pump water heater: 

characteristics, system design and experimental results," International Journal of Refrigeration, vol. 

21, no. 3, pp. 172-179, 1998.  

[7]  G. Lorentzen, "Trans-critical vapour compression cycle device". Norway Patent WO/07683, 1990. 

[8]  G. Lorentzen and J. Petterson, "A new, efficient and environmentally benign system for car air-

conditioning," International Journal of Refrigeration, vol. 1993, pp. 4-12, 1993.  

[9]  S. Taira, "The Development of Heat Pump Water Heaters Using CO2 Refrigerant," Daikin 

Industries Ltd., Osaka, 2008. 

[10]  N. Fernandez, Y. Hwang and R. Radermacher, "Comparison of CO2 heat pum water heater 

performance with baseline cycle and two high COP cycles," International Journal of Refrigeration, 

vol. 33, pp. 635-664, 2010.  

[11]  "Thermophysical Properties of Fluids," U.S. Secretary of Commerce, 2008. [Online]. Available: 

http://webbook.nist.gov/chemistry/fluid. [Accessed 24 06 2014]. 

[12]  B. Levesque, M. Lavoie and J. Joly, "Residential water heater temperature: 49 or 60 degrees 

Celcius?," The Canaidan Journal of Infectious Diseases, vol. 15, no. 1, pp. 11-12, 2004.  

[13]  M. Kim, J. Pettersen and C. Bullard, "Fundamental process and system design issues in CO2 vapour 

compression systems," Progress in Energy and Combustion Science, vol. 30, 2004.  



 

 

136 

 

[14]  S. Liao and T. Zhao, "Measurements of Heat Transfer Coefficients from Suprecritical Carbon 

Dioxide Flowing in Horizontal Mini/Micro Channels," Journal of Heat Transfer, vol. 124, pp. 413-

420, 2002.  

[15]  "EES Engineering Equation Solver Manual," F-Chart Software, Middleton, WI, 1998. 

[16]  T. Hua, Y. Zhao, L. MinXia and M. YiTai, "Research and application of CO2 refrigeration and heat 

pump cycle," Science in China Series E: Technological Sciences, vol. 52, pp. 1563-1575, 2009.  

[17]  B. T. Austin and K. Sumathy, "Transcritical carbon dioxide heat pump systems: A review," 

Renewable and Sustainable Energy Reviews, no. 15, pp. 4013-4029, 2011.  

[18]  J. Staub, B. Rasmusen and M. Robinson, "CO2 as refrigerant: the transcritical cycle," ACHR News, 

26 01 2004.  

[19]  F. Alvarado and S. Klein, Engineering Equation Solver, Middleton, WI: University of Wisconsin, 

1997.  

[20]  A. Bridgeman and S. Harrison, "Preliminary Experimental Evaluations of Indirect Solar Assisted 

Heat Pump Systems," in 3rd Canadian solar building conference, Fredericton, New Brusnwick, 

Canada, 2008.  

[21]  TRNSYS - A Transient Simulation Program, Madison Wisconsin: Solar Energy Labratory, 

Unviersity of Wisconsin, 1997.  

[22]  "Natural Refrigerants," BeyondHFCs, 2011. [Online]. Available: 

http://www.beyondhfcs.org/pages/natural-refrigerants.php. [Accessed 25 08 2012]. 

[23]  S. White, M. Yarrall, D. Cleland and R. Hedley, "Modeling the performance of a transcritical CO2 

heat pump for high temperature heating," International Journal of Refrigeration, no. 25, pp. 479-

486, 2002.  

[24]  S. G. Kim, Y. J. Kim, G. Lee and M. S. Kim, "The Performance of a trancritical CO2 cycle with an 

internal heat exchanger for hot water heating," International Journal of Refrigeraiton, vol. 28, pp. 

1064-1072, 2005.  

[25]  P. Laipradit, J. Tiansuwan, T. Kiatsiriroat and L. Aye, "Theoretical performance analysis of heat 

pump water heaters using carbon dioxide as refrigerant," International Journal of Energy Research, 

vol. 32, pp. 356-366, 2008.  

[26]  J. L. Yang, Y. T. Ma, M. X. Li and J. Hua, "Modeling and simulating the transcritical CO2 heat 

pump system," Energy, vol. 35, pp. 4812-4818, 2010.  



 

 

137 

 

[27]  H. Cho, C. Ryu, Y. Kim and H. Y. Kim, "Effects of refrigerant charge amount on the performance 

of a transcritical CO2 heat pump," Interntational Journal of Refrigeration, vol. 28, pp. 1266-1273, 

2005.  

[28]  K.-H. Lin, C.-S. Kuo, W.-D. Hsieh and C.-C. Wang, "Modeling and simulation of the transcritical 

CO2 heat pump system," International Journal of Refrigeration, vol. 36, pp. 2048-2064, 2013.  

[29]  P.-C. Qi and Y.-L. W. X.-L. M. X.-Z. He, "Experimental investigation of the optimal heat rejection 

pressure for a transccritical CO2 heat pump water heater," Applied Thermal Engineering, no. 56, 

pp. 120-125, 2013.  

[30]  J. Sarkar, S. Bhattacharyya and M. R. Gopal, "Simulation of a transcritical CO2 heat pump cycle for 

simultaneous cooling and heating applications," International Journal of Refrigeration, vol. 29, pp. 

735-743, 2006.  

[31]  X. X. Xu, G. Chen, L. Tang and Z. Zhu, "Developmet and validation of helical-coil-in-fluted-tube 

gas-cooler for CO2 heat pump water heaters," International Journal of Energy Research, vol. 35, 

pp. 1266-1273, 2010.  

[32]  B. M. Fronk and S. Garimella, "Water-coupled carbon dioxide microchannel gas-cooler for heat 

pump water heaters: Part I - Experiments," International Journal of Refrigeration, vol. 34, pp. 7-16, 

2011.  

[33]  B. M. Fronk and S. Garimella, "Water-coupled carbon dioxide Microchannel gas-cooler for heat 

pump water heaters: Part II - Model development and valication," International Journal of 

Refrigeration, vol. 34, pp. 17-28, 2011.  

[34]  S. Wang, Y. He, H. Tuo, F. Cao and Z. Xing, "Effect of heat transfer area and refrigerant mass flux 

in a gas-cooler on heating performance of air-source transcritical CO2 heat pump water heater 

system," Energy and Buildings, vol. 67, pp. 1-10, 2013.  

[35]  P.-Y. Yu, W.-K. Lin and C.-C. Wang, "Performance Evaluation of a tube-in-tube CO2 tas cooler 

used in a heat pump water heater," Experimental Thermal and Fluid Science, vol. 54, pp. 304-312, 

2014.  

[36]  L. Cecchinato, M. Corradi, E. Fornasieri and L. Zamboni, "Carbon dioxide as refrigerant for tap 

water heat pumps: A comparison with the traditional solution," International Journal of 

Refrigeration, vol. 28, pp. 1250-1258, 2005.  

[37]  J. Stene, "Residental CO2 heat pump system for combined space heating and hot water heating," 

International Journal of Refrigeration, no. 28, pp. 1259-1265, 2005.  



 

 

138 

 

[38]  R. Yokoyama, W. Tetsuya, J. Kamakari and Takemura, "Performance analysis of CO2 heat pump 

water heating system under daily change in standardized demand," Energy, vol. 35, pp. 718-728, 

2010.  

[39]  R. Yokoyama, "Exergy Analysis of CO2 Heat Pump Water Heating Systems," in EcoDesign 2011 

International Symposium, Osaka, 2011.  

[40]  C. Cruickshank and S. Harrison, "Experimental Apparatus for the Evaluation of Multi-Tank 

Thermal Storage Systems," in Joint Conference of the Canadian Solar Buildings Research Network 

and the Solar Energy Society of Canada Inc., Montreal, PQ, 2006.  

[41]  "Brazed Plate Heat Exchangers," Weal Yield Heat Exchanger Co. Ltd, [Online]. Available: 

http://www.wealyield.cn/en/product.asp?id=1. [Accessed 01 10 2014]. 

[42]  T. Yokoyama, K. Sasaki, S. Sekiya and H. Maeyama, "Developing a Two-Stage Rotary Compressor 

for CO2 Heat Pump Systems with Refrigerant Injection," in International Compressor Engineering 

conference, West Lafayette, 2008.  

[43]  K. Lunden, "SANYO CO2 Technologies," Sanyo, Norway, 2008. 

[44]  J. Yang, Z. Qi, J. Chen and Z. Chen, "Experimental study on a two-stage rolling piston CO2 

compressor based on p-V indicator diagrams," Journal of Mechanical Engineering Science, vol. 

226, no. C, pp. 994-1003, 2012.  

[45]  G. A. Freeman, "Indirect Solar-Assisted Heat Pumps for Applicaiton in the Canadian 

Environment," Queen's University, Kingston, Ontario, 1997. 

[46]  Z. Qi, J. Yang, J. Chen, H. Zhang and L. Zhang, "Experimental investigation on a two-stage CO2 

compressor with high back pressure," Journal of Mechanical Engineering Science, vol. 226, no. C, 

pp. 1811-1820, 2012.  

[47]  H. Martin, "Chapter B6: Pressure Drop and Heat Transfer in Plate Heat Exchangers," in VDI Heat 

Atlas, Dusseldorf, Springer, 2010, pp. 1515-1520. 

[48]  V. Gnielinski, "New equation for heat and mass fransfer in turblent pipe and channel flow," 

International Chemical Engineering, vol. 16, pp. 359-368, 1976.  

[49]  "SSP G7," SWEP, Sweden. 

[50]  D. Lane, "Design Trends in plate heat exchangers," Chemical process engineering heat transfer 

summary, vol. 127, no. August, 1966.  



 

 

139 

 

[51]  Y. Hsieh and T. Lin, "Saturated flow boiling heat transfer and pressure drop of refrigerant R-410A 

in a vertical plate heat exchanger," International Journal of Heat and Mass Transfer, vol. 45, pp. 

1033-1044, 2002.  

[52]  R. H. Winterton, "Boiling Number," Thermopedia, 02 02 2011. [Online]. Available: 

http://www.thermopedia.com/content/590/. [Accessed 25 09 2014]. 

[53]  F. Incropera and D. DeWitt, Fundamentals of Heat and Mass Transfer, 6th Edition, New York: John 

Wiley and Sons., 2006.  

[54]  C. Cruickshank and S. Harrison, "Experimental Characterization of Natural Convection Heat 

Exchanger for Solar Domestic Hot Water Systems," in International Solar Energy Conference, 

Denver, CO, 2006.  

[55]  Q. Lin, S. Harrison and M. Lagerquist, "Analysis and Modeling of Compact Heat Exchangers for 

Natural Convection Applications," Queen's University, Kingston, Ontario, 2000. 

[56]  "TESSLibs 17 Volume 4: GHP Library Mathematical Reference," Thermal Energy Systems 

Specialist , Madison, Wisconsin, 2012. 

[57]  "TRNSYS 17 Volume 4 Mathematical Reference," University of Wisconsin, Madison, WI, 2012. 

[58]  "Ecodesign Requirements for water heaters and hot water storage tanks," Official Journal of the 

European Union, Brussels, 2013. 

[59]  G. Csordas, A. Brunger, K. Hollands and M. Lightstone, "Plume Entrainment Effects in Solar 

Domestic Hot Water Systems Employing Variable-Flow-Rate Control Strategies," Solar Energy, 

vol. 49, pp. 497-505, 1992.  

[60]  "Matlab Documentation: Response Surface Designs," Mathworks, [Online]. Available: 

http://www.mathworks.com/help/stats/response-surface-designs.html. [Accessed 28 10 2014]. 

[61]  "WW22-Din: Three phase power analyzer user manual," SCH Communications Ltd. . 

 

 



 

 

140 

 

Appendix A: Instrument Calibration and Uncertainty Analysis 

A.1 Thermocouple Uncertainty 

The T-Type thermocouples used on the water inlet and outlet the gas-cooler were captured using the 

National Instrument’s SCXI-1001 signal conditioner with a SCXI-1303 thermocouple input block. The two 

thermocouples were calibrated with an EXTECH temperature bath and a Guildline platinum resistance 

thermometer (PRT). The PRT was independently calibrated to an accuracy of ±0.012°C by the 

manufacturer. Both the thermocouples and the PRT were placed in the temperature bath and calibration 

was conducted for temperatures ranging from 5°C to 75°C. Figure A-1(a) shows a comparison of the PRT 

and the data acquisition system’s recorded temperature and Figure A-1(b) shows the difference between 

the recorded and PRT temperatures. To calibrate the recorded data, linear regression was performed on the 

measured data and the PRT data. The equation is shown in Fig. A-1(a). The calibrated temperatures are 

compared to the PRT temperatures in Fig A-2(b) and the calibrated error is shown in Fig. A-2(b). 

 

Figure A-1: (a) PRT temperature vs. the recorded temperature (b) residual plot of uncalibrated 

errors 
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Figure A-2: (a) PRT temperature vs. calibrated temperatures (b) residual plot of calibrated errors 

To determine the random error between the calibrated temperatures and the PRT temperatures, a statistical 

analysis was performed. Equations A-1 and A-2 were used to calculate the standard deviation of sample of 

errors (𝑆𝑥) and the uncertainty of the calibrated temperatures at a 95% confidence interval. 

𝑥𝑖 = �̅� ± 𝑡𝐿−0.95𝑆𝑥 (A-1) 

𝑆𝑥 = [
1

𝑛−1
∑ (𝑥𝑖 − �̅�)𝐿

𝑖=1 ]
1/2

 (A-2) 

Here, 𝑥𝑖 represents the error at each point, �̅� represents the sample mean error, and 𝑡𝐿−0.95 was the t-value 

of the sample at a 95% confidence interval. The resulting error of the calibration data at a 95% confidence 

interval is ±0.26 °C. Since the error of the PRT was ±0.0012 °C, the combined error was calculated using 

the root-sum-squared (RSS) method and was rounded to ±0.26°C. 
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A.2 Flow Rate Uncertainty 

The load-side heat transfer through the gas-cooler was calculated using the flow meter readings 

from the Yokogawa AXF Magnetic flow meter captured with the SCIX and LabVIEW data acquisition 

system. The flow rate was calibrated by diverting pumped water at a set flow rate into a 2 L graduated 

cylinder. A stopwatch was used to measure the time to fill the container. The error from the volume 

reading was determined to be ±0.005 L and the time uncertainty was ±0.5 seconds. Flow rates from 0.5-4 

L/min were tested at 0.5 L/min intervals. For each flow rate, 5 readings were taken. The flow rates 

measured with this method were plotted against the recorded temperature from the data acquisition 

system. 

 

Figure A-3: (a) Measured vs. recorded temperature and (b) error vs. recorded flow rate 

To calibrate the recorded flow rates to the measured flow rates, the recorded flow rates were 

multiplied by 0.9992 and then reduced by 0.008 from the line of best fit equation in Fig. A-3(a). Figures A-

4(a) and (b) show the calibrated flow rate vs. the measured flow rate and the calibrated error vs. the 

calibrated flow rate. 
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Figure A-4: (a) measured flow rate vs. calibrated flow rate, and (b) calibrated error vs calibrated 

flow rate 

Equations A-1 and A-2 were used again to calculate the random error. The remaining error from the 

measured vs. calibrated flow rates was ±0.007 L/min. The volumetric flow rate error was determined to be 

±0.046 L/min. Using the RSS method, the two errors were combined and rounded to an overall error of 

±0.046 L/min. 

A.3 Error Propagation for Heating Capacity, Heat pump power and COP 

For the calculated heating capacity and coefficients of performance, an analysis was conducted to 

determine the overall uncertainty from the propagated measurement errors. The heating capacity, calculated 

with Eq. 1-1, used the water thermocouple measurements, correlations for density and specific heat, and 

the volumetric flow rate. The thermocouple uncertainty was determined in Section A.1. The density and 

specific heat correlations were obtained from EES data with a relative error of ±0.32% and ±0.15% 

respectfully [15]. The flow rate uncertainty was determined in Section A.2. The error for the heating 

capacity is calculated with Eq. A-3 and A-4. 
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𝑢∆𝑇

∆𝑇
= [(

𝑢𝑇1

𝑇1
)

2
+ (

𝑢𝑇2

𝑇2
)

2
]

1/2

 (A-3) 

𝑢�̇�𝑙𝑜𝑎𝑑

�̇�𝑙𝑜𝑎𝑑
= ± [(

𝑢�̇�𝑙𝑜𝑎𝑑

�̇�𝑙𝑜𝑎𝑑
)

2

+ (
𝑢𝜌𝑤𝑎𝑡𝑒𝑟

𝜌𝑤𝑎𝑡𝑒𝑟
)

2
+ (

𝑢𝑐𝑝,𝑤𝑎𝑡𝑒𝑟

𝑐𝑝,𝑤𝑎𝑡𝑒𝑟
)

2

+ 2 (
𝑢𝑇

∆𝑇
)

2
]

1/2

 (A-4) 

The WM22-Din power analyzer’s user manual stated the error to be ±1% of the reading [61]. Since 

the power of the pumps was accounted for, this error was included. The error of the pumps rounded to the 

nearest 5W, therefore the uncertainty was taken to be ±0.0025 kW. The error for the power was calculated 

with Eq. A-5. Equation A-6 combines the uncertainties of the heating capacity and the power to obtain the 

error for the COP. The calculated maximum uncertainties for the charge tests are shown in Table A-1. 

Figure A-3 shows the error of the thermosyphon test for the heating capacity, power, and the COP. 

𝑢�̇�𝑐𝑜𝑚𝑝
= [(0.001�̇�𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑)

2
+ (𝑢�̇�𝑐𝑖𝑟𝑐

)
2

]
1/2

 (A-5) 

𝑢𝐶𝑂𝑃

𝐶𝑂𝑃
= [(

𝑢�̇�𝑙𝑜𝑎𝑑

�̇�𝑙𝑜𝑎𝑑
)

2

+ (
𝑢�̇�𝑐𝑜𝑚𝑝

�̇�𝑐𝑜𝑚𝑝
)

2

]

1/2

 (A-6) 

Table A-1: Error propagation for maximum relative uncertainties for each charge test 

Flow Rate 𝑴𝒂𝒙
𝒖�̇�𝒍𝒐𝒂𝒅

�̇�𝒍𝒐𝒂𝒅

 𝑴𝒂𝒙
𝒖�̇�𝒄𝒐𝒎𝒑

�̇�𝒄𝒐𝒎𝒑

 𝑴𝒂𝒙
𝒖𝑪𝑶𝑷

𝑪𝑶𝑷
 

Thermosyphon 7.57% 1.03% 6.39% 

1 L/min 4.92% 0.43% 4.94% 

2 L/min 3.58% 0.52% 3.58% 

4 L/min 4.67% 0.61% 4.68% 
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Figure A-5: Heating capacity, compressor power and COP with errors for the thermosyphon test 

A.4 Error Propagation for accumulated heating energy, electrical energy, and total COP 

The error in the accumulated heating energy from the gas-cooler and electrical energy consumed by 

the compressor were both calculated from the integrals of the heating capacity and compressor power over 

time. Since the time was calculated with high accuracy in LabVIEW, its error was neglected. Equations A-

7 and A-8 were the used to calculate the accumulated error. The accumulated COP was calculated with Eq. 

A-9. The relative errors for the charge tests are shown in Fig. A-2. 
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𝑖=1 ]

1/2

 (A-7) 

𝑢𝑃𝑐𝑜𝑚𝑝
= [∑ (𝑢�̇�𝑐𝑜𝑚𝑝,𝑖

)
2

𝑛
𝑖=1 ]

1/2
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)

2
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 (A-9) 
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Table A-2: Error propagation for the accumulated energy and total COP 

Flow Rate 
𝒖𝑸𝒍𝒐𝒂𝒅

𝑸𝒍𝒐𝒂𝒅
 

𝒖𝑷𝒄𝒐𝒎𝒑

𝑷𝒄𝒐𝒎𝒑
 

𝒖𝑪𝑶𝑷𝒕𝒐𝒕𝒂𝒍

𝑪𝑶𝑷𝒕𝒐𝒕𝒂𝒍
 

Thermosyphon 1.17% 0.18% 1.19% 

1 L/min 1.47% 0.12% 1.48% 

2 L/min 0.51% 0.03% 0.51% 

4 L/min 0.55% 0.06% 0.56% 
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Appendix B: EES Model Correlations 

B.1 Compressor Swept Volume 

For the correlations for compressor volume and isentropic efficiency, experimental data points were 

selected from the thermosyphon, 1 L/min, 2 L/min, and 4 L/min charge tests at different inlet temperatures 

to the gas-cooler. Overall, 19 data points were selected. The compressor swept volume was calculated with 

Eq. B-1, 

𝑉𝑎𝑐𝑡 =
𝑚𝑟

𝜔𝜌1
 (B-1) 

 

Figure B-1 shows the experimental relationship between the calculated swept volume and the pressure ratio 

(𝑃2/𝑃1). 

 

Figure B-1: Compressor swept volume vs. pressure ratio 

B.2 Isentropic Efficiency 

Since the state 1 and 2 pressure and temperatures were measured, the densities, enthalpies, and 

entropies at these states were calculated in EES. The isentropic efficiency was then derived with Eq. 4-4.  

The relationship between the isentropic efficiency and the pressure ratio is shown in Fig. B-2. 
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Figure B-2: Isentropic efficiency vs. pressure ratio 

A table of the data points used for these calculations is shown in Table B-1.  

Table B-1: Calculation data points for swept volume and isentropic efficiency correlations 

m_load 
(kg/s) 

Tload, 
 In 

(°C) 

Tload, 
 out 
(°C)  

T1 
(°C) 

T2 
(°C) 

T3 
(°C) 

P1 
(°C) 

P2 
(°C) 

P3 
(°C) 

Pr 
Vswept 
(m3/hr) 

m_r 
(kg/s) 

η_s η_mech 

0.78 9.8 65.9 13.5 73.7 29.6 4757 9128 9099 1.92 0.0066 0.0157 0.5196 0.7397 

0.76 10.0 68.1 14.0 75.6 30.6 4806 9313 9291 1.94 0.0066 0.0158 0.5068 0.7624 

0.63 15.1 73.8 15.7 81.3 37.5 5002 9701 9688 1.94 0.0058 0.0148 0.4321 0.7958 

0.65 20.0 75.8 16.1 84.4 39.1 4998 10249 10239 2.05 0.0058 0.0146 0.42 0.752 

1.25 14.4 53.5 8.7 72.6 24.0 4340 8300 8300 1.91 0.0073 0.0156 0.454 0.9165 

1.25 14.4 54.7 12.0 74.4 22.6 4500 8450 8450 1.88 0.0072 0.0157 0.4643 0.8984 

1.25 14.5 56.0 16.1 77.6 21.7 4650 8550 8550 1.84 0.0072 0.0157 0.4711 0.8802 

1.25 14.7 57.8 19.7 80.3 20.5 4800 8700 8700 1.81 0.0073 0.0159 0.4794 0.8715 

2.04 10.0 39.2 9.1 54.9 10.1 4265 7162 7113 1.68 0.0084 0.0173 0.5826 0.7895 

2.01 20.1 44.3 11.3 58.5 21.1 4512 7929 7871 1.76 0.0074 0.0164 0.5433 0.6373 

1.95 30.2 52.8 13.6 72.3 30.4 4763 8951 8898 1.88 0.0068 0.0161 0.504 0.8012 

1.88 40.3 58.9 18.2 90.3 40.2 5087 9831 9784 1.93 0.0056 0.0141 0.3746 0.8871 

1.80 50.0 65.9 20.9 103.0 49.8 5361 11011 10969 2.05 0.0051 0.0135 0.3494 0.8791 

2.00 53.2 67.2 22.6 108.1 53.0 5443 11370 11326 2.09 0.0051 0.0137 0.3499 0.9064 

4.02 10.0 24.8 17.2 63.0 10.0 4350 6757 6712 1.55 0.0084 0.016 0.4817 0.935 

3.99 20.1 31.9 16.5 66.2 19.9 4372 7128 7088 1.63 0.0073 0.0142 0.4685 0.8382 

4.04 30.1 41.3 18.8 83.5 30.0 4603 8453 8425 1.84 0.0072 0.0149 0.4575 0.9321 

4.01 40.1 50.6 18.3 96.5 40.2 4855 9798 9781 1.90 0.0071 0.0161 0.3977 0.95 

y = -0.4996x + 1.4068
R² = 0.6675
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3.97 50.0 59.7 18.9 105.8 50.1 5101 11212 11201 2.05 0.0061 0.0175 0.3901 0.95 

 

 

B.3 Nusselt Number Correlation Validation 

B.3.1 Supercritical CO2 Correlation 

The validation for the correlation of Nusselt number for Eq. 4-23 is shown in Fig. B-3. The 

calculations for the correlation are shown in Table B-2. The standard error of the Y-estimate for this 

correlation is ±1.625. 

 

Figure B-3: Predicted Nusselt number vs. measured Nusselt number for supercritical CO2 

Table B-2: Calculations of predicted Nusselt Number for CO2 in the gas-cooler 

μ,bulk 
(m2/s) 

μ,wall 
(m2/s) 

ρ 
(kg/
m3) 

cp 
(kJ/k
g-°C) 

k (kW/m2-
°C) 

α 
(m2/s) 

Velocity 
(m/s) 

Re Pr 
Nu, 

measured 
Nu, 

predicted 
(y-y')2 

4.36E-05 4.93E-05 583.6 4.98 6.63E-05 1.31 0.0235 629 3.27 39.52 39.13 0.15 

4.91E-05 5.08E-05 639.7 5.14 7.17E-05 1.46 0.0266 693 3.52 45.15 47.75 6.79 

4.48E-05 5.28E-05 597.5 6.16 6.95E-05 1.46 0.0250 667 3.97 42.01 42.23 0.05 

4.47E-05 5.71E-05 597.1 6.08 6.93E-05 1.45 0.0250 668 3.92 39.49 38.27 1.48 

4.48E-05 4.99E-05 597.2 5.56 6.88E-05 1.32 0.0216 576 3.62 38.37 39.35 0.96 

5.21E-05 5.21E-05 667.7 4.99 7.42E-05 1.45 0.0198 508 3.50 39.07 40.46 1.92 

4.85E-05 5.42E-05 635.4 5.98 7.26E-05 1.42 0.0212 555 4.00 39.15 40.02 0.76 
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4.87E-05 5.65E-05 637.4 5.97 7.27E-05 1.49 0.0228 597 4.00 40.98 40.14 0.70 

4.62E-05 5.08E-05 613.1 6.05 7.06E-05 1.35 0.0197 523 3.96 38.23 39.02 0.63 

5.53E-05 5.30E-05 694.7 4.73 7.68E-05 1.45 0.0173 435 3.41 37.78 37.98 0.04 

5.15E-05 5.50E-05 663 5.86 7.50E-05 1.40 0.0181 466 4.02 37.32 37.73 0.17 

5.33E-05 5.78E-05 678.8 5.31 7.58E-05 1.45 0.0190 484 3.73 38.24 36.74 2.25 

4.76E-05 5.16E-05 627.3 6.51 7.26E-05 1.39 0.0180 474 4.27 38.28 38.54 0.07 

5.81E-05 5.41E-05 716.7 4.42 7.88E-05 1.49 0.0160 395 3.26 37.80 36.15 2.75 

5.84E-05 5.51E-05 719.5 4.59 7.94E-05 1.55 0.0160 394 3.38 36.62 36.16 0.22 

5.85E-05 5.78E-05 720 4.55 7.94E-05 1.51 0.0169 416 3.36 38.05 35.39 7.09 

          SSY 1.625 

B.3.1 Water Correlation 

The validation for the correlation of Nusselt number for Eq. 4-27 is shown in Fig. B-4. The 

calculations for the correlation are shown in Table B-3. The standard error of the Y-estimate for this 

correlation is ±0.051. 

 

Figure B-4: Predicted Nusselt number vs. measured Nusselt number for water 

Table B-3: Calculations of predicted Nusselt Number for water in the gas-cooler 

μ,bulk 
(m2/s) 

μ,wall 
(m2/s) 

ρ 
(kg/
m3) 

cp 
(kJ/kg

-°C) 

k 
(kW/m2-

°C) 

α 
(m2
/s) 

Velocity 
(m/s) 

Re Pr 
Nu, 

Measured 
Nu, 

predicted 
(y-y')2 

6.35E-04 5.98E-04 912 4.179 6.33E-04 1.43 0.0101 29.00 4.194 4.520 4.161 0.129 

6.95E-04 6.59E-04 993 4.178 6.59E-04 1.65 0.0135 38.59 4.406 5.008 5.060 0.003 
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7.38E-04 6.80E-04 995 4.178 6.21E-04 1.70 0.0169 45.55 4.962 5.472 5.770 0.089 

8.02E-04 7.11E-04 996 4.179 6.15E-04 1.89 0.0203 50.41 5.449 6.145 6.280 0.018 

6.86E-04 6.38E-04 993 4.178 6.27E-04 1.40 0.0101 29.25 4.572 4.466 4.256 0.044 

7.41E-04 6.95E-04 995 4.178 6.21E-04 1.60 0.0135 36.24 4.985 5.153 4.978 0.031 

7.86E-04 7.17E-04 995 4.179 6.17E-04 1.64 0.0169 42.80 5.327 5.319 5.621 0.091 

8.23E-04 7.37E-04 996 4.179 6.13E-04 1.88 0.0203 49.14 5.610 6.133 6.213 0.006 

7.35E-04 6.74E-04 994 4.178 6.22E-04 1.37 0.0101 27.33 4.939 4.407 4.136 0.073 

7.82E-04 7.29E-04 995 4.179 6.17E-04 1.57 0.0135 34.37 5.297 5.089 4.868 0.049 

8.35E-04 7.56E-04 996 4.179 6.12E-04 1.64 0.0169 40.33 5.702 5.359 5.482 0.015 

8.75E-04 7.76E-04 997 4.18 6.09E-04 1.84 0.0203 46.25 6.011 6.048 6.056 0.000 

7.86E-04 7.10E-04 995 4.179 6.17E-04 1.33 0.0101 25.58 5.327 4.314 4.023 0.085 

8.18E-04 7.55E-04 996 4.179 6.14E-04 1.58 0.0135 32.88 5.571 5.150 4.778 0.139 

8.68E-04 7.87E-04 997 4.18 6.09E-04 1.68 0.0169 38.81 5.957 5.516 5.394 0.015 

9.07E-04 8.05E-04 977 4.18 6.06E-04 1.83 0.0203 43.74 6.259 6.043 5.888 0.024 

          SSY 0.051 

B.4 Gas-cooler model validation 

Since the gas-cooler was the component of focus for the heat pump in this study, the gas-cooler sub-

model was validated separately from the EES model. The predicted outputs were calculated in the model 

for the 19 test states used in the previous 2 sections. These predicted values for the heating capacity, the 

water outlet temperature, and the CO2 outlet temperature are plotted against the measured values in Fig. B-

5, B-6, and B-7 respectively.  The standard error of the Y-estimates for the heating capacity, water outlet 

temperature, and CO2 outlet temperature are ±0.004 kW, 0.492°C, and 1.016°C respectively. 
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Figure B-5: Predicted vs. measured heating capacity 

 

Figure B-6: Predicted vs. measured water outlet temperature 
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Figure B-7: Predicted vs. measured water outlet temperature 

0

10

20

30

40

50

60

0 10 20 30 40 50 60

P
re

d
ic

te
d

 C
O

2
 o

u
tl

e
t 

te
m

p
e

ra
tu

re
 (

°C
)

Measured CO2 outlet temperature (°C)



 

 

154 

 

Appendix C: Sample TRNSYS Code 

VERSION 17 

******************************************************************************* 

*** TRNSYS input file (deck) generated by TrnsysStudio 

*** on Monday, November 10, 2014 at 18:06 

*** from TrnsysStudio project: C:\Trnsys17\MyProjects\oct 30th working simple\ACTUAL FINAL 

NC.tpf 

***  

*** If you edit this file, use the File/Import TRNSYS Input File function in  

*** TrnsysStudio to update the project.  

***  

*** If you have problems, questions or suggestions please contact your local  

*** TRNSYS distributor or mailto:software@cstb.fr  

***  

******************************************************************************* 

 

 

******************************************************************************* 

*** Units  

******************************************************************************* 

 

******************************************************************************* 

*** Control cards 

******************************************************************************* 

* START, STOP and STEP 

CONSTANTS 3 

START=0 

STOP=168 

STEP=0.01 

SIMULATION   START  STOP  STEP ! Start time End time Time step 

TOLERANCES 0.001 0.001   ! Integration  Convergence 

LIMITS 30 500 50    ! Max iterations Max warnings Trace limit 
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DFQ 1     ! TRNSYS numerical integration solver method 

WIDTH 80    ! TRNSYS output file width, number of characters 

LIST      ! NOLIST statement 

     ! MAP statement 

SOLVER 0 1 1    ! Solver statement Minimum relaxation factor

 Maximum relaxation factor 

NAN_CHECK 0    ! Nan DEBUG statement 

OVERWRITE_CHECK 0   ! Overwrite DEBUG statement 

TIME_REPORT 0   ! disable time report 

EQSOLVER 0    ! EQUATION SOLVER statement 

* User defined CONSTANTS  

 

 

* Model "Storage Tank" (Type 60) 

*  

 

UNIT 5 TYPE 60  Storage Tank 

*$UNIT_NAME Storage Tank 

*$MODEL .\Thermal Storage\Detailed Fluid Storage Tank\Vertical Cylinder\Uniform Losses and Node 

Heights\2 Inlets, 2 Outlets\Type60cNoHeat.tmf 

*$POSITION 784 223 

*$LAYER Main #  

PARAMETERS 32 

2  ! 1 User-specified inlet positions 

0.273  ! 2 Tank volume 

1.45  ! 3 Tank height 

-1  ! 4 Tank perimeter 

1.45  ! 5 Height of flow inlet 1 

1.45  ! 6 Height of flow outlet 1 

0.0  ! 7 Height of flow inlet 2 

0.0165  ! 8 Height of flow outlet 2 

4.19  ! 9 Fluid specific heat 

1000.0  ! 10 Fluid density 
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6.7  ! 11 Tank loss coefficient 

2.1996  ! 12 Fluid thermal conductivity 

0  ! 13 Destratification conductivity 

100.0  ! 14 Boiling temperature 

2  ! 15 Auxiliary heater mode 

1.0  ! 16 Height of 1st aux. heater 

1.25  ! 17 Height of 1st thermostat 

0  ! 18 Set point temperature for element 1 

5.0  ! 19 Deadband for heating element 1 

0  ! 20 Maximum heating rate of element 1 

1.0  ! 21 Height of 2nd aux. heater 

1  ! 22 Height of 2nd thermostat 

55.0  ! 23 Set point temperature for element 2 

5.0  ! 24 Deadband for heating element 2 

0  ! 25 Maximum heating rate of element 2 

0.0  ! 26 Overall loss coefficient for gas flue 

20.0  ! 27 Flue temperature 

50  ! 28 Fraction of critical timestep 

0  ! 29 Gas heater? 

0  ! 30 Number of internal heat exchangers 

0  ! 31 Equal sized nodes 

0  ! 32 Uniform tank losses 

INPUTS 9 

13,2   ! Thermosyphon:Outlet flow rate ->Flow rate at inlet 1 

mtank_out  ! Draw control logic:mtank_out ->Flow rate at outlet 1 

mtank_out  ! Draw control logic:mtank_out ->Flow rate at inlet 2 

0,0  ! [unconnected] Flow rate at outlet 2 

13,1   ! Thermosyphon:Outlet temperature ->Temperature at inlet 1 

21,2   ! Mains Temp:Instantaneous temperature ->Temperature at inlet 2 

0,0  ! [unconnected] Environment temperature 

0,0  ! [unconnected] Control signal for element 1 

0,0  ! [unconnected] Control signal for element 2 

*** INITIAL INPUT VALUES 
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1 1 1 -2 10 10 20 1.0 1.0  

DERIVATIVES 49 

10  ! 1 Initial temperature of node-1 

10  ! 2 Initial temperature of node-2 

10  ! 3 Initial temperature of node-3 

10  ! 4 Initial temperature of node-4 

10  ! 5 Initial temperature of node-5 

10  ! 6 Initial temperature of node-6 

10  ! 7 Initial temperature of node-7 

10  ! 8 Initial temperature of node-8 

10  ! 9 Initial temperature of node-9 

10  ! 10 Initial temperature of node-10 

10  ! 11 Initial temperature of node-11 

10  ! 12 Initial temperature of node-12 

10  ! 13 Initial temperature of node-13 

10  ! 14 Initial temperature of node-14 

10  ! 15 Initial temperature of node-15 

10  ! 16 Initial temperature of node-16 

10  ! 17 Initial temperature of node-17 

10  ! 18 Initial temperature of node-18 

10  ! 19 Initial temperature of node-19 

10  ! 20 Initial temperature of node-20 

10  ! 21 Initial temperature of node-21 

10  ! 22 Initial temperature of node-22 

10  ! 23 Initial temperature of node-23 

10  ! 24 Initial temperature of node-24 

10  ! 25 Initial temperature of node-25 

10  ! 26 Initial temperature of node-26 

10  ! 27 Initial temperature of node-27 

10  ! 28 Initial temperature of node-28 

10  ! 29 Initial temperature of node-29 

10  ! 30 Initial temperature of node-30 

10  ! 31 Initial temperature of node-31 
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10  ! 32 Initial temperature of node-32 

10  ! 33 Initial temperature of node-33 

10  ! 34 Initial temperature of node-34 

10  ! 35 Initial temperature of node-35 

10  ! 36 Initial temperature of node-36 

10  ! 37 Initial temperature of node-37 

10  ! 38 Initial temperature of node-38 

10  ! 39 Initial temperature of node-39 

10  ! 40 Initial temperature of node-40 

10  ! 41 Initial temperature of node-41 

10  ! 42 Initial temperature of node-42 

10  ! 43 Initial temperature of node-43 

10  ! 44 Initial temperature of node-44 

10  ! 45 Initial temperature of node-45 

10  ! 46 Initial temperature of node-46 

10  ! 47 Initial temperature of node-47 

10  ! 48 Initial temperature of node-48 

10  ! 49 Initial temperature of node-49 

*------------------------------------------------------------------------------ 

 

* Model "Type2-AquastatH-2" (Type 2) 

*  

 

UNIT 27 TYPE 2  Type2-AquastatH-2 

*$UNIT_NAME Type2-AquastatH-2 

*$MODEL .\Controllers\Aquastat\Heating Mode\Type2-AquastatH.tmf 

*$POSITION 384 500 

*$LAYER Main #  

*$# NOTE: This controller can only be used with solver 0 (Successive substitution) 

*$#  

PARAMETERS 2 

5  ! 1 No. of oscillations 

30.5  ! 2 Safety limit temperature 
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INPUTS 6 

0,0  ! [unconnected] Setpoint temperature 

5,23   ! Storage Tank:Tank temperature - bottom ->Temperature to watch 

5,23   ! Storage Tank:Tank temperature - bottom ->High limit monitoring temperature 

27,1   ! Type2-AquastatH-2:Output control function ->Input control function-->Connect from 

output control signal 

0,0  ! [unconnected] Turn on temperature difference 

0,0  ! [unconnected] Turn off temperature difference 

*** INITIAL INPUT VALUES 

30.5 10.0 30.5 0 10 -10  

*------------------------------------------------------------------------------ 

 

* Model "Thermosyphon" (Type 31) 

*  

 

UNIT 13 TYPE 31  Thermosyphon 

*$UNIT_NAME Thermosyphon 

*$MODEL .\Hydronics\Pipe_Duct\Type31.tmf 

*$POSITION 446 164 

*$LAYER Main #  

PARAMETERS 6 

0.01905  ! 1 Inside diameter 

1.956  ! 2 Pipe length 

56.76  ! 3 Loss coefficient 

1000  ! 4 Fluid density 

4.19  ! 5 Fluid specific heat 

20  ! 6 Initial fluid temperature 

INPUTS 3 

31,3   ! Heat Pump:Outlet load temperature ->Inlet temperature 

31,4   ! Heat Pump:Load flow rate ->Inlet flow rate 

0,0  ! [unconnected] Environment temperature 

*** INITIAL INPUT VALUES 

20 20 20  
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*------------------------------------------------------------------------------ 

 

* Model "Thermosyphon-2" (Type 31) 

*  

 

UNIT 16 TYPE 31  Thermosyphon-2 

*$UNIT_NAME Thermosyphon-2 

*$MODEL .\Hydronics\Pipe_Duct\Type31.tmf 

*$POSITION 691 292 

*$LAYER Main #  

PARAMETERS 6 

0.01905  ! 1 Inside diameter 

2.235  ! 2 Pipe length 

56.76  ! 3 Loss coefficient 

1000  ! 4 Fluid density 

4.19  ! 5 Fluid specific heat 

20  ! 6 Initial fluid temperature 

INPUTS 3 

5,6   ! Storage Tank:Temperature of outlet flow 2 ->Inlet temperature 

5,4   ! Storage Tank:Flowrate at outlet 2 ->Inlet flow rate 

0,0  ! [unconnected] Environment temperature 

*** INITIAL INPUT VALUES 

20 20 20  

*------------------------------------------------------------------------------ 

 

* Model "Source Pump" (Type 3) 

*  

 

UNIT 23 TYPE 3  Source Pump 

*$UNIT_NAME Source Pump 

*$MODEL .\Hydronics\Pumps\Single Speed\Type3d.tmf 

*$POSITION 130 255 

*$LAYER Main #  
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PARAMETERS 4 

240  ! 1 Maximum flow rate 

4.182  ! 2 Fluid specific heat 

60  ! 3 Maximum power 

0.05  ! 4 Conversion coefficient 

INPUTS 3 

0,0  ! [unconnected] Inlet fluid temperature 

0,0  ! [unconnected] Inlet mass flow rate 

27,1   ! Type2-AquastatH-2:Output control function ->Control signal 

*** INITIAL INPUT VALUES 

15 240 1.0  

*------------------------------------------------------------------------------ 

 

* EQUATIONS "mnccalc" 

*  

EQUATIONS 6 

rhotank = 1000.3-(0.00359*[5,17]*[5,17])-(0.067*[5,17]) 

rhopipe = 1000.3-(0.00359*[13,6]*[13,6])-(0.067*[5,17]) 

rhogc = 1000.3-(0.00359*Tgcavg*Tgcavg)-(0.067*Tgcavg) 

phydro = (1.47*9.81*rhotank)-(1.2795*9.81*rhopipe)-(0.1905*rhogc*9.81) 

Tgcavg = ([16,1]+[31,3])/2 

mnc = 13*ln(max(phydro,75))-21 

*$UNIT_NAME mnccalc 

*$LAYER Main 

*$POSITION 555 394 

 

*------------------------------------------------------------------------------ 

 

 

* EQUATIONS "Draw control logic-2" 

*  

EQUATIONS 1 

mnchp = max(mnc,30)*[27,1] 
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*$UNIT_NAME Draw control logic-2 

*$LAYER Main 

*$POSITION 240 383 

 

*------------------------------------------------------------------------------ 

 

 

* Model "Heat Pump" (Type 927) 

*  

 

UNIT 31 TYPE 927  Heat Pump 

*$UNIT_NAME Heat Pump 

*$MODEL .\HVAC Library (TESS)\Water-Water Heat Pump\Single-Stage\Type927.tmf 

*$POSITION 296 223 

*$LAYER Main #  

PARAMETERS 19 

4.183  ! 1 Source fluid specific heat 

4.183  ! 2 Load fluid specific heat 

1000.  ! 3 Source fluid density 

1000.  ! 4 Load fluid density 

44  ! 5 Logical unit number for cooling data file 

3  ! 6 Number of source temperatures - cooling 

5  ! 7 Number of load temperatures - cooling 

45  ! 8 Logical unit for heating data 

3  ! 9 Number of source temps. - heating 

6  ! 10 Number of load temps. - heating 

3  ! 11 Number of source flow rates 

5  ! 12 Number of load flow rates 

30000  ! 13 Rated cooling capacity per heat pump 

6000  ! 14 Rated cooling power per heat pump 

10799.999201  ! 15 Rated heating capacity per heat pump 

3419.999704  ! 16 Rated heating power per heat pump 

0.06667  ! 17 Rated source flow rate per heat pump 
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0.0125  ! 18 Rated load flow rate per heat pump 

1  ! 19 Number of identical heat pumps 

INPUTS 8 

23,1   ! Source Pump:Outlet fluid temperature ->Inlet source temperature 

23,2   ! Source Pump:Outlet flow rate ->Source flow rate 

16,1   ! Thermosyphon-2:Outlet temperature ->Inlet load temperature 

mnchp  ! Draw control logic-2:mnchp ->Load flow rate 

0,0  ! [unconnected] Cooling control signal 

27,1   ! Type2-AquastatH-2:Output control function ->Heating control signal 

0,0  ! [unconnected] Scale factor 

0,0  ! [unconnected] Number of heat pumps on 

*** INITIAL INPUT VALUES 

20 240 20 45 0 1 1 1  

*** External files 

ASSIGN "C:\Trnsys17\Tess Models\SampleCatalogData\Water-to-

WaterHeatPump\Normalized\WWHP_Cooling-Normalized.dat" 44 

*|? Which file contains the cooling performance data? |1000 

ASSIGN "C:\Trnsys17\MyProjects\oct 30th working simple\thermosyphon flow rate parametric chart.txt" 

45 

*|? Which file contains the heating performance data? |1000 

*------------------------------------------------------------------------------ 

 

* EQUATIONS "Draw control logic" 

*  

EQUATIONS 2 

mtank_out = (([26,2]*Tsetpointwithdt)-([21,2]*[26,2]))/(max([5,22],0.01)-[21,2]) 

m_mains = [26,2]-mtank_out 

*$UNIT_NAME Draw control logic 

*$LAYER Main 

*$POSITION 923 468 

 

*------------------------------------------------------------------------------ 
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* Model "delta t schedule" (Type 14) 

*  

 

UNIT 19 TYPE 14  delta t schedule 

*$UNIT_NAME delta t schedule 

*$MODEL .\Utility\Forcing Functions\Temperature\Type14e.tmf 

*$POSITION 959 790 

*$LAYER Main #  

PARAMETERS 44 

0  ! 1 Initial value of time 

25.67  ! 2 Initial temperature 

7.5  ! 3 Time at point-1 

25.67  ! 4 Temperature at point -1 

7.5  ! 5 Time at point-2 

28.13  ! 6 Temperature at point -2 

8.5  ! 7 Time at point-3 

28.13  ! 8 Temperature at point -3 

8.5  ! 9 Time at point-4 

20.09  ! 10 Temperature at point -4 

9.5  ! 11 Time at point-5 

20.09  ! 12 Temperature at point -5 

9.5  ! 13 Time at point-6 

10.05  ! 14 Temperature at point -6 

10.5  ! 15 Time at point-7 

10.05  ! 16 Temperature at point -7 

10.5  ! 17 Time at point-8 

20.09  ! 18 Temperature at point -8 

11.5  ! 19 Time at point-9 

20.09  ! 20 Temperature at point -9 

11.5  ! 21 Time at point-10 

11.3  ! 22 Temperature at point -10 

12.5  ! 23 Time at point-11 
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11.3  ! 24 Temperature at point -11 

12.5  ! 25 Time at point-12 

10.05  ! 26 Temperature at point -12 

17.5  ! 27 Time at point-13 

10.05  ! 28 Temperature at point -13 

17.5  ! 29 Time at point-14 

15.07  ! 30 Temperature at point -14 

18.5  ! 31 Time at point-15 

15.07  ! 32 Temperature at point -15 

18.5  ! 33 Time at point-16 

10.05  ! 34 Temperature at point -16 

19.5  ! 35 Time at point-17 

10.05  ! 36 Temperature at point -17 

19.5  ! 37 Time at point-18 

26.37  ! 38 Temperature at point -18 

20.5  ! 39 Time at point-19 

26.37  ! 40 Temperature at point -19 

20.5  ! 41 Time at point-20 

33.2  ! 42 Temperature at point -20 

24  ! 43 Time at point-21 

33.2  ! 44 Temperature at point -21 

*------------------------------------------------------------------------------ 

 

* Model "Mains Temp" (Type 14) 

*  

 

UNIT 21 TYPE 14  Mains Temp 

*$UNIT_NAME Mains Temp 

*$MODEL .\Utility\Forcing Functions\Temperature\Type14e.tmf 

*$POSITION 1143 236 

*$LAYER Main #  

PARAMETERS 4 

0  ! 1 Initial value of time 
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20  ! 2 Initial temperature 

24  ! 3 Time at point 

20  ! 4 Temperature at point  

*------------------------------------------------------------------------------ 

 

* Model "Type14b" (Type 14) 

*  

 

UNIT 26 TYPE 14  Type14b 

*$UNIT_NAME Type14b 

*$MODEL .\Utility\Forcing Functions\Water Draw\Type14b.tmf 

*$POSITION 1020 607 

*$LAYER Main #  

PARAMETERS 100 

0  ! 1 Initial value of time 

0  ! 2 Initial value of function 

7  ! 3 Time at point-1 

0  ! 4 Water draw at point -1 

7  ! 5 Time at point-2 

360  ! 6 Water draw at point -2 

7.15  ! 7 Time at point-3 

360  ! 8 Water draw at point -3 

7.15  ! 9 Time at point-4 

0  ! 10 Water draw at point -4 

8  ! 11 Time at point-5 

0  ! 12 Water draw at point -5 

8  ! 13 Time at point-6 

600  ! 14 Water draw at point -6 

8.2  ! 15 Time at point-7 

600  ! 16 Water draw at point -7 

8.2  ! 17 Time at point-8 

0  ! 18 Water draw at point -8 

9  ! 19 Time at point-9 
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0  ! 20 Water draw at point -9 

9  ! 21 Time at point-10 

180  ! 22 Water draw at point -10 

9.05  ! 23 Time at point-11 

180  ! 24 Water draw at point -11 

9.05  ! 25 Time at point-12 

0  ! 26 Water draw at point -12 

10  ! 27 Time at point-13 

0  ! 28 Water draw at point -13 

10  ! 29 Time at point-14 

180  ! 30 Water draw at point -14 

10.05  ! 31 Time at point-15 

180  ! 32 Water draw at point -15 

10.05  ! 33 Time at point-16 

0  ! 34 Water draw at point -16 

11  ! 35 Time at point-17 

0  ! 36 Water draw at point -17 

11  ! 37 Time at point-18 

180  ! 38 Water draw at point -18 

11.05  ! 39 Time at point-19 

180  ! 40 Water draw at point -19 

11.05  ! 41 Time at point-20 

0  ! 42 Water draw at point -20 

12  ! 43 Time at point-21 

0  ! 44 Water draw at point -21 

12  ! 45 Time at point-22 

240  ! 46 Water draw at point -22 

12.1  ! 47 Time at point-23 

240  ! 48 Water draw at point -23 

12.1  ! 49 Time at point-24 

0  ! 50 Water draw at point -24 

14  ! 51 Time at point-25 

0  ! 52 Water draw at point -25 
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14  ! 53 Time at point-26 

180  ! 54 Water draw at point -26 

14.1  ! 55 Time at point-27 

180  ! 56 Water draw at point -27 

14.1  ! 57 Time at point-28 

0  ! 58 Water draw at point -28 

16  ! 59 Time at point-29 

0  ! 60 Water draw at point -29 

16  ! 61 Time at point-30 

180  ! 62 Water draw at point -30 

16.1  ! 63 Time at point-31 

180  ! 64 Water draw at point -31 

16.1  ! 65 Time at point-32 

0  ! 66 Water draw at point -32 

18  ! 67 Time at point-33 

0  ! 68 Water draw at point -33 

18  ! 69 Time at point-34 

180  ! 70 Water draw at point -34 

18.1  ! 71 Time at point-35 

180  ! 72 Water draw at point -35 

18.1  ! 73 Time at point-36 

0  ! 74 Water draw at point -36 

19  ! 75 Time at point-37 

0  ! 76 Water draw at point -37 

19  ! 77 Time at point-38 

180  ! 78 Water draw at point -38 

19.05  ! 79 Time at point-39 

180  ! 80 Water draw at point -39 

19.05  ! 81 Time at point-40 

0  ! 82 Water draw at point -40 

20  ! 83 Time at point-41 

0  ! 84 Water draw at point -41 

20  ! 85 Time at point-42 
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240  ! 86 Water draw at point -42 

20.1  ! 87 Time at point-43 

240  ! 88 Water draw at point -43 

20.1  ! 89 Time at point-44 

0  ! 90 Water draw at point -44 

21  ! 91 Time at point-45 

0  ! 92 Water draw at point -45 

21  ! 93 Time at point-46 

600  ! 94 Water draw at point -46 

21.15  ! 95 Time at point-47 

600  ! 96 Water draw at point -47 

21.15  ! 97 Time at point-48 

0  ! 98 Water draw at point -48 

24  ! 99 Time at point-49 

0  ! 100 Water draw at point -49 

*------------------------------------------------------------------------------ 

 

* Model "Draw Profile" (Type 65) 

*  

 

UNIT 22 TYPE 65  Draw Profile 

*$UNIT_NAME Draw Profile 

*$MODEL .\Output\Online Plotter\Online Plotter Without File\Type65d.tmf 

*$POSITION 949 245 

*$LAYER Main #  

PARAMETERS 12 

4  ! 1 Nb. of left-axis variables 

2  ! 2 Nb. of right-axis variables 

0.0  ! 3 Left axis minimum 

100  ! 4 Left axis maximum 

0.0  ! 5 Right axis minimum 

100  ! 6 Right axis maximum 

1  ! 7 Number of plots per simulation 
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12  ! 8 X-axis gridpoints 

0  ! 9 Shut off Online w/o removing 

-1  ! 10 Logical unit for output file 

0  ! 11 Output file units 

0  ! 12 Output file delimiter 

INPUTS 6 

0,0  ! [unconnected] Left axis variable-1 

0,0  ! [unconnected] Left axis variable-2 

m_mains  ! Draw control logic:m_mains ->Left axis variable-3 

25,2   ! Mixing valve:Outlet flow rate ->Left axis variable-4 

0,0  ! [unconnected] Right axis variable-1 

25,1   ! Mixing valve:Outlet temperature ->Right axis variable-2 

*** INITIAL INPUT VALUES 

m_tankout m_tankin m_makeup m_draw Ttank_out Tdraw  

LABELS  3 

"Flow rates" 

"Temperatures" 

"Draw Profile" 

*------------------------------------------------------------------------------ 

 

* Model "Tank Profile" (Type 65) 

*  

 

UNIT 9 TYPE 65  Tank Profile 

*$UNIT_NAME Tank Profile 

*$MODEL .\Output\Online Plotter\Online Plotter With File\TRNSYS-Supplied Units\Type65a.tmf 

*$POSITION 981 31 

*$LAYER Main #  

PARAMETERS 12 

2  ! 1 Nb. of left-axis variables 

9  ! 2 Nb. of right-axis variables 

0.0  ! 3 Left axis minimum 

100  ! 4 Left axis maximum 
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0.0  ! 5 Right axis minimum 

100  ! 6 Right axis maximum 

1  ! 7 Number of plots per simulation 

12  ! 8 X-axis gridpoints 

0  ! 9 Shut off Online w/o removing 

35  ! 10 Logical Unit for output file 

2  ! 11 Output file units 

0  ! 12 Output file delimiter 

INPUTS 11 

5,17   ! Storage Tank:Average tank temperature ->Left axis variable-1 

0,0  ! [unconnected] Left axis variable-2 

5,23   ! Storage Tank:Tank temperature - bottom ->Right axis variable-1 

5,65   ! Storage Tank:Temperature of node 1+-42 ->Right axis variable-2 

5,59   ! Storage Tank:Temperature of node 1+-36 ->Right axis variable-3 

5,53   ! Storage Tank:Temperature of node 1+-30 ->Right axis variable-4 

5,47   ! Storage Tank:Temperature of node 1+-24 ->Right axis variable-5 

5,41   ! Storage Tank:Temperature of node 1+-18 ->Right axis variable-6 

5,35   ! Storage Tank:Temperature of node 1+-12 ->Right axis variable-7 

5,29   ! Storage Tank:Temperature of node 1+-6 ->Right axis variable-8 

5,22   ! Storage Tank:Tank temperature - top ->Right axis variable-9 

*** INITIAL INPUT VALUES 

Ttankavg Tloadout TC1 TC2 TC3 TC4 TC5 TC6 TC7 TC8 TC9  

LABELS  3 

"Temperatures" 

"" 

"Tank Profile" 

*** External files 

ASSIGN "tank profile.plt" 35 

*|? What file should the online print to? |1000 

*------------------------------------------------------------------------------ 

 

* Model "HP performance" (Type 65) 

*  
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UNIT 15 TYPE 65  HP performance 

*$UNIT_NAME HP performance 

*$MODEL .\Output\Online Plotter\Online Plotter With File\TRNSYS-Supplied Units\Type65a.tmf 

*$POSITION 181 138 

*$LAYER Main #  

PARAMETERS 12 

1  ! 1 Nb. of left-axis variables 

2  ! 2 Nb. of right-axis variables 

0.0  ! 3 Left axis minimum 

8  ! 4 Left axis maximum 

0.0  ! 5 Right axis minimum 

15000  ! 6 Right axis maximum 

1  ! 7 Number of plots per simulation 

12  ! 8 X-axis gridpoints 

0  ! 9 Shut off Online w/o removing 

43  ! 10 Logical Unit for output file 

2  ! 11 Output file units 

0  ! 12 Output file delimiter 

INPUTS 3 

31,8   ! Heat Pump:Coefficient of Performance (C.O.P) ->Left axis variable 

31,5   ! Heat Pump:Heat transfer to load ->Right axis variable-1 

31,7   ! Heat Pump:Heat pump power ->Right axis variable-2 

*** INITIAL INPUT VALUES 

COP Qload Pcomp  

LABELS  3 

"COP" 

"" 

"Heat capacity or compressor power" 

*** External files 

ASSIGN "hp performance.plt" 43 

*|? What file should the online print to? |1000 

*------------------------------------------------------------------------------ 
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* EQUATIONS "draw temp calc" 

*  

EQUATIONS 1 

Tsetpointwithdt = [21,2]+[19,2] 

*$UNIT_NAME draw temp calc 

*$LAYER Main 

*$POSITION 955 692 

 

*------------------------------------------------------------------------------ 

 

 

* EQUATIONS "draw temp calc-2" 

*  

EQUATIONS 1 

qtap = [5,9]-[5,10] 

*$UNIT_NAME draw temp calc-2 

*$LAYER Main 

*$POSITION 775 116 

 

*------------------------------------------------------------------------------ 

 

 

* Model "Mixing valve" (Type 11) 

*  

 

UNIT 25 TYPE 11  Mixing valve 

*$UNIT_NAME Mixing valve 

*$MODEL .\Hydronics\Tee-Piece\Other Fluids\Type11h.tmf 

*$POSITION 1122 138 

*$LAYER Main #  

PARAMETERS 1 

1  ! 1 Tee piece mode 
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INPUTS 4 

5,5   ! Storage Tank:Temperature of outlet flow 1 ->Temperature at inlet 1 

5,2   ! Storage Tank:Flowrate at outlet 1 ->Flow rate at inlet 1 

21,2   ! Mains Temp:Instantaneous temperature ->Temperature at inlet 2 

m_mains  ! Draw control logic:m_mains ->Flow rate at inlet 2 

*** INITIAL INPUT VALUES 

20.0 0 10 0  

*------------------------------------------------------------------------------ 

 

* Model "Type25a" (Type 25) 

*  

 

UNIT 18 TYPE 25  Type25a 

*$UNIT_NAME Type25a 

*$MODEL .\Output\Printer\Unformatted\TRNSYS-Supplied Units\Type25a.tmf 

*$POSITION 422 703 

*$LAYER Outputs #  

PARAMETERS 10 

STEP  ! 1 Printing interval 

START  ! 2 Start time 

STOP  ! 3 Stop time 

42  ! 4 Logical unit 

2  ! 5 Units printing mode 

0  ! 6 Relative or absolute start time 

-1  ! 7 Overwrite or Append 

-1  ! 8 Print header 

0  ! 9 Delimiter 

1  ! 10 Print labels 

INPUTS 22 

31,5   ! Heat Pump:Heat transfer to load ->Input to be printed-1 

31,7   ! Heat Pump:Heat pump power ->Input to be printed-2 

31,8   ! Heat Pump:Coefficient of Performance (C.O.P) ->Input to be printed-3 

31,4   ! Heat Pump:Load flow rate ->Input to be printed-4 
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5,17   ! Storage Tank:Average tank temperature ->Input to be printed-5 

16,1   ! Thermosyphon-2:Outlet temperature ->Input to be printed-6 

31,3   ! Heat Pump:Outlet load temperature ->Input to be printed-7 

5,23   ! Storage Tank:Tank temperature - bottom ->Input to be printed-8 

5,65   ! Storage Tank:Temperature of node 1+-42 ->Input to be printed-9 

5,59   ! Storage Tank:Temperature of node 1+-36 ->Input to be printed-10 

5,53   ! Storage Tank:Temperature of node 1+-30 ->Input to be printed-11 

5,47   ! Storage Tank:Temperature of node 1+-24 ->Input to be printed-12 

5,41   ! Storage Tank:Temperature of node 1+-18 ->Input to be printed-13 

5,35   ! Storage Tank:Temperature of node 1+-12 ->Input to be printed-14 

5,29   ! Storage Tank:Temperature of node 1+-6 ->Input to be printed-15 

5,22   ! Storage Tank:Tank temperature - top ->Input to be printed-16 

16,1   ! Thermosyphon-2:Outlet temperature ->Input to be printed-17 

27,1   ! Type2-AquastatH-2:Output control function ->Input to be printed-18 

5,7   ! Storage Tank:Thermal losses ->Input to be printed-19 

13,3   ! Thermosyphon:Environment losses ->Input to be printed-20 

5,5   ! Storage Tank:Temperature of outlet flow 1 ->Input to be printed-21 

5,2   ! Storage Tank:Flowrate at outlet 1 ->Input to be printed-22 

*** INITIAL INPUT VALUES 

Qload Pcomp COP mnc Ttankavg Tloadin Tloadout TC1 TC2 TC3 TC4 TC5 TC6 TC7 

TC8 TC9 TC10 control Qtankloss Qpipeloss Ttankdraw mtankdraw  

*** External files 

ASSIGN "chargetestresults.out" 42 

*|? Output File for printed results |1000 

*------------------------------------------------------------------------------ 

 

* Model "Type65d-2" (Type 65) 

*  

 

UNIT 17 TYPE 65  Type65d-2 

*$UNIT_NAME Type65d-2 

*$MODEL .\Output\Online Plotter\Online Plotter Without File\Type65d.tmf 

*$POSITION 679 415 
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*$LAYER Main #  

PARAMETERS 12 

1  ! 1 Nb. of left-axis variables 

2  ! 2 Nb. of right-axis variables 

0.0  ! 3 Left axis minimum 

500  ! 4 Left axis maximum 

0.0  ! 5 Right axis minimum 

100  ! 6 Right axis maximum 

1  ! 7 Number of plots per simulation 

12  ! 8 X-axis gridpoints 

0  ! 9 Shut off Online w/o removing 

-1  ! 10 Logical unit for output file 

0  ! 11 Output file units 

0  ! 12 Output file delimiter 

INPUTS 3 

0,0  ! [unconnected] Left axis variable 

5,6   ! Storage Tank:Temperature of outlet flow 2 ->Right axis variable-1 

mnchp  ! Draw control logic-2:mnchp ->Right axis variable-2 

*** INITIAL INPUT VALUES 

Ttankavg Tloadin mnc  

LABELS  3 

"Heat transfer or power (kW)" 

"flow rate" 

"Graph 1" 

*------------------------------------------------------------------------------ 

 

* Model "Type46" (Type 46) 

*  

 

UNIT 12 TYPE 46  Type46 

*$UNIT_NAME Type46 

*$MODEL .\Output\Printegrator\Unformatted\Type46.tmf 

*$POSITION 549 55 
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*$LAYER Main #  

*$# PRINTEGRATOR 

PARAMETERS 5 

40  ! 1 Logical unit 

-1  ! 2 Logical unit for monthly summaries 

0  ! 3 Relative or absolute start time 

STEP  ! 4 Printing & integrating interval 

0  ! 5 Number of inputs to avoid integration 

INPUTS 7 

31,5   ! Heat Pump:Heat transfer to load ->Input to be integrated & printed-1 

31,7   ! Heat Pump:Heat pump power ->Input to be integrated & printed-2 

5,7   ! Storage Tank:Thermal losses ->Input to be integrated & printed-3 

13,3   ! Thermosyphon:Environment losses ->Input to be integrated & printed-4 

16,3   ! Thermosyphon-2:Environment losses ->Input to be integrated & printed-5 

qtap  ! draw temp calc-2:qtap ->Input to be integrated & printed-6 

5,2   ! Storage Tank:Flowrate at outlet 1 ->Input to be integrated & printed-7 

*** INITIAL INPUT VALUES 

Qload Pcomp Qtankloss Qpipeloss1 Qpipeloss2 Qtap Draw volume  

LABELS 0 

 

*** External files 

ASSIGN "energies.out" 40 

*|? Output file for integrated results? |1000 

*------------------------------------------------------------------------------ 

 

END 
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Appendix D: Storage Tank Heat Loss Calculation 

In order to determine the overall loss coefficient in the storage tank, a cool down test was performed. 

After a charge test, the tank was mixed to a constant temperature of 58.2°C. It was then left overnight 

without the pumps running and the tank isolated from the heat pump through a series of valves. Data for 

the cool down test was recorded over an 18 hour period. At the end of the 18 hours, the data was collected 

and analyzed. A plot of the cool down temperature profile is shown in Fig. D-1. 

 

Figure D-1: Tank node temperature for the cool down test 

 

The heat loss from each node was calculated with Eq. D-1, 

𝑈𝐿 =
𝑉𝑛𝑜𝑑𝑒∗𝜌∗𝐶𝑝

𝑆𝐴𝑛𝑜𝑑𝑒∗𝑇𝑖𝑚𝑒𝑑𝑒𝑐𝑎𝑦
𝑙𝑛 (

𝑇𝑖𝑛𝑖𝑡𝑖𝑎𝑙−𝑇𝑎𝑚𝑏

𝑇𝑓𝑖𝑛𝑎𝑙−𝑇𝑎𝑚𝑏
) (D-1) 

where, 

𝑈𝐿= the tank heat transfer coefficient (kJ/hr-m2-°C) 

𝑉𝑛𝑜𝑑𝑒 = the volume of water in each node (273 L / 9 nodes) 

𝜌 = density of water derived at the average temperature (kg/m3) 
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𝐶𝑝 = specific heat of water derived at the average temperature (kJ/kg-°C) 

𝑆𝐴𝑛𝑜𝑑𝑒 = the surface area for each node (m2) 

𝑇𝑖𝑚𝑒𝑑𝑒𝑐𝑎𝑦 = the duration of the test (hr) 

𝑇𝑖𝑛𝑖𝑡𝑖𝑎𝑙 = the temperature of the node at the beginning of the test (°C) 

𝑇𝑓𝑖𝑛𝑎𝑙 = the temperature of the node at the end of the test (°C) 

𝑇𝑎𝑚𝑏= the average ambient air temperature during the test (°C) 

Table D-1 shows the calculations for the heat loss coefficient of each node. 

Table D-1: Storage tank heat loss coefficient calculations 

  
T initial 

(°C) 

T final 

(°C) 

T avg 

(°C) 

Cp 

(kJ/kg-

°C) 

Time 

(hr) 

Area 

(m2) 

Qloss 

(kJ) 

UL (kJ/hr-

m2-°C) 

TC1 58.10 46.96 52.53 4.22 18.01 0.41 1402.91 7.10 

TC2 58.16 51.97 55.06 4.22 18.01 0.24 780.05 6.18 

TC3 58.41 53.36 55.89 4.22 18.01 0.24 636.78 4.90 

TC4 58.30 53.25 55.78 4.22 18.01 0.24 636.80 4.92 

TC5 58.32 53.31 55.81 4.22 18.01 0.24 632.30 4.87 

TC6 58.23 53.21 55.72 4.22 18.01 0.24 632.35 4.89 

TC7 58.32 53.41 55.86 4.22 18.01 0.24 619.31 4.77 

TC8 58.11 53.17 55.64 4.22 18.01 0.24 623.73 4.84 

TC9 57.96 53.08 55.52 4.22 18.01 0.41 615.17 2.77 

Tank 58.21 52.41 55.31 4.22 18.01 2.49 6579.41 4.94 

 

The resulting overall tank loss coefficient is 4.94 kJ/hr-m2-°C. This was used by Type 60 in the TRNSYS 

model to simulate uniform losses from the storage tank. 
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Appendix E: Sample EES Source Code and Parametric Table 

$Reference R744 IIR 
 
"START OF THE MODEL" 
 
"PROCEDURES" 
"Capacitance Rate Test Procedure" 
PROCEDURE caprate (A,B:X,Y) 
IF (A<=B) THEN 
 X:=B 
 Y:=A 
ELSE 
 X:=A 
 Y:=B 
ENDIF 
END 
 
"Gas-Cooler Outlet Iteration" 
 
PROCEDURE nuh(Tpc,Tb,Reb,Prb,rho_b,rho_pc:Nub) 
If (Tb>Tpc) THEN 
 Nub:=0.14*Reb^0.69*Prb^0.66 
ELSE 
 Nub:=0.013*Reb^1*Prb^(-0.05)*(rho_pc/rho_b)^1.6 
ENDIF 
END 
 
PROCEDURE gciterate(cells,T_hi,Ph,m_h,m_c,Tload_in:Qgc,Tload_out,T_hofinal) 
Tco=T_hi-3[K] 
REPEAT 
CALL gascooler(cells,T_hi,Tco,Ph,m_h,m_c:Qgascooler,T_cifinal,T_hofinal) 
TolT=abs(T_cifinal-Tload_in) 
IF (T_cifinal>Tload_in) THEN 
 IF (TolT>=10) THEN 
       Tco=Tco-0.25[K] 
 ELSE  
              IF (TolT>=5) THEN 
                Tco=Tco-0.1[K] 
        ELSE 
                IF (TolT>=2) THEN 
                      Tco=Tco-0.03[K] 
                ELSE 
                      Tco=Tco-0.002[K] 
                ENDIF 
         ENFIF 
 ENDIF 
ENDIF 
ENDIF 
IF (T_cifinal<Tload_in) THEN 
 IF (TolT>=10) THEN 
       Tco=Tco+0.5[K] 
 ELSE  
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              IF (TolT>=5) THEN 
                Tco=Tco+0.1[K] 
        ELSE 
                IF (TolT>=2) THEN 
                        Tco=Tco+0.03[K] 
                ELSE 
                      Tco=Tco+0.002[K] 
                ENDIF 
         ENFIF 
 ENDIF 
ENDIF 
ENDIF 
UNTIL (TolT<0.08) 
Qgc:=Qgascooler 
Tload_out:=Tco 
END 
 
PROCEDURE gascooler(cells,T_hi,T_co,Ph,m_h,m_c:Qgascooler,T_cofinal,T_hofinal) 
N=1 
T_h=T_hi 
T_c=T_co 
Qgctotal=0 
REPEAT 
CALL uccell(Ph,T_h,T_c,m_h,m_c,cells:Qgccell,T_hout,T_cout,Ucell) 
T_h=T_hout 
T_c=T_cout 
Qgctotal=Qgctotal+Qgccell 
N=N+1 
UNTIL (N>cells) 
Qgascooler:=Qgctotal 
T_cofinal:=T_c 
T_hofinal:=T_h 
END 
 
PROCEDURE uccell(Ph,T_h,T_c,m_h,m_c,cells:Qgccalc,T_ho,T_co,Ucell) 
h_h=enthalpy(R744,P=Ph,T=T_h) 
Cload=m_c*specheat(water,P=170[kPa],T=T_c) 
A=1.118 [m^2]/cells 
d_h=0.002 [m] 
N_channels_c=18 
N_channels_h=18 
m_hpc=m_h/N_channels_h 
m_cpc=m_c/N_channels_c 
TolTh=5[K] 
TolTc=5 [K] 
Tavg=(T_h+T_c)/2 
k_plate=conductivity(copper,T=Tavg)/1000[W/kW] 
Twallh=Tavg 
Twallc=Tavg 
REPEAT 
P_water=170 [kPa] 
Acrosssection=6.88E-5 [m^2] 
mu_hb=viscosity(R744,T=T_h,P=Ph) 
mu_hw=viscosity(R744,T=Twallh,P=Ph) 
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mu_cb=viscosity(water,T=T_c,P=170[kPa]) 
mu_cw=viscosity(water,T=Twallc,P=170 [kPa]) 
cp_h=specheat(R744,T=T_h,P=Ph) 
Chotgas=m_h*cp_h 
cp_c=specheat(water,P=P_water,T=T_c) 
rho_h=density(R744,P=Ph,T=T_h) 
rho_c=density(water,P=P_water,T=T_c) 
k_h=conductivity(R744,P=Ph,T=T_h)/1000[W/kW] 
k_c=conductivity(water,P=P_water,T=T_c)/1000[W/kW] 
w_h=(m_h/17)/(rho_h*Acrosssection) 
w_c=(m_c/18)/(rho_c*Acrosssection) 
t_plate=0.75E-3 [m] 
"Dimensionless Numbers" 
Pr_h=cp_h*mu_hb/k_h 
Pr_c=cp_c*mu_cb/k_c 
Re_h=rho_h*w_h*d_h/mu_hb 
Re_c=rho_c*w_c*d_h/mu_cb 
Nu_h=0.4*Re_h^(0.65)*Pr_h^(0.45)*(mu_hb/mu_hw)^(1.16) 
Nu_c=0.35*Re_c^(0.65)*Pr_c^(0.2) 
alpha_h=Nu_h*k_h/d_h 
alpha_c=Nu_c*k_c/d_h 
U=((1/alpha_h)+(t_plate/k_plate)+(1/alpha_c))^(-1) 
UA=U*A 
Qgc=UA*(T_h-T_c) 
Twallhrecalc=T_h-(Qgc/(alpha_h*A)) 
TolTh=abs(Twallhrecalc-Twallh) 
Twallcrecalc=T_c+(Qgc/(alpha_c*A)) 
TolTc=abs(Twallhrecalc-Twallh) 
Twallh=Twallhrecalc 
Twallc=Twallcrecalc 
UNTIL (TolTh<=0.1) and (TolTc<=0.1) 
Qgccalc:=Qgc 
h_ho=h_h-(Qgc/m_h) 
T_ho:=temperature(R744,h=h_ho,P=Ph) 
T_co:=T_c-(Qgc/Cload) 
Ucell:=U 
END 
 
PROCEDURE superheat1(x6,P[6],dSH:T[6],s[6],h[6],T[1],P[1],h[1],s[1]) 
T[6]:=temperature(R744,P=P[6],x=x6) "Assumed saturated on outlet of evap" 
h[6]:=enthalpy(R744,P=P[6],x=x6) 
s[6]:=entropy(R744,P=P[6],x=x6) 
T[1]:=T[6]+dSH 
P[1]:=P[6] "Constant pressure through internal heat exchanger" 
h[1]:=enthalpy(R744,T=T[1],P=P[1]) "State 1 enthalpy" 
s[1]:=entropy(R744,T=T[1],P=P[1]) "State 1 entropy" 
END 
 
PROCEDURE superheat2(Plow,Phigh,T3,m_r:dSHcalc,Qihx) 
T6=temperature(R744,P=Plow,x=1) 
h6=enthalpy(R744,P=Plow,x=1) 
h3=enthalpy(R744,T=T3,P=Phigh) 
c6=m_r*specheat(R744,x=1,P=Plow) 
c3=m_r*specheat(R744,T=T3,P=Phigh) 
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CALL caprate(c6,c3:CMAXihx,CMINihx) 
Eihx=0.20 
Qihx:=Eihx*CMINihx*(T3-T6) 
h1:=(Qihx/m_r)+h6 
dSHcalc:=temperature(R744,h=h1,P=Plow)-T6 
END 
 
PROCEDURE compressor(P[2],P[1],s[1],T[1],h[1]:m_r,h[2],T[2],s[2],Wcomp,Pcomp,Eff_ise) 
Pr=P[2]/P[1] 
k=1.28 
N=60 [s^-1] "Rotational speed in Hz" 
Vact=((-0.0089*Pr^2)+(0.0264*Pr)-(0.0114))/3600 
m_r=Vact*density(R744,P=P[1],T=T[1])*N 
h2s=enthalpy(R744,P=P[2],s=s[1]) 
WcID=P[1]*(Vact)*(k/(k-1))*(((P[2]/P[1])^((k-1)/k))-1) "Compression work" 
Eff_ise:=(-0.506*Pr)+1.4186 
Wc=WcID*N/(Eff_ise*m_r) 
h[2]:=h[1]+Wc "State 2 Enthalpy from compressor work" 
T[2]:=temperature(R744,P=P[2],h=h[2]) "Stage 3 temperature" 
s[2]:=entropy(R744,P=P[2],h=h[2]) 
Wcomp:=(h[2]-h[1])*m_r 
Pcomp:=Wcomp/0.8 
END 
 
PROCEDURE intercool(P[3],h[1],h[6],m_r,h[3]:P[4],h[4],T[4],s[4]) 
Q_ihx=m_r*(h[1]-h[6]) "Heat transfered in IHX" 
h[4]:=h[3]-(Q_ihx/m_r) "Stage 5 enthalpy" 
T[4]:=temperature(R744,P=P[3],h=h[4]) 
s[4]:=entropy(R744,P=P[3],h=h[4]) 
P[4]:=P[3] "Assume no pressure drop in IHX" 
END 
 
PROCEDURE expansionvalve(h[4],P[6]:h[5],P[5],T[5],s[5]) 
h[5]:=h[4] "Assume Isenthalpic Process" 
P[5]:=P[6] 
T[5]:=temperature(R744,h=h[5],P=P[5]) 
s[5]:=entropy(R744,h=h[5],P=P[5]) 
END 
 
 
PROCEDURE eviterate(cells,h_ci,Plow,m_r,msource,Tsource_in:Qev,Tsource_out,hco_final) 
Tci=temperature(R744,P=Plow,h=h_ci) 
Two=Tci+3[K] 
REPEAT 
CALL evaporator(Plow,cells,Two,h_ci,msource,m_r:Qevap,Twi_final,hco_final) 
evaporator(P6guess,cells,Tsource_out,h[5],m_source,m_r:Qevap,Two_final,h6recalc) 
TolT=abs(Twi_final-Tsource_in) 
IF (Twi_final>Tsource_in) THEN 
 IF (TolT>=10) THEN 
       Two=Two-0.5[K] 
 ELSE  
              IF (TolT>=5) THEN 
                Two=Two-0.1[K] 
        ELSE 
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                IF (TolT>=2) THEN 
                        Two=Two-0.02[K] 
                ELSE 
                      Two=Two-0.002[K] 
                ENDIF 
         ENFIF 
 ENDIF 
ENDIF 
ENDIF 
IF (Twi_final<Tsource_in) THEN 
 IF (TolT>=10) THEN 
       Two=Two+0.5[K] 
 ELSE  
              IF (TolT>=5) THEN 
                Two=Two+0.1[K] 
        ELSE 
                IF (TolT>=2) THEN 
                        Two=Two+0.02[K] 
                ELSE 
                      Two=Two+0.002[K] 
                ENDIF 
         ENFIF 
 ENDIF 
ENDIF 
ENDIF 
UNTIL (TolT<0.08) 
Qev:=Qevap 
Tsource_out:=Two 
END 
 
PROCEDURE evaporator(Plow,cells,T_wi,h_ci,msource,m_r:Qevap,Two_final,hco_final) 
N=1 
T_w=T_wi 
h_c=h_ci 
Qevtotal=0 [kW] 
REPEAT 
CALL uaevcell(Plow,h_c,T_w,msource,m_r,cells:Qcell,Tw_out,hc_out) 
T_w=Tw_out 
h_c=hc_out 
Qevtotal=Qevtotal+Qcell 
N=N+1 
UNTIL(N>cells) 
Qevap:=Qevtotal 
Two_final:=T_w 
hco_final:=h_c 
END 
 
PROCEDURE uaevcell(Plow,hr_in,Tsource_out,msource,m_r,cells:Qcell,Tw_out,hc_out) 
dH=4E-3 [m] 
Nchannels_c=9 
Nchannels_w=10 
A=0.560 [m^2]/cells 
Achannel=1.44E-4 [m^2] 
h_c=hr_in 
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t_plate=0.75E-3 [m] 
T_c=temperature(R744,P=Plow,h=h_c) 
T_w=Tsource_out 
T_avg=(T_w+T_c)/2 
k_copper=conductivity(copper,T=T_avg)/1000[W/kW] 
cp_w=specheat(water,T=T_w,P=170 [kPa]) 
mu_wb=viscosity(water,T=T_w,P=170 [kPa]) 
rho_w=density(water,T=T_w,P=170 [kPa]) 
k_w=conductivity(water,T=T_w,P=170 [kPa])/1000[W/kW] 
v_w=msource/(10*rho_w*Achannel) 
Pr_w=cp_w*mu_wb/k_w 
Re_w=rho_w*v_w*dH/mu_wb 
Nu_w=0.35*Re_w^(0.65)*Pr_w^(0.2) 
alpha_w=Nu_w*k_w/dH 
h_vapour=enthalpy(R744,P=Plow,x=1) 
h_liquid=enthalpy(R744,P=Plow,x=0) 
 
 
IF (h_c<h_vapour) THEN 
 TolQ=1[kW] 
 TolT=5 [C] 
 Twallh=T_avg 
 qcellguess=2.8 [kW]/cells 
 REPEAT 
 qflux=qcellguess/A 
 G=m_r/(Achannel*Nchannels_c) 
 h_fl=enthalpy(R744,P=Plow,x=1)-enthalpy(R744,P=Plow,x=0) 
 Bo=qflux/(G*h_fl) 
 x_m=quality(R744,h=h_c,P=Plow) 
 rho_vapour=density(R744,P=Plow,x=1) 
 rho_liquid=density(R744,P=Plow,x=0) 
 G_eq=G*((1-x_m)+(x_m*(rho_liquid/rho_vapour)^0.5)) 
 cp_liquid=specheat(R744,P=Plow,x=0) 
 k_liquid=conductivity(R744,P=Plow,x=0)/1000[W/kW] 
 mu_vapour=viscosity(R744,P=Plow,x=1) 
 mu_liquid=viscosity(R744,P=Plow,x=0) 
 mu_wall=viscosity(R744,T=Twallh,P=Plow) 
 mu_m=(x_m*mu_vapour)+(mu_liquid*(1-x_m)) 
 Pr_liquid=cp_liquid*mu_liquid/k_liquid 
 Re_eq=G_eq*dH/mu_liquid 
 f_tp=61000*Re_eq^(-1.25) 
 alpha_rliquid=0.12*(k_liquid/dH)*Re_eq^(0.78)*Pr_liquid^(1/3)*(mu_m/mu_wall)^0.14 
 alpha_c=alpha_rliquid*(88*Bo^0.5) 
 U=((1/alpha_c)+(t_plate/k_copper)+(1/alpha_w))^(-1) 
 UA=U*A 
 Qcell:=UA*(T_w-T_c) 
 TolQ=abs(Qcell-qcellguess) 
 qcellguess=Qcell 
 Twh_calc=T_c+(Qcell/(alpha_c*A)) 
 TolT=abs(Twh_calc-Twallh) 
 Twallh=Twh_calc 
 UNTIL (TolQ<0.001) AND (TolT<1) 
ELSE 
 TolT=1 [C] 
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 Twallh=T_avg 
 mu_cb=viscosity(R744,h=h_c,P=Plow) 
 cp_c=specheat(R744,h=h_c,P=Plow) 
 rho_c=density(R744,h=h_c,P=Plow) 
 k_c=conductivity(R744,h=h_c,P=Plow)/1000[W/kW] 
 v_c=m_r/(rho_c*9*Achannel) 
 Re_c=rho_c*v_c*dH/mu_cb 
 Pr_c=cp_c*mu_cb/k_c 
 REPEAT 
 mu_cw=viscosity(R744,T=Twallh,P=Plow) 
 Nu_c=0.4*Re_c^(0.65)*Pr_c^(0.45)*(mu_cb/mu_cw)^(1.16) 
 alpha_c=Nu_c*k_c/dH 
 U=((1/alpha_c)+(t_plate/k_copper)+(1/alpha_w))^(-1) 
 UA=U*A 
 Qcell:=UA*(T_w-T_c) 
 Twh_calc=T_c+(Qcell/(alpha_c*A)) 
 TolT=abs(Twh_calc-Twallh) 
 Twallh=Twh_calc 
 UNTIL (TolT<5) 
ENDIF 
Tw_out:=T_w+(Qcell/(msource*cp_w)) 
hc_out:=h_c+(Qcell/m_r) 
END 
 
PROCEDURE uagc(Qgc,Tload_in,Tload_out,T[2],T[3]:UAgcnew) 
 LMTD=((T[2]-Tload_out)-(T[3]-Tload_in))/ln((T[2]-Tload_out)/(T[3]-Tload_in)) 
 UAgcnew:=2.3475*exp(-0.227*LMTD) 
END 
 
PROCEDURE uaevap(Tsource_in,Tsource_out:UAev) 
 Tevap=(Tsource_in+Tsource_out)/2 
 UAev:=(0.0171[kW/K^2]*Tevap)-4.3616 [kW/K] 
END 
 
"MAIN PROGRAM" 
 
"Inputs" 
 
Tload_in=(273+30.05) [K] "Hot tank initial temperature" 
Tsource_in=(20+273) [K] "Temp of controlled source water supply" 
rho_source=density(water,P=101.3[kPa],T=Tsource_in) "calc density of water source" 
rho_load=density(water,P=101.3[kPa],T=Tload_in) "calc density of water load" 
cp_source=specheat(water,P=101.3[kPa],T=Tsource_in) 
cp_load=specheat(water,P=101.3[kPa],T=Tload_in) 
 
m_source=(4[L/min]/1000[L/m^3])*(1/60[s/min])*rho_source "Source water mass flow rate" 
m_load=(4.03[L/min]/1000[L/m^3])*(1/60[s/min])*rho_load "Load water mass flow rate" 
Cload=m_load*cp_load 
Csource=m_source*cp_source 
 
"Assumption 2" 
dSH=5"Assume deg of superheat" 
P6guess=4645.5[kPa] 
cells=20 
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p[2]=9E3[kPa] 
x6=1 
 CALL superheat1(x6,P6guess,dSH:T[6],s[6],h[6],T[1],P[1],h[1],s[1]) 
 CALL compressor(P[2],P[1],s[1],T[1],h[1]:m_r,h[2],T[2],s[2],Wcomp,Pcomp,Eff_ise) 
 CALL gciterate(cells,T[2],P[2],m_r,m_load,Tload_in:Qgc,Tload_out,T[3]) 
 CALL superheat2(P6guess,P[2],T[3],m_r:dSHcalc,Qihx) 
 P[3]=P[2] 
 h[3]=enthalpy(R744,T=T[3],P=P[3]) 
 s[3]=entropy(R744,T=T[3],P=P[3]) 
 CALL intercool(P[3],h[1],h[6],m_r,h[3]:P[4],h[4],T[4],s[4]) 
 CALL expansionvalve(h[4],P6guess:h[5],P[5],T[5],s[5]) 
 CALL eviterate(cells,h[5],P6guess,m_r,m_source,Tsource_in:Qev,Tsource_out,hco_final) 
 
  
Wcalc=Qgc-Qev 
COP=Qgc/Pcomp 

 

Table E-1: Heat Pump Performance Parametric Table 

Inputs Outputs 

Load Flow 
(L/min) 

Source 
Flow 

(L/min) 

Load 
Entering 

Temp (°C) 

Source 
Entering 

Temp (°C) 

Load exit 
temp (°C) 

Source exit 
temp (°C) 

Heating 
(kW) 

Power 
(kW) 

0.5 4 5 10 79.33 4.45 2.58 1.02 

0.5 4 5 15 80.48 9.33 2.62 1.03 

0.5 4 5 20 81.64 14.21 2.66 1.04 

0.5 4 10 10 80.03 5.01 2.43 1.03 

0.5 4 10 15 81.76 9.82 2.49 1.04 

0.5 4 10 20 83.49 14.63 2.55 1.05 

0.5 4 15 10 81.88 5.43 2.32 1.04 

0.5 4 15 15 83.58 10.25 2.38 1.05 

0.5 4 15 20 85.27 15.06 2.44 1.06 

0.5 4 20 10 83.54 5.87 2.20 1.05 

0.5 4 20 15 85.13 10.70 2.26 1.06 

0.5 4 20 20 86.71 15.54 2.31 1.07 

0.5 4 25 10 84.63 6.38 2.07 1.06 

0.5 4 25 15 86.64 11.16 2.14 1.07 

0.5 4 25 20 88.65 15.94 2.21 1.08 

0.5 4 30 10 85.71 6.89 1.93 1.06 

0.5 4 30 15 88.15 11.62 2.02 1.08 

0.5 4 30 20 90.59 16.35 2.10 1.09 

0.75 4 5 10 62.29 2.60 2.98 0.91 

0.75 4 5 15 63.80 7.41 3.06 0.94 
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0.75 4 5 20 65.30 12.21 3.14 0.97 

0.75 4 10 10 62.09 3.57 2.71 0.91 

0.75 4 10 15 64.88 8.14 2.85 0.94 

0.75 4 10 20 67.66 12.71 3.00 0.97 

0.75 4 15 10 61.88 4.58 2.44 0.92 

0.75 4 15 15 65.95 8.91 2.65 0.95 

0.75 4 15 20 70.02 13.25 2.86 0.98 

0.75 4 20 10 65.09 4.95 2.34 0.93 

0.75 4 20 15 68.94 9.32 2.54 0.96 

0.75 4 20 20 72.78 13.70 2.74 0.99 

0.75 4 25 10 67.26 5.51 2.20 0.94 

0.75 4 25 15 71.16 9.88 2.40 0.97 

0.75 4 25 20 75.06 14.24 2.60 1.00 

0.75 4 30 10 69.43 6.07 2.05 0.95 

0.75 4 30 15 73.38 10.43 2.26 0.98 

0.75 4 30 20 77.33 14.79 2.46 1.01 

1 4 5 10 45.51 2.76 2.81 0.79 

1 4 5 15 50.60 6.63 3.17 0.83 

1 4 5 20 55.69 10.51 3.52 0.87 

1 4 10 10 49.49 3.07 2.74 0.80 

1 4 10 15 54.16 7.06 3.06 0.85 

1 4 10 20 58.83 11.04 3.39 0.89 

1 4 15 10 52.19 3.76 2.58 0.83 

1 4 15 15 57.06 7.71 2.92 0.88 

1 4 15 20 61.93 11.65 3.25 0.93 

1 4 20 10 54.35 4.49 2.38 0.84 

1 4 20 15 59.65 8.33 2.75 0.89 

1 4 20 20 64.95 12.17 3.12 0.93 

1 4 25 10 57.10 5.06 2.23 0.84 

1 4 25 15 62.55 8.86 2.60 0.89 

1 4 25 20 68.00 12.66 2.98 0.94 

1 4 30 10 59.84 5.63 2.07 0.85 

1 4 30 15 65.44 9.39 2.46 0.89 

1 4 30 20 71.04 13.16 2.84 0.94 

2 4 10 10 30.70 2.01 2.88 0.64 

2 4 10 15 34.85 5.05 3.50 0.67 

2 4 10 20 39.01 8.09 4.13 0.71 

2 4 20 10 38.50 3.34 2.57 0.70 

2 4 20 15 41.87 6.79 2.96 0.74 

2 4 20 20 45.23 10.24 3.36 0.78 



 

 

189 

 

2 4 30 10 45.87 5.05 2.20 0.82 

2 4 30 15 49.11 8.58 2.63 0.86 

2 4 30 20 52.36 12.12 3.05 0.91 

2 4 40 10 53.56 6.50 1.88 0.90 

2 4 40 15 56.52 10.20 2.16 0.95 

2 4 40 20 59.47 13.89 2.43 1.00 

2 4 50 10 60.81 8.38 1.50 1.05 

2 4 50 15 63.69 12.14 1.74 1.10 

2 4 50 20 66.57 15.90 1.98 1.16 

2 4 60 10 68.50 9.97 1.18 1.17 

2 4 60 15 70.90 13.99 1.52 1.24 

2 4 60 20 73.30 18.02 1.85 1.30 

4 4 10 10 21.49 0.58 3.20 0.56 

4 4 10 15 23.09 4.06 3.66 0.59 

4 4 10 20 24.70 7.55 4.12 0.62 

4 4 20 10 30.08 2.26 2.80 0.63 

4 4 20 15 30.93 6.06 3.04 0.67 

4 4 20 20 32.70 9.86 3.27 0.70 

4 4 30 10 39.01 3.76 2.50 0.75 

4 4 30 15 40.22 7.69 2.83 0.79 

4 4 30 20 41.43 11.62 3.16 0.84 

4 4 40 10 47.57 5.81 2.10 0.93 

4 4 40 15 49.11 9.46 2.50 0.98 

4 4 40 20 50.64 13.11 2.90 1.03 

4 4 50 10 56.49 7.31 1.80 1.05 

4 4 50 15 58.02 10.98 2.20 1.10 

4 4 50 20 59.55 14.66 2.60 1.16 

4 4 60 10 65.40 8.70 1.50 1.14 

4 4 60 15 66.84 12.48 1.85 1.20 

4 4 60 20 59.55 14.66 2.20 1.26 
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Appendix F: Steady-state data for load-side sensitivity testing 

Table F-1: Tabular data for load-side sensitivity tests 

Flow 
Rate 

(L/min) 

Tgc 
avg 
(°C) 

Qload 
(kW) 

Pcom
p 

(kW) 
COP 

LMTD 
(°C) 

UA 
(kW/
°C) 

C 
water 
(kW/°

C) 

C 
CO2 
(kW/
°C) 

Q 
forced 
(kW) 

Cr 
mod 

(-) 

ε 
mod 

(-) 

Q 
source 
(kW) 

0.52 44.29 2.79 1.09 2.55 25.08 0.11 0.04 0.04 4.02 0.88 0.69 2.25 

0.52 44.73 2.86 1.10 2.60 25.13 0.11 0.04 0.04 4.11 0.88 0.70 2.26 

0.51 45.05 2.82 1.10 2.55 24.91 0.11 0.04 0.04 4.06 0.87 0.69 2.26 

0.51 45.27 2.85 1.11 2.57 24.89 0.11 0.04 0.04 4.11 0.87 0.69 2.25 

0.52 45.43 2.88 1.11 2.58 24.81 0.12 0.04 0.04 4.16 0.86 0.69 2.22 

0.52 45.53 2.92 1.12 2.62 24.74 0.12 0.04 0.04 4.23 0.86 0.69 2.23 

0.52 45.65 2.88 1.12 2.58 24.35 0.12 0.04 0.04 4.19 0.85 0.69 2.21 

0.52 45.87 2.91 1.12 2.60 23.91 0.12 0.04 0.04 4.25 0.84 0.68 2.18 

0.51 45.93 2.89 1.13 2.56 23.85 0.12 0.04 0.04 4.24 0.83 0.68 2.20 

0.52 46.09 2.93 1.13 2.58 23.70 0.12 0.04 0.04 4.29 0.83 0.68 2.17 

1.02 32.30 3.86 1.00 3.85 14.76 0.26 0.07 0.09 5.57 0.83 0.69 2.84 

1.02 31.93 3.81 1.00 3.80 14.44 0.26 0.07 0.09 5.54 0.81 0.69 2.84 

1.02 31.68 3.79 1.00 3.78 14.18 0.27 0.07 0.09 5.53 0.81 0.68 2.89 

1.02 31.50 3.77 1.00 3.78 14.03 0.27 0.07 0.09 5.52 0.80 0.68 2.88 

1.02 31.40 3.74 0.99 3.76 14.05 0.27 0.07 0.09 5.46 0.81 0.68 2.88 

1.02 31.37 3.73 0.99 3.76 14.00 0.27 0.07 0.09 5.46 0.81 0.68 2.93 

1.02 31.37 3.74 0.99 3.76 13.92 0.27 0.07 0.09 5.47 0.81 0.68 2.94 

1.02 31.37 3.73 0.99 3.76 13.94 0.27 0.07 0.09 5.45 0.81 0.68 2.94 

1.02 31.37 3.73 0.99 3.76 13.96 0.27 0.07 0.09 5.44 0.81 0.69 2.93 

1.01 31.41 3.72 0.99 3.75 13.89 0.27 0.07 0.09 5.42 0.81 0.69 2.91 

1.22 28.62 4.02 0.95 4.22 11.75 0.34 0.08 0.10 5.59 0.85 0.72 3.09 

1.21 28.49 3.97 0.95 4.18 11.62 0.34 0.08 0.10 5.54 0.84 0.72 3.12 

1.21 28.40 3.97 0.95 4.18 11.54 0.34 0.08 0.10 5.54 0.84 0.72 3.10 

1.20 28.33 3.90 0.95 4.12 11.52 0.34 0.08 0.10 5.47 0.84 0.71 3.12 

1.21 28.29 3.95 0.95 4.17 11.57 0.34 0.08 0.10 5.52 0.84 0.71 3.13 

1.22 28.30 3.96 0.95 4.18 11.51 0.34 0.08 0.10 5.54 0.84 0.71 3.13 

1.21 28.29 3.94 0.94 4.18 11.58 0.34 0.08 0.10 5.53 0.84 0.71 3.13 

1.21 28.29 3.94 0.94 4.17 11.58 0.34 0.08 0.10 5.53 0.84 0.71 3.14 

1.22 28.29 3.96 0.95 4.18 11.64 0.34 0.08 0.10 5.53 0.84 0.71 3.11 

1.22 28.28 3.95 0.94 4.18 11.63 0.34 0.08 0.10 5.52 0.84 0.72 3.12 

1.53 25.48 4.39 0.89 4.91 8.83 0.50 0.11 0.10 5.26 1.02 0.83 3.41 

1.52 25.28 4.32 0.89 4.84 8.62 0.50 0.11 0.10 5.18 1.01 0.83 3.41 
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1.52 25.12 4.28 0.89 4.80 8.60 0.50 0.11 0.10 5.15 1.01 0.83 3.42 

1.52 25.03 4.27 0.89 4.78 8.49 0.50 0.11 0.10 5.14 1.01 0.83 3.42 

1.52 24.98 4.27 0.89 4.81 8.48 0.50 0.11 0.11 5.16 1.00 0.83 3.42 

1.53 24.95 4.27 0.89 4.81 8.51 0.50 0.11 0.11 5.15 1.01 0.83 3.44 

1.53 24.95 4.27 0.89 4.81 8.53 0.50 0.11 0.11 5.15 1.01 0.83 3.45 

1.52 24.98 4.25 0.89 4.78 8.56 0.50 0.11 0.10 5.13 1.01 0.83 3.45 

1.53 24.95 4.29 0.89 4.85 8.64 0.50 0.11 0.11 5.19 1.01 0.83 3.45 

1.52 24.97 4.26 0.89 4.80 8.74 0.49 0.11 0.10 5.14 1.01 0.83 3.45 

1.76 23.38 4.55 0.86 5.29 7.08 0.64 0.12 0.11 5.05 1.15 0.90 3.57 

1.75 23.17 4.48 0.85 5.25 7.05 0.63 0.12 0.11 4.95 1.16 0.90 3.59 

1.74 23.08 4.44 0.85 5.21 7.08 0.63 0.12 0.10 4.91 1.16 0.90 3.60 

1.75 23.05 4.45 0.85 5.23 7.09 0.63 0.12 0.10 4.93 1.16 0.90 3.63 

1.75 23.05 4.45 0.85 5.23 7.08 0.63 0.12 0.10 4.93 1.16 0.90 3.62 

1.75 23.05 4.45 0.85 5.24 7.09 0.63 0.12 0.10 4.93 1.16 0.90 3.61 

1.76 23.06 4.46 0.85 5.25 7.12 0.63 0.12 0.11 4.94 1.16 0.90 3.64 

1.75 23.07 4.45 0.85 5.24 7.17 0.62 0.12 0.10 4.93 1.16 0.90 3.65 

1.74 23.05 4.42 0.85 5.21 7.21 0.61 0.12 0.10 4.90 1.16 0.90 3.62 

1.75 23.09 4.44 0.85 5.23 7.23 0.61 0.12 0.10 4.93 1.16 0.90 3.63 

1.98 21.36 4.56 0.82 5.56 7.29 0.63 0.14 0.10 4.91 1.31 0.93 3.72 

1.98 21.28 4.55 0.81 5.59 7.38 0.62 0.14 0.10 4.89 1.32 0.93 3.71 

1.99 21.25 4.55 0.82 5.58 7.50 0.61 0.14 0.10 4.89 1.33 0.93 3.75 

1.99 21.27 4.55 0.81 5.59 7.56 0.60 0.14 0.10 4.90 1.33 0.93 3.72 

2.00 21.28 4.58 0.81 5.62 7.54 0.61 0.14 0.10 4.92 1.34 0.93 3.75 

1.99 21.32 4.56 0.82 5.59 7.58 0.60 0.14 0.10 4.91 1.34 0.93 3.72 

1.99 21.32 4.57 0.82 5.60 7.62 0.60 0.14 0.10 4.92 1.34 0.93 3.77 

1.99 21.32 4.58 0.82 5.61 7.57 0.60 0.14 0.10 4.92 1.34 0.93 3.73 

1.98 21.29 4.54 0.81 5.58 7.61 0.60 0.14 0.10 4.88 1.34 0.93 3.75 

2.00 21.35 4.60 0.81 5.64 7.59 0.61 0.14 0.10 4.94 1.34 0.93 3.73 

2.50 17.97 4.61 0.78 5.88 9.37 0.49 0.17 0.10 4.93 1.68 0.94 3.80 

2.51 18.04 4.63 0.78 5.92 9.41 0.49 0.17 0.10 4.94 1.69 0.94 3.77 

2.51 18.06 4.64 0.78 5.95 9.49 0.49 0.17 0.10 4.95 1.70 0.94 3.80 

2.50 18.12 4.64 0.78 5.96 9.47 0.49 0.17 0.10 4.96 1.69 0.94 3.77 

2.50 18.11 4.63 0.78 5.93 9.54 0.49 0.17 0.10 4.95 1.70 0.94 3.81 

2.50 18.09 4.63 0.78 5.92 9.54 0.49 0.17 0.10 4.94 1.70 0.94 3.77 

2.50 18.07 4.62 0.78 5.91 9.58 0.48 0.17 0.10 4.94 1.71 0.94 3.80 

2.50 18.07 4.62 0.78 5.91 9.60 0.48 0.17 0.10 4.94 1.70 0.94 3.79 

2.50 18.09 4.64 0.78 5.95 9.58 0.48 0.17 0.10 4.95 1.70 0.94 3.76 

2.50 18.13 4.64 0.78 5.97 9.49 0.49 0.17 0.10 4.96 1.69 0.94 3.77 

3.50 14.55 4.78 0.78 6.15 11.37 0.42 0.24 0.11 5.09 2.31 0.94 3.78 

3.51 14.43 4.72 0.76 6.21 11.50 0.41 0.24 0.10 5.04 2.35 0.94 3.80 
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3.51 14.44 4.73 0.76 6.25 11.48 0.41 0.24 0.10 5.04 2.35 0.94 3.77 

3.51 14.48 4.75 0.76 6.27 11.50 0.41 0.24 0.10 5.06 2.34 0.94 3.79 

3.51 14.45 4.74 0.76 6.26 11.56 0.41 0.24 0.10 5.05 2.35 0.94 3.77 

3.52 14.48 4.75 0.76 6.28 11.57 0.41 0.25 0.10 5.07 2.35 0.94 3.77 

3.50 14.50 4.73 0.76 6.23 11.54 0.41 0.24 0.10 5.04 2.35 0.94 3.77 

3.52 14.47 4.73 0.76 6.24 11.51 0.41 0.25 0.10 5.05 2.34 0.94 3.78 

3.51 14.46 4.70 0.76 6.22 11.47 0.41 0.24 0.10 5.01 2.35 0.94 3.75 

3.52 14.45 4.72 0.76 6.22 11.48 0.41 0.25 0.10 5.03 2.35 0.94 3.74 

5.03 11.62 4.76 0.75 6.31 12.91 0.37 0.35 0.11 5.07 3.34 0.94 3.75 

5.04 11.64 4.79 0.75 6.43 12.86 0.37 0.35 0.11 5.10 3.32 0.94 3.74 

5.03 11.68 4.77 0.75 6.40 12.82 0.37 0.35 0.11 5.09 3.32 0.94 4.06 

5.01 11.73 4.79 0.75 6.41 12.88 0.37 0.35 0.11 5.10 3.30 0.94 3.75 

5.02 11.78 4.79 0.75 6.42 12.88 0.37 0.35 0.11 5.11 3.30 0.94 3.74 

5.04 11.81 4.79 0.75 6.41 12.84 0.37 0.35 0.11 5.10 3.31 0.94 3.77 

5.04 11.93 4.80 0.75 6.42 12.86 0.37 0.35 0.11 5.12 3.30 0.94 3.74 

5.03 12.06 4.75 0.75 6.36 12.90 0.37 0.35 0.11 5.08 3.30 0.94 3.76 

5.06 12.96 4.57 0.75 6.13 13.39 0.34 0.35 0.11 4.94 3.36 0.93 3.74 

 

 

 

 

 

 

 

 

 


