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Abstract 

A 0.8L, 3 cylinder turbocharged diesel engine was retrofitted for premixed and port injected dual 

fuel operation. Diesel baseline testing was conducted and conventional diesel trends in efficiency and 

emissions were found in relation to pilot start of injection (SOI) and load. However, at low loads the 

combustion mode deviated from a conventional diffusion flame.  The end of injection was found to occur 

well before start of combustion (SOC), suggesting that combustion was closer to premixed charge 

compression ignition (PCCI).  

Dual fuel mode operation was carried out using two methods. First, the fuel proportions were 

varied while maintaining 25% full load (FL).  The brake fuel conversion efficiency (BCFE), unburned 

hydrocarbons (UHC) and CO emissions suffered, while NOx emissions and peak pressure decreased with 

increased methane substitution. Ignition delay increased with methane substitution. Port injected dual fuel 

modes yielded improved BFCE, but similar UHC and CO emissions compared to premixed dual fuel.   

Second, constant pilot tests with small pilot quantities resulted in decreased BFCE and increased 

CO and UHC emissions compared to diesel-only.  Increasing load resulted in improved BFCE relative to 

diesel performance and decreased UHC and CO emissions. Constant pilot NOx emissions were lower 

than diesel-only at low load, but far exceeded diesel levels above 50%FL.  Increased pilot injection 

quantity provided emissions and BFCE benefits compared to the minimum pilot quantity for low loads 

only (below 50%). Advancing SOI increased peak cylinder pressure and temperature, and improved UHC 

and CO emissions.  Further advancement resulted in decreased BFCE due to very early heat release 

(BTDC). Similarly at 50%FL SOI advance increased peak pressure and temperature. Much less 

improvement in BFCE was found with SOI advancement, but UHC and CO emissions were reduced. At 

very early SOI angles SOC and peak pressure was retarded and yielded a slow ignition event followed by 

a single heat release event.  Increasing the load and/or pilot quantity resulted in further advancement of 

SOI timing compared to the smaller pilot quantity. All tests reported in this thesis were conducted at an 

1800RPM nominal engine speed. 
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Chapter 1 

Introduction 

1.1 Fossil Fuels 

The use of fossil fuels for power generation is a proven technology with increasing global 

use over the last century.  Although recent trends are to abandon the use of fossil fuels where 

possible for renewable energy sources, the societal inertia towards their use and existing 

infrastructure will render them a relevant and major energy source for decades to come.  The 

emissions of concern when burning fossil fuels are typically particulate matter, oxides of nitrogen 

(NOx), carbon monoxide (CO), unburned hydrocarbon (UHC) fuel, and most recently carbon 

dioxide (CO2) [1].  Particulate matter emissions, commonly referred to as soot are of increasing 

concern due to respiratory health risks in addition to environmental effects such as acid rain.  

Oxides of nitrogen are of concern as they can produce nitric acid when reacting with troposheric 

water and oxygen. Additionally, they break down ground level ozone in conjunction with UHCs. 

Carbon monoxide is a very harmful gas which also breaks down atmospheric ozone.  In addition 

to contributing to ground level ozone depletion, UHC emissions represent wasted fuel and thus 

loss of efficiency.  Continually improving the cleanliness and efficiency of fossil fuel burning 

processes is very important since their use will continue to grow over the coming decades.  This 

thesis focuses on the reciprocating internal combustion (IC) engine. 

1.2 IC Engines 

Typically, when discussing reciprocating IC engines there are two categories: spark 

ignition (SI) and compression ignition (CI). Within these categories there are a multitude of 

different engine architectures and operational variances that separate one engine from another, 

but the core concepts are very similar. For the purpose of this dissertation the most common and 

widely used engine architecture of SI and CI engines will be described. 
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The fundamental principle behind IC engine operation is to burn a compressed charge of 

air and fuel within a controlled volume and extract work through controlled expansion of the 

burned gases which are at elevated temperature and pressure.  The burned gases are then removed 

from the control volume and a fresh charge is admitted and compressed for the process to repeat. 

A typical IC engine schematic can be seen in Figure 1.1 followed by the ideal and real 

thermodynamic cycles in Figure 1.2. 

 

Figure 1.1: IC engine schematic [2]. 

 

 
Figure 1.2: Ideal (L) and real (R)thermodynamic I.C. engine otto cycles [3] 
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In the ideal Otto cycle of Figure 1.2 the intake stroke takes place from 5-1 where fresh air 

is admitted into the cylinder. This marks the downward travel of the piston in Figure 1.1 while the 

intake vale is open.  Isentropic compression takes place from 2-1 while both intake and exhaust 

valves are closed, and then constant volume (instantaneous) heat addition takes place from 2-3 

followed by isentropic expansion from 3-4. Heat rejection/exhaust occurs from 4-1-5.  The net 

work acting on the piston per cycle can be determined by equation 1.1 and represents the area 

bound by 1-2-3-4 in Figure 1.2. 

 
             

 

 

 1.1 

It can be seen that a ‘real’ PV diagram has a different shape compared to the ideal cycle.  

This is a result of the pressure drop required to draw air into, and exhaust air out of the 

combustion chamber, heat transfer interactions between the cylinder wall and gases inside the 

combustion chamber, and the realistic combustion process which does not occur instantaneously. 

When equation 1.1 is applied to the ‘real’ cycle the work calculated represents the area bound 

between the compression and power strokes.  This represents the net work done on the piston 

over the compression and power stroke but does not represent work available at the output shaft.  

Mechanical pumping losses, defined by the area bound between intake and exhaust stroke draws 

energy from the crankshaft, and hence decreases power available at the output shaft.  Engine 

friction further reduces the work available at the output shaft. 

1.2.1 Engine Terminology 

IC Engines are often classified or identified by their number of cylinders, cylinder 

orientation and total engine displacement in addition to their peak power and torque.  A 2.0L V6 

engine implies 6 cylinders in a ‘V’ configuration with a total engine displacement volume (Vd) of 

2.0L. Each cylinder would have a displacement of 0.33L.  Engine displacement is an important 

property because it represents the volume of a fresh air-fuel charge that can be admitted into the 
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engine per cycle. Engine displacement (Vd) which represents the volume swept by the piston 

between top dead center (TDC) and bottom dead center (BDC) illustrated in Figure 1.2 is defined 

in equation 1.2 

                           1.2 

Engines are also designed with a specific compression ratio (CR), which is defined in 

equation 1.3. 

 
   

    
    

 1.3 

An engine’s compression ratio is an integral part of I.C. engine design, and can often 

reveal the type of fuel and fueling strategies the engine uses.  Performance characteristics are also 

related to compression ratio, which will be discussed further in section 1.4. 

Peak engine performance is often evaluated relative to Vd , representing the engine’s performance 

(torque or power) per unit volume of engine displacement. This yields an engine’s power or 

torque density. The equations for power and torque density can be found in equations 1.4 and 1.5, 

respectively. 

 
   

     

  
 1.4 

 
   

    

  
 1.5 

1.2.2 SI Engine Operation 

In a 4-stroke SI engine fresh air is drawn into the combustion chamber during the intake 

stroke as the piston travels downward and intake valve is open.  Fuel may be admitted with the 

intake air during the intake stroke (indirect injection) or injected during the compression stroke 

via direct injection (DI). The compression stroke follows where the intake valve closes and 

exhaust valve remains closed.  Direct injection SI engines require more complex and robust 

injection systems compared to classic indirect injection SI engines since they must operate with 
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higher fuel pressures, and injectors are subject to combustion chamber pressure and temperature. 

This is a relatively new SI engine technology, and has introduced particulate matter issues with SI 

engines which historically have not been a concern.  As the piston approaches TDC of the 

compression stroke an ignition source, typically a spark plug ignites the mixture. The power 

stroke follows as the piston reaches TDC and begins to travel downward again.  Confined 

combustion gases at elevated temperature and pressure drive the piston down and work is 

extracted as the piston’s reciprocating motion is converted into rotational motion of the crank 

shaft through the connecting rod.  As the piston approaches BDC the exhaust valve opens and 

remains open as the piston travels upward again to drive out the burned gases.  As the piston 

approaches TDC of the exhaust stroke the intake valve opens and exhaust valve remains open 

until shortly after TDC of the exhaust stroke is reached (typically 10-20 crank angle degrees into 

the intake stroke).  This is known as valve overlap and improves air flow through the engine. A 

schematic representation of 4 stroke indirect injection SI engine operation can be seen below in 

Figure 1.3 with ignition and expansion illustrated separately within the power stroke. 

 

Figure 1.3: SI IC Engine 4 Stroke Cycle [4] 

1.2.3 SI Combustion Characteristics 

SI engine combustion is classified as a premixed air-fuel charge because the fuel is mixed 

with air before being ignited. A spark plug initiates combustion of the premixed charge and a 

flame front develops which must sweep the entire cylinder volume to ensure all fuel is oxidized.  
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The fresh fuel-air region ahead of the flame front is subject to rapidly increasing pressure and 

temperature. As the flame front sweeps the volume of the cylinder it creates burned gases 

(combustion products) at a much higher temperature than the initial charge. The increase in 

temperature of the combustion products results in expansion which compresses the air-fuel charge 

ahead of the flame.  It has been found that a condition referred to as ‘knocking’ or ‘engine knock’ 

occurs in SI engines when region(s) ahead of the flame front undergo auto-ignition, resulting in 

an abrupt rise in pressure and accompanying large pressure fluctuations which can cause severe 

engine damage [5]. Auto-ignition is the spontaneous combustion of a fuel-air mixture due to 

elevated temperatures [6]. Auto-ignition occurs when initially slow thermal reactions have a large 

enough chain-branching component to sustain and accelerate oxidation [7] which occurs when the 

fuel-air mixture reaches a critical temperature. Sporadic pressure waves develop as a result of 

auto-ignition sites ahead of the flame front, creating an audible pinging or ‘knocking’ noise as 

they reflect off combustion chamber surfaces.  A schematic diagram of SI combustion can be 

seen in Figure 1.4. 

 

 

Figure 1.4: Indirect injection SI combustion schematic 
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The ability to resist auto-ignition is an important property of fuels used in SI engines, and 

limits the compression ratio as well as the engine’s operating map.  This property is quantified by 

a fuel’s Octane Number (ON), where a higher value represents a fuel with more resistance to 

auto-ignition than a fuel with a lower ON. There are two octane rating scales: motored ON and 

research ON. In North America, fuel stations typically serve 87, 89 & 91 motored octane fuel, 

where only higher compression ratio engines require the increased ON fuel to prevent engine 

knock.  Flame speed also plays an important role in SI engine knocking.  A higher flame speed 

makes it difficult for auto-ignition to occur as the unburnt air-fuel mixture has less time to ignite 

under the elevated temperature. Fast flame speeds also ensure the full combustion chamber 

volume is swept by the flame before flame quenching due to expansion cooling takes place. In 

cylinder flame speeds of SI engines are largely dependent on the turbulence intensity and laminar 

burning velocity [5] due to their premixed nature. The laminar burning velocity is governed by 

the fuel-air mixture equivalence ratio (ER) and the initial pressure and temperature. Equivalence 

ratio is defined as the fuel-air mass ratio of the mixture divided by the stoichiometric fuel-air 

mass ratio and can be determined using equation 1.6. Stoichiometric refers to an air-fuel ratio 

where complete combustion of all fuel occurs, producing water and carbon dioxide without any 

leftover fuel or oxygen
1
. Equivalence ratios greater than unity indicate that there is insufficient 

oxidizer to burn all fuel while ERs less than unity indicate an excess amount of oxidizer is 

present. 

 

   
          

          
      

 
1.6 

 

Typical laminar flame speeds for various initial temperatures as a function of ER for 

methane fuel can be seen in Figure 1.5. Most hydrocarbon fuels exhibit a maximum flame speed 

                                                      

1
 Applies to hydrocarbon fuels 
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with ER slightly above one, but due to the requirement of emissions after treatment equipment 

(three-way catalytic converter) SI engines operate at ER=1 [5].  

Under IC engine conditions the in-cylinder turbulence stretches, shears and distorts the 

flame front increasing the flame area, allowing for higher ‘global’ flame speeds, while local flame 

speeds are still equal to the laminar flame speed.  Hence, turbulent flame speed is proportional to 

laminar flame speed. 

 

Figure 1.5: Laminar flame speed vs. equivalence-ratio for methane and natural gas in air 

[8] 

1.2.4 CI Engine Operation 

Compression ignition engines operate identically to SI engines in principal, but use a 

different fuel and method of introducing the fuel into the combustion changer. The same 4-stroke 

cycle is followed and engine architecture remains similar but the intake air control and fuel 

injection methods are quite different. While SI engines rely on fast flame speeds of premixed air 

and fuel, CI engines rely on auto-ignition of fuel injected directly into the combustion chamber 

near TDC. The remainder of the fuel injected is consumed in a diffusion type flame.  
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1.2.5 CI Engine Combustion Characteristics 

  CI engines rely on the temperature rise of air during the compression stroke and heat 

gained from the cylinder walls to initiate combustion of fuel injected directly into the combustion 

chamber near TDC of the compression – power stroke. There is both a physical and chemical 

component to the delay between start of fuel injection and auto-ignition. First the fuel is atomized 

and vaporized in the spray.  The fuel mixes with the air in order to provide molecular collisions 

between the fuel and oxygen.  Lastly the air/fuel mixture exhibits a chemical reaction ignition 

delay time, or induction time, which is a function of the fuel type, temperature, and local ER.  

The induction time is the result of chain-branching chemical reactions and will not be discussed 

in detail.  

  As the injected fuel mixes with air, local premixed regions develop with a range of ERs, 

both lower and higher than 1. These regions are subject to the elevated temperature and pressure 

of the in cylinder air due to compression and heat transfer from the cylinder walls  After the fuel 

has atomized, mixed with air and endured the fuel’s characteristic chemical ignition delay time, 

auto-ignition occurs. This takes place where local ERs yield the most favorable conditions for 

auto-ignition, typically where the ER is close to 1.  This initializes the combustion process that 

spreads to the rest of the premixed air fuel region.  Once auto-ignition has taken place the energy 

release rate via the diffusion flame is controlled by the fuel mass flow rate.  A schematic diagram 

of diesel CI combustion is provided in Figure 1.6. 
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Figure 1.6: Diesel combustion schematic 

As with SI engines, CI engines can exhibit engine knock. Diesel engine knock occurs 

when there is a large amount of fuel build-up prior to the time of auto-ignition, which results in a 

relatively large amount of fuel that auto-ignites, causing an abrupt pressure spike and resulting 

pressure waves [5]. This phenomenon can therefore limit fuel injection flow rate prior to auto-

ignition and the advancement of injection timing before TDC.  The Injection advance limitation is 

a result of the inverse relationship between crank angle degrees before TDC and in-cylinder air 

temperature (reaching a maximum at TDC).  As fuel injection is started earlier the potential for 

more fuel to build up increases because the early fuel injected is subject to lower temperatures, 

hence the overall tendency to knock increases. 

A fuel’s auto-ignition time is characterized by the Cetane Number (CN).  Higher CN 

fuels exhibit a shorter auto-ignition delay time than lower CN fuels, and therefore have higher 

resistance to knocking when used in a CI engine.  For this reason higher CN fuels are 

advantageous for CI engines and diesel fuel is most commonly used, having a CN of 50-55 [5].  
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1.3 SI and CI Engine-Out Emissions 

The UHC emissions from IC engine operation typically stem from wall and crevice 

quenching effects.  Essentially flames extinguish as they approach combustion chamber surfaces 

due to heat loss and decreased molecular collisions between the fuel and oxidizer.  SI engines, 

which operate with a premixed charge at an ER close to one, suffer from crevice & wall 

quenching UHC emissions. Running a SI engine slightly rich will add to UHC emissions as a 

result of insufficient oxygen to oxidize the fuel.  CI engines generally do not exhibit UHC 

emissions to the extent that SI engines do because crevice and wall quenching losses are not as 

prevalent [1].  The injection method and diffusion type flame does not allow for much fuel to 

come in contact with the combustion chamber walls.  Additionally, CI engines operate with a 

globally lean ER which aids in ensuring all the fuel is oxidized.  As combustion progresses, 

further mixing of the fuel rich zones takes place which allow oxidation of remaining fuel. 

The open-source combustion code Cantera, utilizing the GRI30 chemical kinetics 

mechanism was used to analyze the emissions from premixed methane/air combustion. The 

calculated UHC emissions vs. ER for a zero-dimensional premixed adiabatic combustion of 

methane and air is provided in Figure 1.7.  Only methane has been included in the UHC content.  

With the absence of real engine factors such as flame speed, quenching and crevice losses it can 

be seen that UHC emissions are relatively nonexistent for fuel-lean mixtures.  Even for slightly 

rich combustion their absence suggests that they still undergo partial combustion.  
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Figure 1.7: Premixed methane combustion UHC emissions vs. ER Cantera simulation 

1.3.1 CO Emissions 

Carbon monoxide emissions signify the partial oxidation, or incomplete combustion of 

the fuel.  This can result from flame quenching, low flame temperature or insufficient oxygen to 

fully oxidize to CO2.  CO emissions are typically worse in SI engines during startup from using 

excess fuel. During normal operation very small amounts are inevitable due to chemical 

equilibrium of the combustion products [9].  For CI engines CO emissions are very low due to the 

globally lean combustion [1].  However, their existence could result from operating beyond the 

upper torque limit, (which would also produce heavy smoke) where adequate mixing of fuel and 

air cannot take place before expansion cooling quenches the flame. The CO emissions for 

adiabatic, zero-dimensional premixed methane combustion are provided in Figure 1.8.  Under 

ideal, zero-dimensional conditions CO emissions are negligible till an ER of about 0.8. Once the 

mixture becomes rich CO emissions show a strong increase with increased ER due to partial 

oxidation caused by insufficient oxygen.  
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Figure 1.8: Premixed methane combustion CO emissions vs. ER Cantera Simulation 

1.3.2 NOx Emissions 

In IC engine operation the largest contributor to NOx formation is thermal NOx, which is 

controlled by the oxygen and nitrogen concentrations as well as combustion temperature [10]. 

Two other forms; ‘Prompt NOx’ and ‘Fuel NOx’ are generally ignored as their contributions to 

NOx emissions in IC engines are typically negligible [10]. They involve the oxidation of nitrogen 

bound with the fuel. Thermal NOx results from the decomposition of the nitrogen and oxygen in 

air at elevated temperature. A correlation for thermal NO formation is provided in equation 1.7 

[11]. 

      

  
 

      

    
    

       

 
      

   
*      1.7 

The rate of production is exponentially dependent on the temperature, and is also 

dependent on the oxygen and nitrogen concentrations.  The corresponding NOx emission 

calculated for an adiabatic constant pressure combustion process of a methane-air mixture is 

provided in Figure 1.9. 
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Figure 1.9: Premixed methane combustion NOx emissions vs. ER Cantera Simulation 

The NOx emissions peak where an abundance of oxygen is present while flame 

temperatures remain high.  This occurs at slightly lean conditions. This simulation can be 

compared to SI emissions much better that CI engines because SI operation is considered 

premixed.  CI ignition engines exhibit a wide range of local ERs throughout the combustion 

process, which contribute to high NOx formation.  The premixed auto-ignition of accumulated 

diesel fuel  diesel occurs in near stoichiometric and lean regions which contribute to a significant 

portion of the high NOx emissions [12]. The late diesel injected exhibits high temperature rich 

zone combustion which can supply neighbouring, oxygen abundant regions with heat to further 

promote NOx formation.   

1.4 Engine Performance Parameters 

The objective of engine testing typically involves obtaining the engine’s operating 

efficiency under various loads and control schemes, while capturing exhaust emissions data.  

Engine performance data is reported in terms of brake and indicated parameters.  
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1.4.1 Determining Brake Parameters 

  The term brake refers to shaft output values, and signifies the engine’s performance in a 

real application.  When looking at engine specifications the power and torque are always given in 

brake values because it represents what the user can expect the engine to produce. Brake 

performance parameters are determined by measuring the engine’s actual performance at the 

output shaft while on a dynamometer, and fuel consumption rate.  Brake performance parameters 

include efficiency, torque, power, and mean effective pressure. When engine power and fuel 

consumption rates are known equation 1.8 can be used to determine brake fuel conversion 

efficiency. 

 
      

   
       

 1.8 

This is commonly referred to as brake thermal efficiency (     if the combustion 

efficiency is assumed to be 100%. The       represents the fraction of energy within the fuel 

provided to the engine that is converted into useful work available at the output shaft. The fuel 

energy input rate is simply the fuel consumption rate (    ) multiplied by the fuel’s lower heating 

value (LHV). The LHV values used were 42.5MJ/kg and 49.5MJ/kg for diesel and methane 

respectively. The useful work,    , is obtained from the engine speed and measured output torque 

via equation 1.9 

 

            
1.9 

 

The brake work per cycle can be calculated using equation 1.10 and represents the useful work 

generated from each combustion cycle. 

 

         
   
   

 

1.10 
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Note that the “2” in the denominator of equation 1.10 is required because a power stroke occurs 

once in two engine revolutions for a 4 stroke engine. Another brake parameter that is often used 

to compare the performance of different size engines is the mean effective pressure (MEP).  This 

is a fictitious constant pressure that would result in the same net work per cycle if allowed to act 

over a volumetric change equal to    and can be calculated by equation 1.11. 

 

     
        

  
 

1.11 

 

1.4.2 Determining Indicated Performance Parameters 

Indicated performance parameters refer to the work done on the pistons. It represents 

performance parameters that could be available to the output shaft if there were no mechanical 

losses between the pistons and drive shaft. The losses include engine dry friction, air pumping 

losses, and in the case of real applications auxiliary component losses such as the coolant pump 

and alternator. 

 Indicated parameters also include efficiency, torque, power, and mean effective pressure.   

When determining indicated parameters the engine speed is measured directly from the 

crankshaft, while the work/cycle acting on the pistons is calculated with cylinder pressure history.  

Retrieving indicated performance parameters requires that in-cylinder pressure data be captured 

synchronously with in-cylinder volume. 

In-cylinder pressure data can be captured on a time-step basis with pressure transducers 

installed in each cylinder.  The in-cylinder volume is obtained from the crankshaft position data 

on a time step basis with knowledge of the engine geometry.  A schematic diagram of the critical 

geometry of an I.C. engine is shown in Figure 1.10 
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Figure 1.10: I.C. Engine Piston – Crank Mechanism [5] 

With knowledge of the engine’s CR, Vd, crank journal offset (r) connecting rod length (l), 

(and cylinder bore (b) an equation for combustion chamber volume with respect to crank angle 

degrees can be obtained with the following equations (where asterisks signifies an individual 

cylinder’s property) [5]. 

                   
     

 

 
    1.12 

 
    
  

  
 

      
 

1.13 

                 
 

  
             1.14 

Equations 1.12, 1.13 and 1.14 can be used with in-cylinder pressure data to complete the 

integral from equation 1.1. Once indicated work per cycle is calculated other indicated parameters 

such as power, torque, efficiency, and mean effective pressure can be obtained with the use of 

measured engine speed and fuel consumption. Note that the computation of          is the 

starting point for determining all indicated parameters, while measuring the engine’s speed and 

output torque is the starting point for determining brake parameters. Equations for determining 
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indicated work per cycle, efficiency, power and torque is provided in equations 1.15 through 

1.18.  

 
              

     

           

 1.15 

                 1.16 

 
      

   
       

 1.17 

 
    

   
 

 1.18 

 

Note that the indicated work/cycle is representative of the net work done during the 

compression and power strokes, and is not diminished by work lost during the intake and exhaust 

strokes. This captures the true conversion efficiency of fuel energy acting on the pistons.  Brake 

and indicated performance parameters can be related to each other through the engine’s 

mechanical efficiency as shown in equation 1.19 where          and     can be inserted as 

the performance parameter (PP). Mechanical efficiency accounts for air pumping losses, and 

engine dry friction. 

             
1.19 

 

In practice an engine has varying mechanical efficiencies depending on engine speed, load, 

coolant & oil temperatures, and air humidity.  Mechanical efficiency varies greatly, being 0% at 

idle and close to 90% at full load [13]. For research purposes both brake and indicated 

performance parameters are measured and the resulting mechanical efficiency is calculated 

instead of measuring one and relating the other through a ‘known’ mechanical efficiency.   
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1.4.3 Detailed Combustion Analysis 

In order to gain understanding of the combustion phenomena within the cylinder the heat 

release rate (HRR) must be calculated.  This is accomplished through the use of equation 1.20, 

which is the energy equation applied to a closed system [12].  When this is applied to an IC 

engine it represents the net heat release rate (NHRR) or ‘apparent’ heat release rate because heat 

lost to cylinder walls and pressure loss through piston blow by affect the measured pressure, 

hence the gross HRR cannot be obtained with pressure measurements only. Hereafter NHRR will 

be referred to as simply ‘HRR’  and can be calculated by integrating equation 1.20, where 

pressure and volume data are captured, 
  

  
 can be numerically determined from the raw data and 

   

  
 can be determined by differentiating equation 1.12. The constant k represents the ratio of 

specific heats for the combustion gases (gamma), which for ideal isentropic, adiabatic 

compression/expansion is 1.4 for air.   In practice a real value is determined by calculating the 

slope of log(P) vs. log (V) over the compression or power stroke. The value of k used for HRR 

calculations in this dissertation was experimentally determined through CatoolRT, and ranged 

from 1.28 – 1.34. 

   

  
  

 

   
 
  

  
  

 

   
 
  

  
 1.20 

1.5 Advantages and Limitations of SI and CI Engines 

1.5.1 Emissions 

SI and CI engines have their advantages and drawbacks.  SI engines use a premixed, near 

stoichiometric ER resulting in fast flame speeds, low soot production and the benefit of using a 3-

way catalytic converter to further reduce emissions.  Figure 1.11 shows the conversion efficiency 

for a 3-way catalytic converter when used in a SI engine.  A narrow window of optimized 

catalytic converter performance is seen very close to stoichiometric engine operation; hence SI 

engines operate in this region. 
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Figure 1.11: Three-Way catalytic converter efficiency vs.  air/fuel ratio [1] 

CI engines operate in a globally lean state due to mixing limitations of directly injected 

fuel in order to reduce overall soot formation. However, combustion takes place in locally rich 

regions resulting in higher levels of soot and higher peak flame temperatures. This results in 

higher NOx and soot levels in CI engines. The use of a three-way catalytic converter is 

ineffective for reducing NOx due to globally lean conditions and the increased soot production 

can `smoke`, or coat the catalyst surfaces with soot. 

The use of a premixed charge in SI engines induces UHC emissions due to quenching at 

the combustion chamber walls and crevices, but as shown in Figure 1.11 UHC emissions can be 

reduced in SI engines with a catalytic converter.  CI engines do not exhibit quenching losses to 

the same extent as SI engines because combustion is not premixed. 

1.5.2 Efficiency 

For SI engines the ER is fixed at one, thus the power produced is proportional to the 

amount of air that is inducted into the engine.  This requires severe air throttling at part load 

conditions, which impose large pumping losses and resulting loss in overall efficiency.  Pumping 
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losses increase the area bound by the exhaust and intake strokes as shown in Figure 1.2, drawing 

energy from the engine crankshaft.  Spark ignition engines are notorious for poor part load 

efficiency.  With CI engines air flow through the engine does not need to be reduced at low loads 

because the fuel charge is not premixed. Rather, allowing large amounts of air into the 

combustion chamber aids in CI engine operation by providing abundant high temperature air at 

TDC to ignite, thoroughly mix and burn rich fuel zones.  For this reason CI engines do not 

throttle the intake air and pumping losses are very low, resulting in far superior part load 

efficiency compared to SI engines [5]. 

High compression ratio IC engines are ideal due to the increased cycle thermal efficiency 

as can be seen in Figure 1.12. This simple calculation does not take into account physical 

limitations such as piston blow-by and heat transfer to cylinder walls, but illustrates the trend of 

increased efficiency with increased compression ratio.  SI engine compression ratios are typically 

close to 10, with some high performance engines being above 13.  Higher CRs cannot be reached 

with commercially available gasoline due to the onset of engine knocking, i.e., SI engine 

efficiency is limited by knock.  For CI engines, higher CRs are desired to aid in auto-ignition of 

the diesel upon injection.  CI engine compression ratios for light duty engines are commonly 

between 16-22.  Physical constraints become the limiting factor and cylinder wall heat loss 

counteracts the efficiency improvement from higher CRs.   CI engines are therefore advantageous 

because of their ability to operate under elevated CRs and improved part load efficiency. 
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Figure 1.12: Otto cycle thermal efficiency vs. CR (gamma=1.4) [14] 

1.5.3 Peak Torque 

For indirect injection SI engines the fuel that is injected into the air intake displaces air 

and thus is a limiting factor for peak load.  . This does not apply to CI engines because fuel is 

injected directly into the cylinder after the air is admitted. 

In-cylinder turbulence is a limitation for both SI and CI engine peak torque output.  For SI 

engines, turbulence increases flame speed and can allow for increased CRs or turbo charging 

before the onset of engine knock.  For CI engines turbulence is needed to adequately mix the 

liquid fuel injected in the combustion chamber in a timely manner. In-cylinder turbulence limits 

the global ER for CI engines, and is often cited as being limited to ER=0.7 for light duty 

turbocharged engines [12]. Fuel injected in addition to ER=0.7 often contributes to high soot and 

CO production due to locally rich fuel zones undergoing incomplete combustion.  Turbo charging 

is much more common, and often required in CI engines because it increases the amount of fuel 

that can be injected and decreases the tendency to knock.  When looking at comparable 

commercial CI and SI engines, CI engines have a higher torque density. This is largely a result of 

the increased air and hence fuel that can be injected as a result of high levels of turbo charging 

attainable for CI engines.  Turbo charging is not limited by engine knock in CI engines as with SI 

engines.  Elevated CRs may also contribute to the increased torque found in CI engines as a result 
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of increased efficiency.  SI engines are however severely limited in the amount of turbo charging 

due to knock limits. Turbocharged SI engines typically require premium octane fuel, and/or have 

lower CRs to counter the tendency to knock.   

1.5.4 Power 

CI engines are typically limited to lower engine speeds than SI engines. This is largely due 

to ignition delay, fuel mixing limitations, diesel knock and injection flow rate limitations of CI 

engines. For this reason SI engines typically have higher power densities because they can run 

much faster.  Increasing diesel fuel injection pressure and the use of multiple injections in CI 

engines is decreasing the engine speed discrepancy between CI and SI engines and thus 

narrowing the power density gap between them.   This phenomenon has been shown in Table 1.1 

and Table 1.2 which show Ford Motor Company gasoline and diesel truck engines from 2002 and 

2015/2016 respectively. It can be seen that in 2002 the 7.3L diesel engine has a marginally higher 

torque density of 97.5 
Nm

/L compared to 84.7 
Nm

/L and 87.8 
Nm

/L for the 6.8L and 5.4L gasoline 

engines respectively.  Power densities are substantially higher for the 2002 6.8L and 5.4L 

gasoline engines which are 34.0 
kW

/L and 35.9 
kW

/L respectively compared to the 2002 7.3L diesel 

engine which is 25.5 
kW

/L.   

Table 1.1: 2002 Ford Gasoline and Diesel Pickup Truck Engine Specifications 

Engine Parameter 5.4L Gas 6.8L Gas 7.3L Turbo Diesel 

Engine configuration 5.4L V8 6.8L V10 7.3L V8 

Compression Ratio 9.0:1 9.0:1 17.5:1 

Fuel Injection  Multi Port Multi Port HEUI (DI)2 

Peak Torque/RPM 474Nm/2500 576Nm/3250 712Nm/1600 

Peak  Power/RPM 194kW/4500 231kW/3250 186kW/2600 

Turbocharged No No Yes 

Power Density 35.9[kW/L] 34.0[kW/L] 25.5[kW/L] 

Torque Density 87.8[Nm/L] 84.7[Nm/L] 97.5[Nm/L] 

 

                                                      

2
 Hydraulic Electronic Unit Injector, Direct Injection 
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Table 1.2: 2015-16 Gasoline and Diesel Pickup Truck Engine Specifications [15] [16] 

Engine Parameter Ford 5.0L Gas3 Ford 6.2L Gas4 Ford 6.7L Turbo Diesel4 

Engine Configuration 5.0L V8 6.2L V8 6.7L V8 

Compression Ratio 10.5:1 9.8:1  16.3:1 

Fuel Injection  Multi Port Multi Port Common Rail Diesel 

Peak Torque/RPM 525Nm/3850 549 Nm/4500 1166.16 Nm/1600 

Peak  Power/RPM 287kW/5750 287 kW /5500 328 kW /2800 

Turbocharged No No Yes 

Power Density 57.4[kW/L] 46.3[kW/L] 49.0[kW/L] 

Torque Density 105.0[Nm/L] 88.6[Nm/L] 174.0[Nm/L] 

For current pickup truck engines shown in Table 1.2 the power and torque densities are 

improved, but more so for the diesel engine.  The 2016 6.7L diesel has nearly double the power 

and torque density of the 2002 7.3L diesel, yielding 49.0 
kW

/L and 174 
Nm

/L. This is largely a result 

of the increased common rail pressure and control schemes compared to the older unit injectors, 

in addition to improved turbo charger supply pressure.  

The current gasoline engine’s power and torque densities have also improved from their 

2002 counterparts, but much less than the diesel engine.  The power density gap between current 

Ford diesel and gas engines has diminished while torque density of the current diesel engine far 

surpasses its gasoline counterparts.   

1.6 Engine Testing 

In order to conduct I.C. engine testing, an engine is connected to a dynamometer. 

Dynamometers are used to provide the engine with a controllable load in order to collect data at 

desired engine speed and torque conditions. Dynamometers are categorized as active or passive, 

and typically have the ability to maintain a constant engine speed while automatically varying 

load. Passive dynamometers typically use an impeller to transfer work from the engine to water 

                                                      

3
 2015 F-150 Engine 

4
 2016 Ford Super Duty Engine 
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where resistive torque is a function of engine speed and water flow rate through the turbine. A 

schematic diagram of a passive water brake dynamometer is shown in Figure 1.13. 

 

Figure 1.13: Water Brake Dynamometer Schematic [17] 

An active dynamometer, also known as a motoring dynamometer has the advantage of 

being able to motor the engine at various speeds without the engine producing any power itself. 

Motoring dynamometers can be used to experimentally determine an engine’s mechanical friction 

at various engine speeds, turn the engine over for startup, and provides a larger operating range 

for the engine to be tested since its resistive torque is not a function of engine speed.  Motoring 

dynamometers utilize an electrical motor/generator to give or draw power from the I.C. engine 

connected to it. 
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Chapter 2 

Literature Review 

2.1 CI Engine NOx and Soot 

Conventional CI diesel engines exhibit a complex and dynamic combustion process that 

cannot be understood in terms of premixed combustion alone. Upon start of injection (SOI) diesel 

fuel builds up in the cylinder as the spray length increases. Atomization and entrainment of hot 

compressed air partially vaporizes the periphery of the diesel spray until auto-ignition occurs 

(premixed combustion), whereby the accumulated vapour is burnt at various ERs(both below and 

above unity). Figure 2.1 shows a typical heat release rate (HRR) profile for diesel injection. The 

time between SOI and ignition is referred to as the ignition delay. Due to the presence of lean 

combustion this event is a large contributor to NOx formation. After the diesel auto-ignition 

premixed combustion event, rate controlled combustion of a diffusion type flame occurs while 

diesel is continuously injected till shortly after end of injection (EOI). Late combustion follows 

where the remaining fuel in the form of droplets continues to burn heterogeneously. High soot 

formation occurs during the rate controlled and late combustion periods which exhibits rich zone 

combustion. 

 

Figure 2.1: Typical CI Diesel engine Heat Release Rate Profile [18] 
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In order to characterize the particulate matter and NOx emissions from CI engines a 

simplified NOx-Soot map can be used, which can be seen in Figure 2.2 

 

Figure 2.2: Diesel NOx – Soot Map vs Flame Temperature and ER [19] 

 Contours of calculated soot and NOx concentration are shown on a plot of flame ER 

versus combustion temperature for n-heptane (simulant for diesel fuel) in air. The NOx and soot 

contours show the flame regions that contribute to high NOx and soot levels.  After the initial 

premixed auto-ignition occurs, a steady-state complex flame structure forms that is shown on the 

left-side of Figure 2.3 (Conventional Diesel Combustion). The diesel fuel liquid jet atomizes and 

entrains hot air that raises the temperature and leads to enhanced evaporation producing a mixture 

of diesel vapour and air (primarily fuel rich) around the periphery and tip of the jet. The 

temperature of this mixture can be as high as 650K with no reaction taking place.  Once inside the 

diffusion flame envelope (see Figure 2.3) the temperature of this mixture is further raised by 

additional entrainment of hot air and partial combustion products. Once the temperature reaches 

roughly 850°K high cetane number fuels, such as diesel, can undergo pyrolysis producing UHC, 

such as acetylene, ethylene and C3H3 fragments, in the “first-stage ignition zone” of the 
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premixed combustion as shown in Figure 2.3. In this same first stage partial oxidation leads to the 

formation of CO. The oxidation in the “second-stage fuel-rich ignition” of the premixed 

combustion consumes all the available oxygen raising the temperature to the adiabatic flame 

temperature, which can be as high as 1800°K for the very rich mixture. The surviving UHCs, 

such as acetylene and ethylene, are precursors to soot formation. Thus the premixed combustion 

is responsible for soot that forms downstream in the red “bubble region” in Figure 2.3. The fuel 

and most of the soot that exists in the bubble region is combusted in a diffusion flame (air diffuse 

to the flame from outside the red region) that surrounds the bubble. Combustion in the diffusion 

flame occurs at stoichiometric conditions, so it produces a very high temperature that oxidizes 

(consumes) most of the soot and UHCs and produces large amounts of NOx. This high NOx state 

is represented in Figure 2.2 by the point at ER=1 and combustion temperature of 2700°C. This 

represents the typical diesel combustion model, where a diffusion type flame is the main feature. 

 

 

Figure 2.3: Conventional and LTC diesel spray combustion schematic [20]  
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2.2 NOx Reduction Techniques 

A major focus in CI engine development is to reduce NOx and particulate matter.  The 

reduction of NOx has been accomplished primarily through the use of exhaust gas recirculation 

(EGR).  Diluting the air with EGR reduces oxygen concentrations resulting in lower flame 

temperatures at identical ERs.  This is an excellent strategy for reducing NOx emissions, and is 

achieved by re-circulating a portion of the oxygen depleted exhaust gases back into the cylinder 

with the fresh air.  In doing so, all combustion temperatures are lowered which can aid in 

avoiding the high NOx regions of Figure 2.2.  This EGR strategy is illustrated in Figure 2.4, 

where increasing EGR is represented by the decreased oxygen concentration adiabatic flame 

temperature curves.  Diesel combustion in air is illustrated by the 21% O2 curve while increasing 

EGR is represented by the 15% and 10% 02 curves. 

 

Figure 2.4: Effect of EGR on adiabatic flame temperature is it relates to NOx and soot 

formation [21] 

 The effectiveness of EGR in NOx reduction has been studied extensively, for example 

see Figure 2.5. The EGR% represents the percentage of gas admitted during the intake stroke that 
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comes from the engine’s exhaust stream. Note that higher loads require less EGR to achieve the 

same NOx reduction % since less oxygen is present in the exhaust gases, thereby increasing the 

exhaust gases effectiveness to dilute oxygen. 

 

Figure 2.5: Effect of EGR on NOx Emissions in a HD Turbocharged Diesel Engine [22] 

2.2.1 Soot & Particulate Matter Reduction 

The use of EGR was shown to be an excellent method for reducing NOx emissions but it 

can worsen overall particulate matter emissions. More combustion takes place in rich, oxygen 

depleted zones that lowers flame temperatures and inhibits complete oxidation of intermediate 

species such as CO and soot.  The test results shown in Figure 2.6 were obtained from a naturally 

aspirated 3 cylinder 2383cc HA394 Kirloskar engine. Increased EGR at all loads results in a 

decrease in NOx and a corresponding increase in opacity (proportional to soot concentration) and 

CO concentration. 
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Figure 2.6: CO, NOx and Exhaust Opacity vs Engine Load for various EGR rates [23] 

 Improving CI engine soot emissions is a great concern and major driving factor in current 

and emerging CI engine technologies. Strategies for reducing soot emissions typically aim to 

reduce the amount of rich combustion. This is achieved in various ways with different injection 

and combustion techniques.  First and fore-most, increasing diesel injection pressure has been 

found to be a good method for reducing soot emissions.  Although the atomization process occurs 

faster with increased fuel pressure, the diesel chemical auto-ignition delay time is not shortened, 

which allows for increased mixing and reduced ERs prior to combustion. This phenomenon is 

illustrated in Figure 2.7, which was captured on a 6 cylinder turbocharged diesel engine.  
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Figure 2.7: Smoke Index vs Fuel Injection Pressure for various loads [24] 

In addition to increasing diesel pressure, the use of multiple injections has proven to be 

advantageous in CI engines.  A proposed “state of the art” injection strategy for CI diesel engines 

is illustrated in Figure 2.8.  The use of early pilot injections at lower pressure admits little fuel 

that undergoes auto-ignition, reducing engine noise and NOx emissions. The main injection event 

starts with lower pressure to reduce the amount fuel admitted during this phase. This reduces 

combustion rates close to TDC, thereby reducing peak cylinder pressure and temperature for 

further NOx reduction. Pressure is increased during the latter part of the main injection event for 

particulate matter reduction.  A high pressure post injection may be used for further reduction in 

particulate matter by allowing fresh entrainment air to follow late fuel injected during the main 

injection event.  This provides a ‘fresher’, oxygen abundant mixture for the post injection.  

Lastly, a secondary low pressure post injection may be used for boosting exhaust gas temperature 

as required by emissions after treatment systems. Currently, commercial engines utilize the 

multiple injection approach, but do not have the capability of varying injection pressure 

throughout the injection event. 
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Figure 2.8: Proposed State of the art Diesel Injection Pressure and Needle Lift Strategy 

[25] 

2.2.2 Advanced combustion processes 

Further advancement of the CI engine combustion process for the overall reduction of 

emissions includes low temperate combustion (LTC) in ultra-lean fuel regions.  This is 

accomplished in a variety of ways including homogenous charge compression ignition (HCCI), 

premixed charge compression ignition (PCCI), and reactivity controlled compression ignition 

(RCCI) involving dual fuel operation. All three modes are very similar, and attempt to yield lean, 

low temperature combustion for both reduced NOx and Soot levels, see Figure 2.2. Also, LTC 

also reduces cylinder heat losses during combustion thereby increasing thermal efficiency.  

Essentially, a large portion of fuel is injected very early in the compression stroke, or even during 

the intake stroke, in order to form a lean fuel air mixture. 

  Ignition is controlled in PCCI and RCCI operation through the use of one or multiple pilot 

injections near TDC.  The RCCI engine employs the use of a low and high reactivity fuel 

(commonly gasoline and diesel) where the low reactivity fuel is admitted early and the high 

reactivity fuel is injected as the ignition source and to provide additional power [26]. A PCCI 

engine simply requires that early fuel admission occurs for a premixed charge to develop, 

SOC 
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typically diesel, while secondary diesel injection(s) control ignition near TDC and provide heat 

for combustion of the lean regions [27]. For traditional CI operation, the diesel fuel is injected 

late in the compression such that very little mixing occurs. The results in the first stage of 

combustion occurring under very rich conditions that produce the soot precursors that lead to high 

soot production, see Figure 2.4. For PCCI operation the fuel is injected early such that mixing 

occurs before reaction occurs, and then rich combustion occurs at a much lower ER (around 

ER=2 in Figure 2.4 resulting in reduced soot production. High NOx is still produced through the 

diffusion flame but this can be controlled via EGR (by following the 10 or 15% oxygen curves in 

Figure 2.4).  PCCI combustion is shown schematically in Figure 2.3 (Low Temperature).   

Ignition in HCCI engines is accomplished through the auto-ignition of a homogeneous 

charge typically generated via port fuel injection.  The objective is to have the premixed, 

homogenous charge auto-ignite without the use of a secondary injection or ignition source at a 

desired crank angle.  This technology is not commercially available due to the complex control 

issues with ignition timing and limited operating ranges [28]. However, in theory it yields the 

most promising NOx and particulate matter emissions reduction and increased fuel efficiency. 

The operating regimes for these combustion modes can be seen in Figure 2.9 where RCCI would 

fall within the PCCI envelope. 

 

Figure 2.9: NOx Soot Map for Various CI Combustion Modes [29] 
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2.3 Introduction to Dual Fuel CI Engines 

The goal of Dual Fuel (DF) CI engines is to combine the high efficiency of CI engines with 

the low NOx and soot production seen in SI engines.  Dual Fuel CI engines often use the same 

engine architecture as a diesel CI engine, with modifications made to the fuel and intake systems 

to introduce a second, gaseous fuel.  The CI engine architecture provides high compression ratios 

and no air throttling for higher efficiency, and the gaseous fuel can be pre-mixed with air for 

reduced soot and NOx emissions.  Ignition is initiated similarly to CI engines, but the diesel 

injection serves as the ignition source only and does not provide significant power.  The majority 

of power is to come from a premixed air-fuel charge similar to SI engines.  A conventional dual 

fuel combustion schematic is provided in Figure 2.10. 

 

Figure 2.10: Conventional Dual Fuel Combustion Schematic 

Un-throttled air and fuel is admitted in the combustion chamber and ignited by the pilot 

fuel injection.  After ignition the combustion is very similar to SI engines where a flame front 

must sweep the combustion chamber to burn all the gases.  This eliminates the part load throttling 

losses seen in SI engines, reduces rich zone combustion and maintains the high CR and efficiency 

known to CI engines.  In order for successful dual fuel operation the primary fuel must have high 

resistance to auto-ignition since it is subject to CI engine CRs.   Natural gas is popular for DF 

operation due to its high octane rating of over 120 [30] and its affordability.  Diesel fuel is 
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traditionally used as the pilot fuel as it allows for minimal modifications to the existing CI engine 

architecture. 

2.3.1 Diesel – Natural Gas Dual Fuel Compression Ignition Engine Motivation 

Natural gas, now more than ever, is a highly desired energy source due to its availability 

and affordability. As of May 2015 petroleum costs were roughly 4 – 7 times more expensive than 

natural gas per unit energy across Canada [31]. Furthermore, natural gas combustion produces 

negligible amounts of soot when compared to diesel fueled engines largely due to the absence of 

carbon-carbon bonds in methane, the primary constituent of natural gas. It is known that the use 

of natural gas in a compression-ignition (CI) engine is an ideal solution for efficient and clean 

combustion. This is due to the fact that most CI engines are roughly 15-25% more efficient in 

comparison to SI engines [32]. The complexity of operating CI engines with natural gas is related 

to the fact that natural gas has a relatively high auto-ignition temperature of 580°C compared to 

gasoline and diesel which are 250°C -280°C AND 210°C respectively [33].  

2.3.2 Dual Fuel Diesel-Natural Gas Compression Ignition Engine Operation 

Currently, to run CI engines with natural gas  a pilot fuel, typically diesel, is used as the 

ignition source [34] [35] [36] [37] [38].  Different methods of introducing the gaseous charge into 

the combustion chamber include fully premixed, port injection and direct injection [35]. The 

liquid pilot fuel is ideally injected in small proportion to the gaseous fuel and acts as an ignition 

source.  Typically diesel engines are retrofitted to accommodate the introduction of a gaseous fuel 

with intake air, and are operated with simultaneous use of diesel and gaseous fuels. This 

modification retains the option to run on 100% diesel fuel. The objective is to utilize the high 

compression ratio and un-throttled intake air of diesel engines in order to obtain superior thermal 

efficiencies compared to SI engines while operating in a CI mode.   

The use of diesel dual-fuel engines with natural gas (DDFNG) provides a promising 

combination of reduced soot and NOx emissions while maintaining relatively similar brake 
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specific fuel consumption (BSFC) as diesel engines [34] . The drawback is the high levels of 

unburned hydrocarbons (UHC) and increased CO production at low loads due to lean mixture 

operation [35] , which is not an issue in diesel-only operation [39] [38].  Furthermore, the 

addition of a premixed primary fuel in a diesel engine introduces similar UHC sources 

experienced in SI engines. Wall quenching and crevices now produce UHC, which is typically 

not an issue with the direct injection diesel engines [5]. The primary UHC emission in DDFNG 

engines is methane, which implies that that the natural gas undergoes poor or incomplete 

combustion [35] .  With DDFNG engines, the UHC emissions seem to be substantially higher 

under part load conditions as compared to Diesel-only operation, but decreases as the load 

increases [35] [39] [38]. Therefore, the thermal efficiency of DDFNG engines is also reduced 

under part load conditions, which can be attributed to subpar gas utilization as evident by the 

UHC emissions [35] [35] [39] [38] [40].  It is expected that this is due to lean pre-mixed 

combustion that results in reduced flame temperatures, reduced flame speeds possibly leading to 

un-swept air/fuel zones, incomplete combustion and crevice/wall quenching.  This is largely due 

to the imposition of SI like operation in a CI engine where air is not throttled to maintain an 

equivalence ratio at part load, which is magnified by the increased ignition temperature of 

methane.  Polk et al. [37] shows clear trends of increasing UHC and CO emissions as methane is 

increasingly substituted for diesel fuel as shown in Figure 2.11.  Brake specific UHC (a) and CO 

(b) is shown with curves representing constant load (BMEP) with increasing methane 

substitution. The UHC emissions increase with increased methane substitution for all load 

conditions. The CO emissions increase with increase methane substitution for all load conditions 

except high load (10bar BMEP), which exhibits a slight decrease in CO emissions after 

approximately 25%.  The increasing CO emissions are attributed to lean premixed combustion 

resulting in lower bulk fluid temperatures and incomplete combustion, leaving stable CO that 

does not convert to CO2 [37]. Until DDFNG engine technology can reduce UHC emissions and 
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improve efficiency at part load they will not be marketable to the automotive industry.  However, 

mid – high load engine applications such as power generation can currently benefit from the 

reduced soot and NOx emissions typical of DDFNG engines, with very little increase in engine 

out UHC emissions.  

 

Figure 2.11: UHC and CO emissions vs. Energy substitution% for diesel piloted methane 

and propane dual fuel engine operation [37] 

Research has been done to improve the part load efficiency and UHC issues seen in dual 

fuel modes.   It has been found that the presence of a secondary fuel within the combustion 

chamber increases diesel ignition delay compared to diesel-only operation [41].  This results in 

decreased peak temperatures and pressures which add to the poor flame qualities of lean 

mixtures.  Advancing diesel pilot injection has been found to improve the UHC emissions by 

shifting the main combustion event closer to TDC, where it yields increased cylinder temperature 

and pressure which aids in burning lean mixtures of the premixed gas region [41].  However, pilot 

injection advance is unable to decrease UHC emission to match that of diesel-only operation and 

still requires further improvement.  
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Other research has been done to understand and characterize the UHC emissions in 

DDFNG engines including studying injection timing, pilot fuel to gas fuel mass ratios, gas 

injection methods and varying the load.  However, there is little work that looks at relevant fuel 

ratios for ideal DDFNG engines (minimal pilot fuel) which is the aim of this study. 

2.4 Objective Statement 

The primary objective was to characterize and improve the performance and emissions of 

diesel piloted dual fuel operation with methane, with the hope of demonstrating feasibility 

compared to current diesel engines.  It is known that premixed combustion with natural gas yields 

diesel-like efficiencies, produces negligible amounts of soot and is more cost effective given that 

natural gas is much cheaper than diesel alone. However, poor part load performance and 

increased CO and UHC emissions need to be improved for dual fuel engines. 
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Chapter 3 

Experimental Setup 

3.1.1 Test Engine 

The engine chosen for testing was a Mercedes OM660, 0.8L 3 cylinder turbocharged diesel 

engine taken from a 2005 Smart ForTwo smart car.  This engine accurately reflects current state 

of the art diesel engine configurations, as it is multi-cylinder, turbo-charged and utilizes a 

common rail diesel fuel system.  A table of significant engine parameters is given below in Table 

3.1 including the gas injectors which were added as part of the dual fuel conversion modification. 

Table 3.1: Smart OM660 Diesel Engine Specifications 

Engine Parameter Value/Description 

Engine Configuration Slanted 3 Cyl. 0.8L Turbocharged DI Diesel 

Compression Ratio 18.5 

Turbocharger Borgwarner KP31-02  

Bore 65.5mm 

Stroke 79.0mm 

Connecting Rod Length 130.0mm 

Piston Head DI combustion bowl type 

Max Torque 74ftlb @ 1800-3200RPM 

Max Power 41HP@4200RPM  (65ftlb  torque) 

Engine Cycle 4  Stroke 

Diesel HP Pump Bosch CP1 0 445 010 025 

Diesel Common Rail Pressure 1350bar maximum 

Diesel Injectors Bosch 044 044 5110 023 

Methane Gas Injectors Bosch 0 280 158 821 

The engine was salvaged from a wreck and found to be in good working order. The 

original vehicle VIN# is unknown. Systems were built and modified as required to accommodate 

the use of dual fuel operation with methane and for data collection.  This includes the intake, 
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exhaust, fuel, cooling, sensor systems and a new ECU.  A description of the work involved to 

develop the test stand is described in the following sections. 

3.1.2 Engine Mounting and Dynomometer 

The OM660 test engine was connected to a SuperFlow 901 water brake dynamometer. A 

schematic diagram is provided in Figure 3.1.  Custom engine mounts were fabricated for secure 

installation of the motor while a CV joint drive shaft from a 1986 Jetta was used to connect the 

engine to the dynamometer. Custom engine and dynamometer side adapters were required.  

 

Figure 3.1: Engine Mounting Schematic 

3.1.3 Intake 

The intake system was designed to accurately measure airflow into the engine, deliver air 

into the intake manifold at a specified temperature, and use the stock turbocharger for realistic 

engine performance.  The engine was also fitted with port injectors, and a fitting for injecting gas 

after the turbocharger discharge for port injection and premixed dual fuel modes respectively. A 

schematic diagram of the intake air system is provided in Figure 3.2. 
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Figure 3.2: Airflow & Instrumentation Diagram  

The OEM parts and components in Figure 3.2include the engine and turbocharger as well 

as engine side connection points such as plastic tubes and flanges.  A list of additional intake air 

and exhaust components used in this experimental set up is provided in Table 3.2. 

Table 3.2: New Intake & Exhaust Air System Components 

Part Name Model No. / Description 

Air Mass Flow Meter Bosch HFM5 0 280 217 123 

Intake Air Filter 3” Cone Type 

Air Box Plastic Storage box sealed with Silicone 

Intercooler Barrel Style 4”x8” 

Intercooler Water Pump ShureFlow 4008-171-E65 / 11.3LPM 

Intercooler Thermostat Jumo eTRON T 701050/821-05-061 

Gas Injector Adapter & Rail Custom 

Exhaust Pipe  1-
7
/8” SS Tube w/ mandrel U Bend 
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A cone type air filter was used to remove airborne particulates from entering the engine.  

A hot film type air mass flow meter was installed with a pressure wave dampening air box to 

yield stable airflow readings.  Oversized 2-
1
/4” tubing was used for the intake with an adapter to 

the engine’s stock flexible intake tube connecting to the turbocharger. An aftermarket intercooler 

was used which drew water from the dynamometer water tub for cooling the compressed intake 

air, and returned the water to the tub.  The intercooler’s cooling water supply was controlled with 

a digital thermostat, turning the pump on after the set-point temperature was overshot by 0.5°C.  

After the intercooler, intake air would pass through the EGR valve and then into the intake 

manifold.  Various temperatures and pressures as seen above in Figure 3.2 were captured and 

logged for each test.  These are to be discussed under the instrumentation & data collection 

sections. 

A custom 1 -
7
/8 ” SS exhaust pipe was designed to house multiple thermocouples, a 

pressure transducer directly after the turbocharger and a Lambda sensor. The exhaust pipe was 

designed to connect to the turbocharger flange.  

During initial engine tests & instrumentation troubleshooting it was found that the air 

mass flow sensor output would rapidly fluctuate from its average value.  Fluctuations reached as 

high as 75% of the average output (at low loads).  These fluctuations were attributed the 

combined effects of the intake valves opening and closing and the crank case blow by vent which 

connects to the intake at the compressor inlet.  Fluctuations were reduced down to 10% of the 

average output value after the air box was installed which was deemed acceptable.  Exhaust gas 

was collected through a flexible exhaust pipe connected to a base building exhaust duct dedicated 

to the engine cell room and combustion laboratory in McLaughlin Hall. 

3.1.4 Stock OM660 Fuel System 

The existing OM660 fuel system components consisted of a diesel common rail with a 

pressure control valve (PCV) to feed 3 injectors, a Bosch CP1 high pressure pump with a volume 
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control valve (VCV), and three Bosch solenoid type diesel injectors. A schematic diagram of a 

representative fuel system for the OM660 can is provided in Figure 3.3. 

 

Figure 3.3: Diesel Common Rail Fuel System [42] 

The OM660 fuel system utilizes a low pressure feed pump to supply the CP1 high pressure 

pump with fuel. The high pressure pump, driven by the engine camshaft, supplies the common 

rail with high pressure diesel fuel for use by the injectors.  Un-used fuel from the CP1 pump, 

injector leakage, and PCV relief is collected near the PCV and returned to the fuel tank.  

Modifications to the fuel system and some additional components were required to accurately 

meter the fuel consumption and maintain constant fuel supply temperature.  

3.1.5 Preliminary Experimental Common Rail Fuel System 

In this experimental setup a preliminary diesel fuel system was developed as shown in 

Figure 3.4. The HP pump was fed by a Bosch LP supply pump in conjunction with a back 

pressure regulator across the low pressure pump supply and the fuel return line from the engine.  

This would allow the control of feed pump supply pressure and an increase in pump life cycle.  

The flow meter was installed upstream from the BPR loop tubing to ensure the fuel flow rate 
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measured reflected the actual consumption of the engine, and did not include fuel returned from 

the engine. The preliminary fuel system was built with the aim of understanding the fuel 

consumption characteristics and possible cooling efforts required for accurate temperature 

control.   

 

Figure 3.4: Preliminary Common Rail Fuel System 

This configuration allowed for monitoring of the supply fuel temperature, return fuel 

temperature before and after being mixed with the BPR relief fuel, and the effect that BPR setting 

had on the two temperatures.  It was found that LP fuel would heat up over the course of engine 

testing and could exceed 70C when the engine would run for over an hour.  Maximum 

temperature reached 76°C after 2.5 hours of continuous running.   This made it evident that a fuel 

cooler was needed for temperature control. The final diesel common rail fuel system with the 

methane gas system shown can be found in Figure 3.5. 
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Figure 3.5:  Complete Diesel and Gas Fuel Systems 

3.1.6 Engine Side Diesel Common Rail and Gas Fuel System 

All stock CP1 high pressure tubing from the rail to the injectors was used, but a new diesel 

rail supply line was required due to physical relocation required as a result of the gas rail. A 

picture of the diesel and gas rails can be seen in Figure 3.6. 
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Figure 3.6: Diesel and Gas Common Rails 

Low pressure engine side fittings for the CP1 pump supply & return, injector leakage and 

fuel return were found to be plastic fittings with O ring seals.  All LP side fittings were upgraded 

to SS compression type fittings for future use of dimethyl ether, which is not reported on in this 

thesis.   The modified fuel system components can be seen in Figure 3.7. 
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Figure 3.7: Photo of Common Rail Fuel Systems 
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3.2 Data Collection 

An extensive data set was collected for each engine testing data point.  A complete system 

block diagram including data collection, controls & instrumentation is shown in Figure 3.8.  

 

 

Figure 3.8: System Block Diagram 

 The complete list of temperature measurements that were logged with a NI- 9213 data 

card can be seen in Table 3.3. Intake air temperatures were collected to ensure good 

comparability from test to test. Exhaust gas temperatures provided insight to the combustion and 

performance of individual cylinders under different operating conditions. Fuel temperatures were 

monitored to ensure comparability between tests.   
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Table 3.3: CDaq NI9213 Temperature Measurements 

CDaq NI 9213 Channel Description Sensor Description Channel 
Name 

Ambient Air Temperature 1/16” SS Sheath grounded type ‘K’ TC0 

Intake Air Temperature (Before Turbo) 1/8” SS Sheath grounded type ‘K’ TC1 

Intake Air Temperature (After Turbo) 1/8” SS Sheath grounded type ‘K’ TC2 

Manifold Air Temperature 1/16” SS Sheath grounded type ‘K’ TC4 

Cylinder 1 Exhaust 1/16” SS Sheath grounded type ‘K’ TC5 

Cylinder 2 Exhaust 1/16” SS Sheath grounded type ‘K’ TC6 

Cylinder 3 Exhaust 1/16” SS Sheath grounded type ‘K’ TC7 

Exhaust Before Turbo 1/16” SS Sheath grounded type ‘K’ TC8 

Exhaust After Turbo 1/8” SS Sheath grounded type ‘K’ TC9 

Methane Rail Supply 1/8” SS Sheath grounded type ‘K’ TC10 

Diesel Low Pressure Supply 1/8” SS Sheath grounded type ‘K’ TC11 

Diesel Low Pressure Return 1/8” SS Sheath grounded type ‘K’ TC12 

Diesel Low Pressure 1/8” SS Sheath grounded type ‘K’ TC13 

Pilot Fuel Low Pressure Chiller Outlet 1/8” SS Sheath grounded type ‘K’ TC14 

Spare N/A TC15 

An NI-6210 data card as shown in Figure 3.8 was used to capture various analog pressure 

sensor measurements as well as the fuel consumption rates of both diesel fuel and methane.  The 

complete list of measurements can be seen in Table 3.4. 

Table 3.4: NI-6210 Analog Sensor Measurements 

NI 6210 Channel Description Sensor  Channel Name 

Intake Air Pressure (0-5V) Omega PX219-060A5V Ai0 

Intake Compressor Outlet Pressure (0-5V) Setra 3100 R00 10G02E Ai1  

Exhaust After Turbo Pressure (0-5V) Setra 3100 R00 10G02E Ai2 

Manifold Air Pressure (0-5V) Omega PX219-030AV Ai3 

Methane Rail Pressure (0-5V) Omega PX219-200A5V Ai4 

Pilot Fuel supply Pressure (LP) (0-5V) Setra 3100 R00 16G02E Ai5 

Methane Mass Flow Rate (1-5V) Micromotion RFT9737 
transmitter w/ CMF025 Sensor 

Ai6 

Pilot Fuel Mass Flow Rate (1-5V) Micromotion RFT9739 
Transmitter w/ CMF010Sensor 

Ai7 

Pressure measurements were used to monitor turbocharger performance throughout all 

tests and to verify air flow sensor measurements from test to test.  Most importantly, the fuel 

consumption rates were collected through this card.  Methane fuel pressure was manually set with 



 

51 

 

the methane bottle pressure regulator, but also recorded at the gas rail for post processing 

verification of supply pressure from test to test.  

A high speed NI-6251 data card with an SCB068 terminal block was used for capturing 

in-cylinder pressure data from all 3 cylinders.  An Encoder Products Company (EPC) encoder 

was utilized for synchronizing the pressure data with engine crank angle, and thus cylinder 

volume through CatoolRT.  The complete list of inputs captured though the NI-6251card is 

provided in Table 3.5. 

Table 3.5: NI-6251 Inputs & Sensors 

Channel Use Sensor Description Channel 

Cyl.1 Pressure Transducer Optrand PSI Glow Ai1 

Cylinder 2 Pressure Transducer Beru PSG003 Ai3 

Cylinder 3 Pressure Transducer Beru PSG003 Ai4 

Shaft Encoder Trigger ‘Z’ EPC-260-N-R-12-5-1000-R-HV-1-S-NF-1-N PFI0 

Shaft Encoder Pulse ‘B’ EPC-260-N-R-12-5-1000-R-HV-1-S-NF-1-N PFI1 

CatoolRT is able to take the pressure sensor data and compute very detailed combustion 

analytics for each cylinder.  Pressure trace data is collected and processed in real time and can be 

displayed for the user during engine operation.  An exhaustive list of performance parameters, 

combustion analytics and statistical analysis of the each cycle was recorded and logged for a 

prescribed number of cycles for each test.  Also included is the raw pressure trace profile for 

every cycle and an average of all cycles.  The information collected from this software far 

surpasses the data presented in this dissertation.  Data used includes the calculation of IMEP, 

HHR Profiles, CA° for start of combustion (SOC), end of combustion (EOC), coefficient of 

variance (COV) for the IMEP and of course the raw pressure trace data. Lastly, the ECU control 

software, Nira rK, was used to log sensor measurements and control signals through its logging 

function.  The data logged through Nira rK software is provided in Table 3.6. 
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Table 3.6: Nira i7r Logged Sensors & Monitored Outputs 

Nira i7r Signal Description Nira rK Pin # 

Diesel Common Rail Pressure E-31/AS1_Sig 

Manifold Air Temperature E-15/T8_Sig 

Manifold Air Pressure E-12/AS3_Sig 

Air Mass Flow Rate V-80/HFM1_MASS_AN 

Diesel Injection Duration E-64/INJ1_HS (+)   E-85/INJ1_LS (-) 

Gas Injector Duration E-22/INJ2_HS (+)   E-1/INJ_LS (-) 

3.2.1 NI 6210 Pressure Sensor Configuration  

Pressure measurements sensors captured through the NI6210 were supplied 12V (+12V & 

COM).  The output signals were connected to the data card in a ‘differential’ configuration.  

Signal (-) terminals were also jumper’d to the main power supply COM.  

3.2.2 NI-9213 Thermocouple Configuration 

Type K thermocouples were connected to the NI-9213card. It was pre-configured to accept 

type K thermocouples.  The NI-9213 data card was used in conjunction with a NI cDAQ-9171 

USB chassis. 

3.2.3 NI-6210 Fuel Sensor & Transmitter Configuration 

The fuel mass flow rate for liquid diesel/pilot fuel was measured with a Micromotion 

CMF010 sensor in conjunction with an RTF9739 flow transmitter to provide an analog output 

signal.  The flow transmitter provides a 4-20mA output based on the mass flow rate where 4mA 

represents no flow and 20mA represents maximum flow, which can be defined by the user.  The 

CMF010 sensor allowed for the transmitter to be configured with a minimum upper bound flow 

rate of 5g/s, and was configured as such.  Similarly, a Micromotion CMF025 sensor in 

conjunction with another RFT9739 transmitter was used to measure the methane gas mass flow 

rate.  This sensor allowed for a 10g/s minimum upper bound mass flow rate and was configured 

as such.  Both transmitter amperage signals were converted to a voltage output by placing a 250Ω 

resistor across the  
+
/- terminals of the data card, yielding a 1-5V output signal.  All signals 
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collected through the NI-6210 data card were sampled at a rate of 90Hz (including fuel flow 

meters). 

3.2.4 CatoolRT Configuration 

CatoolRT is able to provide combustion data and analysis through the collection of in-

cylinder pressure data that is synchronized with in-cylinder volume. By inputting key engine 

architectural dimensions such as CR, Vd, connecting rod length, bore and stroke it is able to 

determine combustion chamber volume and synchronize this data with the pressure 

measurements as outlined in section 1.4.2 .  With pressure data synchronized with cylinder 

volume, CatoolRT performs the calculation of all indicated performance parameters. A list of 

engine parameters that were input can be seen below in Table 3.7. The calibration values for the 

pressure transducers can be found in Table 3.8 

Table 3.7: Engine Parameter Inputs for CatoolRT 

Engine Parameter Value 

Bore 65.5mm 

Stroke 79mm 

Connecting Rod 130.0mm 

Compression Ratio 18.5 

displacement 0.8L 

Table 3.8: Cylinder Pressure Transducer Calibration Values for CatoolRT 

Cylinder Pressure Transducer Calibration (bar/V) 

1 Optrand PSIglow 52.163 

2 Beru psg003 50.0 

3 Beru psg003 50.0 

3.2.5 CatoolRT Pressure Sensor Synchronization 

In order for CatoolRT to function correctly the pressure sensors must be synchronized 

with the engine crank angle, which is accomplished with the encoder which gives a pulse and 

trigger signal.  CatoolRT has a TDC determination function which locates TDC by determining 

where the rate of change of pressure, 
  

  
   at TDC of the compression/power stroke. This was 
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completed by removing the electrical connector from the cylinder 1 diesel injector while running 

the engine at 1800RPM and initializing the TDC function in CatoolRT. The pulse signal 

resolution for the encoder was 1000 pulses per revolution, or 0.36°CA per pulse. 

3.3 Nira rK ECU Engine Set Up and Configuration 

Nira develops commercially available ECUs which have been utilized by many large 

automotive manufacturers.  The Nira i7R ECU was developed specifically for diesel engines, and 

was used in this project to control the OM660 engine in diesel and dual fuel modes.  Customized 

software updates were required to operate in dual fuel modes, which were provided by Nira 

personnel.  The ECU software ‘Nira rK’ gives the user extensive control over the engine and can 

provide engine control schemes currently employed in commercially available vehicles, where 

inputs from a multitude of sensors affect the fueling and actuation of instrumentation.  The 

controls scheme used for testing was quite simplified for easy and direct comparison of engine 

operating parameters. 

3.3.1 Diesel Injectors (Pilot) 

  Basic control of injector timing and duration was used throughout all tests, where no 

interference from sensors could alter the fueling or timing.  The injector map was not known for 

the OM660 injectors since it is proprietary to Bosch, so a relative map as shown in was developed 

which allowed for reasonable engine operation and control of load.  This resulted in faulty 

injection quantity output in Nira rK during tests, where the software would output an incorrect 

quantity of fuel injected while running.  This added some difficulty with preliminary tests but was 

not of great concern because actual fuel consumption and fuel injection quantities could be 

determined through post test analysis of the fuel flow meter data.  For repeatability of specific 

fuel injection quantities, injection duration and common rail pressure were maintained between 

tests, which were controllable. 
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Figure 3.9: Diesel injector opening duration (μs) vs. pressure and fuel demand 

Synchronization of the diesel injector timing with the engine crank angle was 

accomplished with the aid of CatoolRT.  As mentioned in section 3.2.4 CatoolRT has a TDC 

determination function which it uses to synchronize the pressure transducers with the engine 

crank angle through the encoder. Nira rK utilizes a ’60 minus 2’ square tooth gear and hall sensor 

on the crankshaft, as well as a hall sensor on the camshaft to determine the crank angle and 

location within the engine cycle.  In order to synchronize Nira rK with the engine crank angle a 

manual approach of finding a reasonably close estimate of the angle from the missing teeth to 

TDC was required.  The pressure transducer for cylinder 1 was removed as well as the engine 

camshaft cover. The engine was rotated till cylinder 1 was near TDC of the compression stroke, 

where both intake and exhaust valves were closed.  A clean dip stick was inserted through the 

glow plug hole and pressed against the piston head while the engine was rotated back and forth 

using the dipstick to determine TDC.  A manual measurement of the angle between the missing 

teeth at TDC and the hall sensor was taken as the initial input for Nira rK. Once this was 

completed the injector supply voltage was spliced and connected to the high speed data card as an 



 

56 

 

analog input.  In CatoolRT, the injector supply voltage input was configured as an injector control 

signal, which could be logged vs. CA to determine if the injection timing requested through Nira 

rK was the actual injection timing as seen through CatoolRT.  In Figure 3.10 it can be seen that 

the initially measured offset angle from the missing teeth (109.5°CA) resulted in an earlier SOI 

than requested.  The offset angle was changed until the requested injection timing in Nira rK 

matched the injector demand signal (114.3°CA). 

 

 

Figure 3.10: Injector Control Signals Before (109.5°CA From Missing Tooth) and After 

(114.3°CA From Missing Tooth) Injector Synchronization 
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Start of injection was defined as the initial rise in voltage, which is quite clearly defined 

in the injector voltage curves.  After trial and error an offset angle of 114.3° from the missing 

teeth yielded an acceptable agreement between the demanded injection timing and initial rise in 

injector voltage, hence the injectors were successfully synchronized with the engine.  It should be 

noted that injector delay between the electrical demand signal and actual fuel injection is typical 

for solenoid type injectors, and is referred to as opening delay.  Bryden et al. [43] studied the 

effects of injection duration and injection pressure on the opening delay.  It was found that 

opening delay was only dependant on injection pressure, and not injection duration. However 

peak flow rates, and thus exiting fuel velocity from the injector was found to be dependent on 

both injection pressure and injection duration. Upon injector opening, fuel would begin to 

accelerate through the injector and would continue until dynamic head loss through the injector 

matched the pressure drop applied to the injector via high pressure rail.  Thus, for low loads it 

was found that the injector could begin to close before peak injector flow rates were reached.  For 

600 and 1200 bar injection pressures opening delay was found to be roughly 290μs and 250μs 

respectively [43]. Considering this for the OM660 injectors which were operated at 900bar could 

mean an opening delay on the order of 250μs, which at a nominal engine speed of 1800RPM 

represents a 2.6° opening delay between the electrical demand signal and actual injection.  This is 

a significant delay, but due to limitations of the experimental setup it could not be measured to 

confirm, and hence ignition delay throughout this dissertation refers to the time, or °CA lapse 

between the injector’s electrical demand signal SOI, and SOC.  Actual ignition delay times that 

factor in the injector opening delay would be less than reported values in this dissertation. 

3.3.2 Diesel Rail Pressure 

The common rail diesel pressure was controlled through modification of the PCV and 

VCV duty cycle tables.  It was found that higher VCV duty cycles reduced the fuel flow rate to 

the common rail.  High duty cycles were used for lower loads, where pressure could be 
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maintained with less fuel flow from the CP1pump and lower duty cycles were used for higher 

load settings in order to maintain rail pressure, otherwise the increased fuel consumption from the 

injectors would result in decreased rail pressure. 

The PCV duty cycle table had a similar effect on the rail pressure.  Higher PCV duty cycles 

resulted in a decreased common rail pressure and decreased duty cycles resulted in an increased 

common rail pressure.  The maximum pressure attain able with diesel fuel was found to be 1000 

bar with a PCV duty cycle of  0% and a VCV duty cycle below the threshold where the injector 

consumption becomes too high for the CP1supply rate.  Sample tables used for diesel operation 

can be found in Figure 3.11 and Figure 3.12. 

 

Figure 3.11: Diesel VCV Duty Cycle Table 

 

Figure 3.12: Diesel PCV duty cycle table 
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3.3.3 Gas Injectors 

Dual fuel mode requires the admission of gaseous fuel with the intake air. The intake 

valves open and close at 420° and 160° BTDC, which provides a large injection window. Intake 

valve timing approximations were carried out through analysis of the pressure trace profiles, as 

shown in Figure 3.12. The exhaust valve is shown to close at approximately 340°BTDC (20° after 

exhaust TDC). 

 

Figure 3.13: Intake and Exhaust Valve Timing Determination 

When looking at the intake vale open (IVO) and exhaust vale open (EVO) diagram as 

shown in Figure 3.14, there is a potential for injected gas to escape the combustion chamber if 

injected when the intake valve opens.  The very early IVO location provides large overlap for 

improved scavenging, and helps to drive out more exhaust gases with the aid of turbocharged 

intake air. A total of 80° CA valve overlap between the intake and exhaust valves exists, where 

IVO occurs 60° before exhaust TDC and exhaust valve closes (EVC) at 20° after exhaust TDC. It 

was experimentally determined that gas SOI could reach 20°-25° before exhaust TDC (380-

385°BTDC) before a noticeable increase in UHC emissions was found, indicating that some fresh 

gas was exhausted.  Gas SOI was limited to TDC of the exhaust stroke (360°BTDC) to ensure no 

gas escaped while the exhaust valve was open. 
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Figure 3.14: Intake and Exhaust Valve Opening Diagram 

The gas injectors are controlled by End of Injection (EOI) and %fuel demand tables 

within Nira rK.  The end of injection table serves as the injection timing.  The gas fuel demand 

table takes a user input % which is mapped as a function of engine speed and engine load 

demand.  This allows for a full range of dual fuel operation where the user need only vary the 

diesel control knob and Nira rK would vary the fueling input and ratios automatically, and inject 

gas according to the end of injection table.  This table was manually modified in real time to alter 

the gas injection durations as required. 

3.3.4 Premixed Dual Fuel Mode 

For PM duel fuel mode, methane gas was throttled into the intake air stream after the 

turbocharger outlet through a 
1
/8’’ NPT fitting.  A globe valve was used to throttle down the gas 

as required, which was set at 40psi from the tank 

3.3.5 Exhaust Gas Recirculation 

As mentioned in Chapter 3 the EGR valve remained closed for all tests.  A pressure test 

was conducted with the valve removed from the engine where 6barg was provided to the exhaust 
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gas supply flange with the electrical connection removed from the valve to determine if simply 

removing the connector would eliminate EGR leakage. The pressure test was successful, and 

hence the EGR valve electrical connector was removed for all tests.  Pressure tests were 

conducted at every oil change to ensure no exhaust gas leaks emerged.   

3.3.6 HFM5 Hot Film Air Mass Sensor 

The hot film air sensor output voltage signal was logged for each test.  An average value of 

the output voltage was calculated and input to the characteristic curve equation to yield an air 

mass flow rate.  The manufacturer characteristic curve data points and a 6
th
 order polynomial 

curve of best fit can be found in Figure 3.15.  

 

 

Figure 3.15: Bosch HFM5 Characteristic Curve 

3.4 Exhaust Gas Emissions Analyzer 

 A portable style Dejaye Electronics Inc. 5gas analyzer was used to analyze the exhaust 

emissions. Exhaust gas was sampled from the exhaust pipe 1.5m after the turbocharger, and 

passed through a 5m rubber hose and particulate filter before reaching the analyzer.  The gases 

and units of measure for each gas are UHC[ppm], NOx[ppm], CO[Vol.%], CO2[Vol.%] and 

02[Vol.%].  The analyzer was calibrated with a calibration gas blend as shown in Table 3.9. Infra-
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red UHC detectors detect carbon-hydrogen bonds, but can be calibrated for optimal detection of 

different hydrocarbon fuels. The Dejaye UHC infrared sensor comes calibrated for optimal 

detection of hexane fuel. The Dejaye analyzer also applies a 50% correction factor to the 

displayed UHC emissions. For example, a 1000ppm hexane calibration gas would be displayed as 

500ppm UHC. The displayed values are reported throughout this thesis (correction factor 

applied).  

Table 3.9: Emissions Analyzer Calibration Gas 

Gas Concentration 

Oxygen 0% 

Carbon Dioxide 11.99% 

Propane 1230ppm 

NO 2031ppm 

CO 4.06% 
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Chapter 4 

Methods 

4.1 Repeatability Considerations 

Engine testing requires careful planning and control of many variables to ensure that 

testing data can be accurately compared from one test to another.  Testing on different days can 

impact the emissions data, affect ignition delay and overall engine performance as a result of 

varying humidity levels and test cell air temperature.  Best efforts were taken to ensure that tests 

could be reasonably compared to each other with confidence.  A list of control variables that 

apply to all tests reported in this dissertation can be found in Table 4.1. 

Table 4.1: General Engine Testing Control Variables 

Variable Value 

Intercooler Exit Temperature 23+/- 2°C 

Diesel Fuel Supply Temperature 32 +/- 5°C 

Engine Coolant Exit Temperature 86°C 

EGR % 0% 

Diesel Low Pressure Supply (measured at idle) 4 Bar 

Diesel Common Rail Pressure 900 +/- 15 Bar 

Engine Speed 1800-1860RPM 

Engine Oil and Change Frequency Rotella 0W40 HD Diesel @ 40hrs  

The most significant variables that could not be directly controlled include engine cell 

temperature & humidity and turbo charging boost pressure.  The engine cell contains a roof 

ventilation fan that supplies an estimated 1500CFM of air consisting of 20% outdoor and 80% re-

circulated air according to queen’s staff
5
.  The turbocharger was allowed to operate without 

interference or modifications in order to provide realistic engine performance. 

                                                      

5
 Could not be verified with documentation 
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4.2 Testing Procedure 

Testing was conducted to minimize environmental differences between comparable data 

points.  The testing start up procedure is provided in Appendix A.  Once the engine had been 

running for 15-20 minutes and oil temperature exceeded 91°C the engine testing procedure could 

begin. All engine tests in this thesis were at a nominal engine speed of 1800RPM. 

 For sensitivity tests where engine load was maintained constant while parameters such as 

SOI or fuel proportions were varied the engine would be run at 10-15% excess load for 30s 

before the first test to help achieve thermal equilibrium. After 30s the load was brought down to 

test load for 3 minutes before collecting the first set of data
6
.  Thermal equilibrium was typically 

reached within 2-3 minutes while the measured diesel consumption took up to 2 minutes to reach 

equilibrium upon changing injection quantities or engine speed.  The PCV and VCV valve duty 

cycle settings were found to have a large impact on the response of diesel fuel consumption 

measurements.  It was found that PCV and VCV duty cycle tables were crucial for reaching 

steady fuel consumption rates measured by the flow meter.  Engine load was maintained by 

correcting fueling rates as required when varying the parameter of interest from test to test, i.e. 

the engine did not idle between tests. 

For varying load testing a similar procedure was followed.  An excess engine load of 10-

15% was held for 30s and then brought down to the desired load for a minimum of 3 minutes. 

However, over-loading the engine prior to obtaining the test load was conducted for every test to 

aid with reaching thermal equilibrium.  All tests with varying load were collected from low load 

to high load.  All tests with varying fuel injection timing were collected from late injection to 

early injection.  All varying fuel proportion tests were collected from minimum methane use to 

maximum methane use. 

                                                      

6
 For 100% Full Load Tests the engine was not run at excess engine load prior to data collection 
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Once equilibrium was reached
7
 data was collected through NI Signal Express, Nira, 

CatoolRT and the Dejaye 5Gas emissions analyzer. Data collection typically lasted for 35 

seconds and included 200 cycles of in-cylinder pressure data collected through CatoolRT along 

with the thermocouple and analog voltage data cards.  The gas analyzer emissions were manually 

recorded during each test.  

4.3 Data Processing 

 The data collected through the thermocouple and analog cards as outlined in section 3.2 

was processed to provide average values for each test.  Pressure sensor data and combustion 

analytics were captured and logged through CatoolRT. A typical plot showing both raw and 

filtered cylinder pressure and HRR profiles is shown in Figure 4.1. The initial drop in HRR 

shown just before 10°BTDC represents the start of HRR analysis, and is not reflective of fuel 

cooling effects.  The negative HRR values shown from the start of HRR analysis are 

representative of heat losses due to compression heating of the fresh air charge. Fuel cooling 

effects can be seen later at 3°BTDC.  Diesel injection duration is shown with the thick black 

arrow, starting at the SOI dotted line and ends at the EOI. 

 Raw pressure trace and HRR data required post processing to yield acceptable curves for 

viewing.  It was discovered that the glow-plug type pressure transducer experienced severe 

sinusoidal pressure oscillations induced by diesel auto-ignition. The raw signals represent a 200 

cycle average and follow a distinct, organized oscillating pattern. Oscillations seem to be initiated 

by the diesel auto-ignition. The frequency at which the pressure waves travel decreases 

throughout the expansion stroke as would be expected if caused by reflecting pressure waves 

moving in a gas that is cooling. This suggests a real, physical phenomena experienced by the 

transducer and not electronic signal noise.   

                                                      

7
 Equilibrium was defined as a constant engine torque reading at the nominal engine speed for at least 3 

minutes after injection quantities or timing was last changed. 
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Figure 4.1: Raw and Filtered Pressure and HRR Curves for 25%FL Diesel Operation 

It was hypothesized that the diesel auto-ignition was initiating this phenomena, but it is 

not known for certain whether these oscillations are indicative of actual cylinder pressure, or if it 

is due to the mounting configuration of the pressure transducer.  It can be seen in Figure 4.2 that  

while maintaining a constant load, decreasing the diesel quantity (increasing the % methane) and 

thus the diesel auto-ignition phenomenon decreases the severity of the oscillations. This suggests 

the oscillations are in fact induced by the pressure wave created by diesel auto-ignition. 

 

Figure 4.2: 25%FL Premixed Dual Fuel Raw Pressure Trace Profiles with Varying Diesel - 
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 A simple filtering method was employed to yield the smooth curves as shown in Figure 

4.1.  Data was generated in an excel file format from CatoolRT. A filtered curve was generated 

from the raw curve by initially copying all data points.  Then a cell averaging technique was 

employed which began after the rise and fall of the diesel auto-ignition HRR bump. This was 

done to maintain the peak HRR value experienced in the thus not beginning the cell averaging 

before oscillations were generated. The filtering serves as an illustration aid only. All indicated 

performance parameter values reported in this thesis were computed from the raw data, while all 

pressure and HRR profiles illustrated in this thesis have been filtered for viewing.  
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Chapter 5 

Experimental Results 

5.1 Benchmark Diesel Testing  

 Diesel baseline testing was conducted as a benchmark for dual fuel operation to be 

compared against. The optimum operating condition was obtained with respect to BFCE (based 

on a single fuel injection event) by advancing the start of injection (SOI) from TDC to the onset 

of engine knock.  The engine was tested at 25%, 50%, and 75% FL at a nominal engine speed of 

1800RPM. All data presented in this dissertation was collected at a nominal engine speed of 

1800RPM. The efficiency data is provided in Figure 5.1.  Note 8°BTDC was found to be the 

knock limit for 25%FL and 12°BTDC was the knock limit for 50%FL.  For 75% FL the knock 

limit was not reached. There was a sharp drop in engine performance when advancing injection 

further than 12°BTDC, requiring a noticeably large increase in fuel injection to maintain the load. 

 

Figure 5.1: BFCE vs SOI at various loads 

The peak corresponded to an injection timing of 8° BTDC and resulted in BFCE values 

of 31.9%, 38.1%, and 40.03% for 25%, 50% and 75% full load, respectively. It was found that 

injection timing had very little impact on efficiency over the range of injection timing tested.  

Delayed injection timing ATDC was not investigated as it is known to cause increased delay in 
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combustion and corresponding poor efficiency and emissions. Based on the data provided in 

Figure 5.1 an optimized injection timing of 8° BTDC was selected.  It should be noted that 4° 

BTDC could have been chosen for 25% FL, as it produced efficiency similar to that obtained at 

8° BTDC. For consistency 8° BTDC was chosen as the optimized injection angle for all loads in 

order to permit better comparison of the pressure and HRR profiles.  All diesel data referred to as 

‘optimized’ was obtained at an injection timing of 8° BTDC. Increased load allowed for further 

injection advancement before the onset of knock as expected, and yielded increased efficiency.   

The UHC and CO emissions data corresponding to engine conditions for the tests 

reported in Figure 5.1 are provided in Figure 5.2 and Figure 5.3 respectively.  As expected for 

globally lean CI engine operation UHC and CO emissions were very low. At 25%FL a decrease 

in CO emissions was obtained with injection advancement, suggesting that the increased peak 

temperature aided in fully oxidizing more fuel to CO2. CO emission at 50% and 75% FL yielded 

the lowest readable value from the gas analyzer throughout the SOI angles tested, i.e. 0.01% by 

volume.  This suggests that the increased temperature resulting from increased load is sufficient 

to provide improved combustion regardless of injecting timing. 

 

Figure 5.2: UHC Emissions vs. SOI at various loads 
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Figure 5.3: CO emissions vs. SOI for various loads 

The measured NOx emissions are provided in Figure 5.4. It is known SOI advancement 

results in higher NOx emissions due to a shift in the combustion process towards TDC, leading to 

increased peak temperatures.  This trend was found for all loads.  Increasing load while 

maintaining SOI timing  led to increased NOx emissions. 

 

Figure 5.4: NOx Emissions Vs. Injection Angle at Various Load 

An illustration of the SOI angle effect on in-cylinder pressure can be seen in Figure 5.5. It 

can be seen that advancing injection timing increases peak cylinder pressure, which increases 

peak temperatures, contributing to increased NOx formation, and decreased CO emissions. 

Similar trends were found for 50 and 75% FL, where advancing injection timing shifts the 
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combustion pressure peak towards TDC, resulting in an increased peak temperatures and 

pressures. 

 

Figure 5.5: 25%FL pressure traces for varying SOI 

The effect of increased load on pressure and HRR profiles is provided in Figure 5.6. 

Injector control signals are shown for reference with arrows matching the shade of their 

respective load .  Arrows start and end at their respective load’s SOI (8° for all tests) and EOI.  

Fuel energy input per injection was found to be 337.8J, 550.6J, and 797.2J for 25%, 50%, and 

75%FL respectively. Increasing load decreases ignition delay, therefore reducing peak diesel 

auto-ignition HRR. This is largely due to an increase in the in-cylinder temperature resulting from 

the increased load, and air admitted in the cylinder from increased turbocharger performance.  
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Figure 5.6: Optimized Diesel Pressure Trace and HRR Curves for Various Loads 

At 25%FL nearly all the heat release is part of the premixed diesel auto-ignition 

combustion spike which ends roughly 6° ATDC.  Fuel injection stops well before SOC, 

delineated by the sharp increased in HRR.   At 50% FL the formation of the secondary diffusion 

flame heat release ‘bump’ can be seen at approximately 3° ATDC.  Lastly at 75%FL we see the 

‘typical’ shape of diesel combustion HRR profile as illustrated in Figure 2.1, where a diesel auto-

ignition HRR spike is followed by a diffusion flame HRR curve.  A summary of corresponding 

diesel emissions, BFCE and operating parameters can be found below in Figure 5.7 , Table 5.1 

and Table 5.2 
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Figure 5.7: Optimized Diesel Emissions and Efficiency vs. Load (obtained with SOI of 8°) 

 

Table 5.1: Optimized Diesel Performance and Emissions 

Load/RPM Brake Torque 
[Nm] 

Brake Power 
[kW] 

BFCE 
[%] 

NOx 
[PPM] 

CO 
[%V] 

UHC 
[PPM] 

25%/1852 25 5.0 31.90 1173 .02 15 

50%/1837 50 9.7 38.10 1828 .01 16 

75%/1836 75 14.6 40.03 2120 .01 17 

Table 5.2: Optimized Diesel Operating Parameters 

Load/RPM MAT 
[°C] 

MAP 
[kPa a] 

Air Flow 
[Kg/Hr] 

ER Oil T 
[°C] 

EGT Before/After Turbo 
[°C] 

25%/1852 25.6 116.5 50.7 0.38 97.5 277.7  /  237.3 

50%/1837 27.8 131.1 56.3 0.56 100.7 390.4  /  322.5 

75%/1830 32.1 155.4 66.1 0.68 104.1 491.6  /  395.8 
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5.1.1 Indicated Performance Parameters 

Data collection and analysis was conducted through CatoolRT.  A summary of indicated 

performance parameters and combustion characteristics is provided in Table 5.3. IMEP is shown 

for all three cylinders for reference and the numbered subscripts refer to the cylinder number. It 

can be seen that the COVIMEP1 decreases with increased load, suggesting that operation becomes 

steadier as load is increased.  IMEP between cylinders is fairly consistent, with the largest 

difference being seen between cylinder 1 and 3 with a 15% difference with respect to cylinder 1at 

25%FL.  This discrepancy diminishes with increased load to 1.5% at 75%FL. The      remains 

relatively constant at 48.1% to 48.8% while mechanical efficiencies range from 65.6% to 82.9% 

(increasing with increased load).  Mechanical efficiency improvement with increased load can be 

attributed to increased turbocharger performance, oil temperature and cylinder temperature.  The 

BMEP was calculated using equations 1.10 and 1.11 .  The IFCE was calculated by determining 

indicated power using the IMEP calculated from CatoolRT and equation 1.17. Mechanical 

efficiency was calculated by rearranging equation 1.19 and inserting BFCE and IFCE as the 

performance parameters. 

Table 5.3: Optimized Diesel Indicated Performance Parameters for Various Loads 

  CatoolRT   

Load/ 
RPM 

BMEP 
[bar] 

IMEP1 
[bar] 

IMEP2 
[bar] 

IMEP3 
[bar] 

COVIMEP1 IFCE 
[%] 

ME 
[%] 

25% 4.05 5.85 5.96 6.73 0.0348 48.7 65.6 

50% 7.89 9.95 9.90 10.23 0.0127 48.5 78.7 

75% 11.94 14.42 14.13 14.64 0.0065 48.1 82.9 

A list of key injection and combustion parameters corresponding to the pressure and 

HRR profiles from Figure 5.6 is provided in Table 5.4. Ignition delay ranged from 9.1° - 6.0° 

using 7.5J/deg criteria to define the SOC.  It was interesting to find that for 25% and 50%FL 

operation the diesel EOI occurred prior to SOC. Only for 75%FL does an overlap of fuel injection 

and combustion occur, but only for 2°CA.  It should be noted that SOI refers to the electrical 
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demand signal as outlined in section 3.2.5.  An opening delay of 2°-3° at this engine speed may 

exist, which would decreased the ignition delay values and overlap injection with SOC for 

50%FL. However for 25%FL a 5.08°CA gap between EOI and SOC exists, which is much longer 

than the expected opening delay time and hence for this load condition it can be said with 

confidence that injection ends before auto-ignition occurs. 

Table 5.4: Optimized Diesel Injection and Combustion Parameters 

Load/ 
RPM 

SOI 
°ATDC 

EOI 
°ATDC 

SOC1 
CA°ATDC 

EOC1 
CA°ATDC 

ID1 

CA° 
Max HRR1 
J/Deg 

Injection 
Pulse (µs) 

25% -8 -4.02  1.1 26.0 9.1 145 @ 2.9°ATDC 379 

50% -8 -2.56 -0.1 32.2 7.9 111 @ 1.1°ATDC 518 

75% -8 -0.05 -2.0 36.7 6 62 @ 0.0°ATDC 757 

5.1.2 Diesel Operating Range Limitations 

Data described in 5.1 does not include 100% FL due to operating limits that were 

discovered during preliminary experiments.  Global ERs were found to be 0.38, 0.55, 0.68, and 

0.78 for 25%, 50%, 75% and 100%FL respectively (taken at 8° SOI).  When the engine ran at 

100% FL the exhaust gas became very dark and sooty.  This occurred for injection timing as 

advanced as 14°BTDC, which was found to be the knock limit for 100%FL.The dark, sooty 

exhaust gas indicated that the engine was being run past its “smoke-operating” operating point.  

This could be due to decreased turbocharger performance over the life of the engine, as well as 

use of a single diesel injection event when the stock ECU would likely command multiple 

injections to improve mixing. For these reasons, data collection was limited to 75%FL with 

respect to the manufacturer’s specifications of 100Nm maximum load. 

5.2 Diesel – Methane Dual Fuel Phenomenological Model 

The diesel tests carried out at 25%FLdeviate significantly from what is considered 

conventional diesel diffusion flame type combustion.  It was found that there is a large gap 

between EOI and SOC, which means the conventional diesel jet diffusion flame structure shown 
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in Figure 2.3 does not apply.  In the 25%FL diesel tests heat release takes place over the course of 

a singular, rapid combustion event, well after EOI.  This means that considerable mixing occurs 

before ignition, resulting in partially premixed combustion.  When running in dual fuel mode, 

diesel injection time would be significantly reduced, compared to the 25%FL diesel-only 

operation, and the SOC is expected to retard. As a result, running in dual fuel mode would results 

in an increase in the mixing time between EOI and SOC.  Thus, a conceptual model for this 

partially premixed diesel auto-ignition would also apply to the dual fuel operation. 

Fang et al. [36]investigated diesel combustion in a 0.3L optically accessible single cylinder  

CI engine.  Key architectural engine parameters were very similar to the OM660 engine used in 

the present study, having a CR of 19.5, cylinder bore of 70mm and a 78mm stroke.  The fuel 

system used was identical to the OM660 fuel system (Bosch common rail with CP1 pump) with a 

solenoid injector, but the injector used was for a larger engine and had 6 injection holes.  Both 

600bar and 1000bar injection pressure was investigated with SOI at TDC, and 2°ATDC.  The 

load condition tested corresponded to a 3bar IMEP at 1500RPM, roughly half the IMEP of 

25%FL tests reported in this study. Other differences in operating conditions included an 

increased intake air temperature of 60°C and the use of 25%EGR.  The test conditions are 

provided in Table 5.5, and the cylinder pressure and HRR are provided in Figure 5.8. The 

common rail pressure in this study was 900 bar (closer to case 2). Similar to 25%FL tests reported 

in this thesis there is a significant delay between SOI and SOC.  In-cylinder imaging, (which was 

not available in the current study) is shown in Figure 5.9 with liquid and vapour fuel distributions 

for case 2 shown in the third and fourth rows, respectively. It should be noted that the SOI is TDC 

in the Fang et al. tests compared to 8°BTDC in the current study. In case 2, auto-ignition was 

detected by chemi-luminescence to be around 10
o
ATDC. At 10

o
ATDC it can be seen in Figure 

5.9 that there is no liquid fuel left and the fuel vapour distribution is relatively homogeneous. 
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Also of interest is that the peak in the HRR occurs well after EOI, implying a type of HCCI 

combustion with flame-less low temperature combustion [36]. 

Table 5.5: Test matrix for small-bore diesel-only engine experiments reported in [36] 

Case Rail P.(bar) SOI° ATDC Inj. Duration (μs) Fuel mass  (mg) IMEP (bar) 

1 600 0 165 6.4 2.98 

2 1000 0 94 5.6 3.04 

3 600 2 165 6.4 2.75 

4 1000 2 94 5.6 2.98 

 

 

Figure 5.8: Pressure, HRR and flame luminosity for small-bore engine experiments 

reported in [36] 
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Figure 5.9: In-cylinder liquid fuel (top) and fuel vapour (bottom) imaging for case 1 and 2 

reported in [36] 

It can be concluded that the 25%FL diesel-only test reported in Figure 5.6 resulted in 

similar combustion observed by Fang et al. [36]where the large time between EOI and SOC 

occurs, results in a single, roughly premixed auto-ignition event.  The time laps between EOI and 

SOC is expected to be larger, for equal load and SOI, with methane substituting some of the 

diesel as described in 2.3.2.  Thus, this HCCI type phenomenon should also play a key role in the 

dual fuel operation in the present study. 

A phenomenological mode of dual fuel combustion at low load is provided in Figure 5.10. 

This represents premixed duel fuel operation. The top row illustrates a large diesel pilot injection 

while the bottom row illustrates small pilot use (note that EOI and SOC angles shown in Figure 

5.10 represent actual testing results found for 25%FL, 67% methane (top) and 89% methane 

(bottom) tests reported in Figure 5.12).  Load is meant to be constant between the small and large 

pilot diagrams i.e. the smaller pilot case is shown with richer premixed methane. 

The first frame at 6°BTDC represents EOI for the large pilot case while injection has 

already ended for the small pilot case.  The premixed methane-air region is richer for the 

minimum pilot case as required to maintain constant load with decreased diesel pilot.  At 2° 
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BTDC both pilot injections have ended, and the vapour spreads throughout the combustion 

chamber.  Note that for the large pilot injection, the tip of the diesel fuel spray travels at a faster 

average velocity as described in section 3.3.1 [43]. At 2° ATDC, for the large pilot case, the 

diesel mixes to a large extent with the methane-air mixture resulting in uniformly distributed 

auto-ignition spots resulting in a volumetric heat release which ends at 6° ATDC. Residual fuel 

continues to burn producing a tail in the HHR curve.  For the small pilot situation, diesel fuel 

mixing continues until auto-ignition occurs at 4°ATDC, (delayed compared to the large pilot due 

to increased oxygen dilution effects) in the rich zones. These zones are much smaller due to small 

amount of diesel injected.  Note, if the diesel fuel over mixes so that auto-ignition cannot occur, 

the engine misfires. This is the case if SOI is too early. Following the auto-ignition events, flame 

propagation through the lean premixed methane regions occurs throughout the combustion 

chamber to oxidize the remaining fuel. 

 

Figure 5.10: Dual fuel phenomenological model for low load, large (top) and small (bottom) 

diesel pilot. Same load and SOI (8
o
BTDC) for both cases  
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5.3 Constant Load Diesel-Methane Dual Fuel Results  

The objective for diesel dual fuel testing was to gain an understanding of the different 

combustion phenomena, performance characteristics, and emissions compared to diesel-only 

operation. At the same time practical operational issues and limitations could be discovered. The 

effects of fuel proportions, gas injection timing, pilot injection timing as a function of load were 

investigated for comparison with the optimized diesel data.  Preliminary testing was only carried 

out at 25%FL, which would be most susceptible to poor (lean) methane combustion. 

Constant load tests were conducted at low load where the load was held constant while 

fueling proportions of the diesel (pilot fuel) and methane (primary fuel) were varied.  Fuel 

proportions from 30% methane up to about 90% methane were carried out with the expectation of 

gaining insight into the transition from diesel to maximum methane usage, and to determine the 

minimum diesel pilot quantity required to run smoothly without combustion failure.  Diesel SOI 

was maintained at the optimized diesel-only timing of 8° BTDC.  Methane gas pressure was 

arbitrarily set to 5.4barg (80psi) for the constant load tests as a starting point, and was found to 

require up to 5.5 milliseconds injection duration (58°) for maximum methane usage at 25%FL. 

The % methane substitution reported in figures represents the fraction of the total energy supplied 

by the fuel that comes from methane and is calculated with equation 5.1. For example, diesel-only 

is 0% and methane only is 100% methane substitution.  

 
                    

                    

                                       
 5.1 

 Pressure and HRR curves for 25%FL, premixed dual fuel modes with varying % methane 

substitution is provided in Figure 5.11  and Figure 5.12. There is an increase in ignition delay 

associated with increased methane substitution, largely due to oxygen dilution effects and 

decreased compression pressure and temperature due to methane’s higher heat capacity compared 

to air. The HRR profiles also change significantly with varying methane substitution as 

combustion transitions from a diesel auto-ignition dominated process to the propagation of a  
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weak, premixed flame.   The HRR profiles show a slower combustion process associated with 

increased methane usage.  As diesel fuel is exchanged with methane, the decreased diesel 

quantity results in a decreased diesel auto-ignition HRR (immediate high peak), while the 

increased methane results in the propagation of a weak flame that produces the low prolonged 

HRR.  Note that diesel pilot SOI is 8°BTDC. 

 

Figure 5.11: 25%FL Pressure Trace Profiles for Premixed Dual Fuel with Varying 

%Methane Substitution 

 

Figure 5.12: HRR Profiles for 25%FL Premixed Dual Fuel with Varying %Methane 

Substitution 
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Efficiency data for premixed (designated as PM in subsequent figures) and various port 

injection (PI) dual fuel modes at 25%FL is provided in Figure 5.13.  Recall premixed refers to the 

fueling strategy where the methane is added after the compressor and it is assumed that it mixes 

perfectly with the inducted air by the time it reaches the cylinders. For port injected methane 

tests, the EOI angles tested were 200
o
, 260

o
 and 320

o
BTDC.  The 320° EOI angle represents the 

earliest SOI, hence methane has increased time for mixing compared to later EOI angles. 

 

Figure 5.13: 25%FL BFCE and ER for PM and PI Dual Fuel vs. % Methane Substitution 

The BFCE for all dual fuel tests reported in Figure 5.13 are lower compared to diesel-

only operation for which the value is 31.9%, as shown by the black triangle data point on the y 

axis (0% methane substitution) for reference.  All three port injection conditions yield similar 

results which are far superior to the premixed curve for low methane substitution rates up to about 

85%. The data suggests little dependency on port injection timing for the port injection tests at 

these conditions. 

The methane ERs are shown for premixed and 320° port injection for reference in Figure 

5.13.  Despite premixed methane reaching an ER of as low as 0.1 for 33% methane substitution, 

where flame propagation is highly unlikely, the performance data would suggest that a significant 

part of the methane is still consumed. This is a result of the large amount of diesel (global ER of 
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0.29) whereby the diesel spray penetrates deep into the lean methane mixture.  As a result, the 

entrainment and subsequent combustion of the otherwise non flammable methane takes place 

with the aid of the diesel fuel. It should also be noted that an estimation of the lean methane ER 

under CI engine conditions was shown to be 0.18 for methane [37]. 

Port injection duel fuel tends to outperform premixed mode for all tests reported in Figure 

5.13 . This can be explained through analysis of the in-cylinder pressure and HRR plots.  As 

shown in Figure 5.14, for comparable port injection and premixed methane usage, port injection 

yields a decreased ignition delay, as well as faster methane combustion after the diesel auto-

ignition. Note the diesel energy content per injection for these two cases was essentially the same 

(50.7J for PI and 49.39J for premixed).  

 

 Figure 5.14:25%FL Pressure and HRR Curves for Premixed and Port Injection Dual Fuel   

For methane substitution rates greater than 85% there is a sharp sacrifice in efficiency for 

both premixed and port injection.  With very small amounts of pilot fuel, the small diesel 

combustion zone acts as an ignition source only. There is much less diesel to diffuse into, and aid 

in methane combustion. 

It should also be noted that port injection operation was able to reach slightly higher 

methane substitution (less pilot) before pilot “over-mixing” caused the engine to stall. Over-
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mixing is the phenomenon where the injected diesel fuel mixes with the surrounding methane-air 

to the point that auto-ignition does not occur.  Thus, with decreased diesel pilot use the risk of 

over-mixing increases and hence a minimum pilot fuel limit exists.  Recall methane has a very 

high auto-ignition temperature and thus acts as an inert diluent in terms of auto-ignition of the 

diesel.  The decreased ignition delay observed for port injection compared to PM dual fuel 

operation would further corroborate that port injection results in a stratified methane-air mixture, 

whereby lower methane concentrations exists..  

Lastly, in Figure 5.13 it can be seen that the port injection the ER is lower than the 

premixed ER throughout.  This is merely due to the BFCE discrepancy between premixed and 

port injection.  The UHC emissions data corresponding to tests reported in Figure 5.13 can be 

seen in Figure 5.15. The UHC emissions for port injection and premixed dual fuel modes increase 

as methane substitution increases, which indicate that UHC emissions are primarily due to poor 

methane combustion and quenching. This is in agreement with the decreasing efficiency trends 

with increased methane use.  The diesel-only UHC emission shown on the y-axis for reference 

(15ppm) is an order of magnitude less than that for dual fuel modes.  Interestingly, the UHC 

emissions are nearly identical between premixed and port injection operation, despite the 

discrepancy in efficiency observed in Figure 5.10. However, if the data is presented relative to 

diesel pilot injection quantity, port injection emissions are lower, as seen in Figure 5.16. 
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Figure 5.15: 25%FL UHC Emissions for PM and PI Dual Fuel vs. % Methane Substitution 

 

Figure 5.16: 25%FL UHC Emissions for PM and PI Dual Fuel vs. Diesel Pilot Energy 

As shown in Figure 5.17 the CO emissions follow an increasing trend with increased 

methane substitution up to approximately 80% methane. Above 85% methane substitution CO 

emissions exhibit a sharp drop, which is at the same location where efficiency exhibits a sharp 

decrease as seen in Figure 5.13.  This contrasts the UHC emissions which continue to rise with 

increased methane substitution above 85%.  
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As the methane substitution rate is increased in Figure 5.17, CO increases as a result 

trading off rich, high temperature diesel combustion with lean, low temperature methane 

combustion. Referring back to Figure 5.10 as methane substitution increases, larger regions of 

lean methane remains after the diesel auto-ignition event. Both the increased quantity of lean 

methane combustion and decreased rich diesel pilot combustion contributes to increased CO 

production.  This continues to a point where the increased methane ER becomes sufficient to 

provide combustion with adequate bulk flame temperature to improve CO to CO2 conversion.  As 

shown in Figure 5.17 this transition occurs with methane substitution% of about 80-85%. 

However, UHC emissions continue to increase despite improved methane combustion. This is a 

result of the increased wall quenching and crevice losses associated with premixed combustion, 

which is still at a very lean ER, resulting in large quenching distances.   

 

 

Figure 5.17: 25%FL CO Emissions for PM and PI Dual Fuel vs. %Methane Substitution 

Lastly NOx emissions corresponding to engine tests reported in Figure 5.13 can be found  

in Figure 5.18. The NOx emissions exhibit a near linear decreasing trend with increased methane 

substitution.  This is the result of a transition from rich diesel combustion to lean premixed 

methane combustion which occurs at a lower flame temperature.  In addition to this affect, the 
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increased methane substitution causes an increase in diesel ignition delay. This results in a 

decrease in the peak combustion chamber pressure and temperature, further lowering the NOx 

emissions.  A summary of the emissions results and additional operating parameters for 

premixed, and 320° port injection dual fuel tests reported in Figure 5.13 can be seen in Table 5.6 

and Table 5.7. 

 

Figure 5.18: 25%FL NOx Emissions for PM and PI Dual Fuel vs. %Methane Substitution 

Table 5.6: 25%Full Load Dual Fuel Emissions and Performance 

Dual Fuel 

Mode 

Meth. 

% 

Diesel Fuel 

Energy(J/Inj.) 

BFCE Nox 

PPM 

CO 

%Vol 

UHC 

PPM 

Premixed 45.23 211.07 27.99 720 .14 205 

Premixed 67.04 133.01 26.73 450 .21 287 

Premixed 82.03 74.37 26.06 135 .22 372 

Premixed 88.90 48.88 24.5 90 .21 440 

320 °PI 45.89 192.89 30.26 640 .15 190 

320° PI 62.35 134.49 30.20 427 .19 267 

320° PI 77.27 84.06 29.17 250 .21 329 

320 °PI 84.53 59.48 28.06 132 .21 392 

320°PI 89.46 42.27 26.90 96 .18 426 

320°PI 91 39.53 26.18 77 .17 442 
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Table 5.7: 25%Full Load Dual Fuel Operating Parameters 

Dual Fuel 

Mode 

Meth. 

% 

MAT 

°C 

MAP 

kPag 

Air Flow 

Kg/Hr 

ERMeth Oil T 

°C 

EGT Before 

/After Turbo °C 

Premixed 45.23 24.8 116.4 49.052 0.167 96.8 284.30/243.56 

Premixed 67.04 24.7 117.2 49.463 0.2572 96.8 291.81/249.19 

Premixed 82.03 24.8 118.6 50.417 0.316 96.2 313.98/269.90 

Premixed 88.90 25.0 119.2 50.4 0.363 96.4 331.05/282.50 

320 °PI 45.89 25.0 116.9 49.5 0.157 97.8  280.04/240.65 

320° PI 62.35 25.1 116.5 49.9 0.210 96.7 283.69/245.78 

320° PI 77.27 25.0 118.3 50.05 0.271 94.8 299.43/253.49 

320 °PI 84.53 24.8 118.6 50.2 0.305 95.2 305.91/262.86 

320°PI 89.46 24.9 119.5 50.2 0.338 94.4 313.40/266.91 

320°PI 91.10 25.0 120.6 50.45 0.344 95.5 318.95/270.54 

From Table 5.7 it can be seen that the exhaust gas temperature (EGT, last column) 

increases with increased methane substitution.  This is attributed to the decreased efficiency and 

prolonged methane combustion associated with dual fuel operation.  Additionally, the increased 

ignition delay and decreased peak pressure and temperature results in a decreased heat loss, 

thereby retaining more sensible energy in the exhaust gas throughout the remainder of the power 

stroke.  This can also be seen when comparing PM and PI points with similar methane 

substitution.  Premixed was less efficient, and has a corresponding higher exhaust gas 

temperatures compared to PI. The increased operating limit for PI compared to premixed dual 

fuel mode is also evident in Table 5.7. The minimum pilot injections required for port injection 

and premixed were 39.53 and 48.88 J/injection respectively during these tests. 

5.3.1 Indicated Performance Parameters 

The indicated performance parameters for 25%FL premixed and 320° port injection dual 

fuel tests reported in Figure 5.13 are provided in Table 5.8. 
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Table 5.8: 25%FL Indicated Performance Parameters for Premixed and Port Injection 

Dual Fuel with Varying %Methane Substitution 

                     CatoolRT   

Dual Fuel 
Mode 

Meth. 

% 

IMEP1 
bar 

IMEP2 
bar 

IMEP3 
bar 

COVIMEP1 IFCE 
% 

BFCE 
% 

ME 
% 

Premixed 45.23 6.12 5.88 6.52 0.0463 42.68 27.99 65.57 

Premixed 67.04 6.74 5.55 6.37 0.0207 41.06 26.73 65.09 

Premixed 82.03 5.84 6.14 6.75 0.0206 40.18 26.06 64.84 

Premixed 88.90 6.89 5.33 6.05 0.0201 38.12 24.5 66.50 

320 °PI 45.89 5.98 5.74 6.31 0.0278 44.92 30.26 67.35 

320° PI 62.35 6.26 5.26 6.32 0.0198 44.35 30.20 68.09 

320° PI 77.27 6.65 5.13 6.23 0.0327 43.24 29.17 67.44 

320 °PI 84.53 6.38 4.92 6.42 0.0206 40.91 28.06 68.58 

320°PI 89.46 6.45 4.20 7.24 0.0344 39.61 26.90 67.89 

320°PI 91.10 6.64 4.32 7.21 0.0582 39.16 26.18 66.86 

Dual fuel modes show a decreased IFCE, similar to BFCE.  Mechanical efficiency was 

found to be very close to that of diesel-only operation of 65.6% and remained consistent 

throughout dual fuel tests. The IMEP for each cylinder is reasonably consistent for premixed dual 

fuel modes, suggesting that methane was successfully premixed with the air, while port injection 

shows an increasingly divergent IMEP between cylinders as the methane substitution rate is 

increased.  For example, the IMEP for cylinder 2 tends to decrease while it increased for 

cylinders 1 and 3 as methane substitution rates increase.  This could be due to a difference in 

response of each injector, which seems to be magnified as injection duration is increased.  Further 

analysis of each cylinders exhaust gas temperature showed that cylinder 2 temperatures diverged 

from cylinders 1 and 3 with increased methane usage, supporting the notion that cylinder 2 did 

not receive as much fuel.  A summary of 320° port injection exhaust gas temperatures for each 

cylinder, with diesel-only shown for reference on the y-axis is provided in  Figure 5.19 



 

90 

 

 

 Figure 5.19: 25%FL - 320° Port Injection EGT with Varying Methane Substitution 

This corroborates the IMEP data and verifies cylinder 2 gets less fuel than cylinders 1 & 

3 with increased methane use. As methane use increases the ignition delay, prolonged combustion 

and decreased efficiency should increase the EGT.  Since cylinder 2 EGT did not increase 

proportionally, it did not receive increased methane as it should have. Combustion and injection 

parameters for low and high methane substitution rates is provided in Table 5.9. Note that the 

maximum HRR was found to correspond to the diesel auto-ignition spike for all cases. 

Table 5.9: 25%FL Combustion Characteristics for Premixed and Port Injection dual fuel 

with varying %Methane Substitution 

Dual Fuel 
Mode 

Meth
% 

Pilot SOI 
CA°BTDC 

SOC1 
CA°ATDC 

ID1 

CA° 
EOC1 
CA°ATDC 

Max HRR1 
J/Deg 

Diesel 0 8 1.1 9.1 26.0 145 @ 2.9°ATDC 

Premixed 45.23 8 1.9 10.6 31.9 107.6@3.6°ATDC 

Premixed 88.90 8 3.4 11.4 45.8 20 @ 4.7°ATDC 

320° PI 45.89 8 1.7 9.9 30.2 108.3@3.3°ATDC 

320° PI 88.80 8 3.1 11.1 44.3 21.2 @ 4.3°ATDC 

In an attempt to mitigate the divergence of IMEP with increased methane use a second 

set of constant load tests for 320° port injection at a higher common rail pressure of 8barg (up 

from 5.4barg for all previous tests) was carried out.  The resulting injection duration with 
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increased injection pressure for high methane substitution decreased from 5.0 to 4.3 milliseconds 

(52.5° to 45.2° CA) when going from 5.4barg  to 8barg methane injection pressure.   

The results yielded a slight decrease in efficiency from the lower injection pressure, but the 

discrepancy in injector response was minimized, yielding consistent IMEP between cylinders.  

The efficiency performance for premixed and 320° port injection with 5.4barg and 8barg  can be 

seen in Figure 5.20.  As the rail pressure is increased performance approaches closer to that of 

premixed dual fuel.  It is possible that this is related to mixing enhancement induced by higher 

injection pressure, resulting in a well mixed methane – air charge, similar to premixed test 

conditions. It can also be seen that increased injection pressure reduced the cylinder-to-cylinder 

discrepancy in IMEP with increased methane substitution. This is shown in Table 5.10. The gas 

injector response with varying injection pressure was an unforeseen operational issue which was 

mitigated with increased injection pressure. 

 

Figure 5.20: 25%FL BFCE vs. Methane Substitution Rate for Premixed and Port Injection 

Dual Fuel with Different Injection Pressure 
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Table 5.10: 25%FL Indicated Performance Parameters for 320 Port Injection with 

Increased Injection Pressure of 8barg 

Dual Fuel 
Mode 

Meth. 
% 

IMEP1 
bar 

IMEP2 
bar 

IMEP3 
bar 

COVIMEP1 IFCE BFCE ME 

320 ° PI 33.36 5.67 6.56 6.24 0.0289 45.24 29.77 65.80 

320° PI 45.64 5.99 6.17 6.06 0.0265 43.48 29.01 66.71 

320° PI 66.54 6.61 5.92 6.21 0.0250 43.31 28.08 64.85 

320 °PI 84.27 6.46 6.02 6.24 0.0636 40.12 26.05 64.92 

320°PI 88.41 5.81 6.11 6.19 0.1202 38.38 25.75 67.08 

5.4 Varying Load – Constant Pilot Diesel-Methane Dual Fuel  

In contrast to the constant load testing reported in Section 5.2, in this section test data is 

reported for a range of loads where the pilot fuel use was very small relative to methane.  The 

methane-air ER is directly proportional to the load for equal pilot injections. The laminar burning 

velocity increases with ER such that the burn time of the mixture decreases with load.  

 The objectives for constant pilot dual fuel tests were to explore the performance of dual 

fuel operation with minimal amounts of diesel pilot injection.  Tests were conducted with a 

nominal 50J and 80J diesel pilot injection to represent a ‘minimum’ and ‘increased’ pilot 

quantity, corresponding to an injection durations of 108μs and 209μs respectively
8
.   Note that 

50J is above the minimum pilot for both premixed and port injection modes.  Also, for reference, 

at 25%FL diesel-only operation, the fuel input corresponds to 337J/injection.  As discussed in the 

literature review section natural gas is much cheaper and burns cleaner than diesel, hence the 

initiative to collect data where it’s use is maximized. 

5.4.1 Modifications to Operating Parameters 

The constant load, varying fuel proportion tests carried out at 25% FL showed there was 

little effect on port injection timing for the early, middle, and late injection angles used
9
.  For all 

tests reported in this section the methane port injection timing was limited to “early” and “late” 

                                                      

8
 Injection durations correspond with 900bar common rail pressure 

9
 Note this applies to tests reported in 5.2 where engine speed and load were held constant 
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injection where early EOI was moved to 300°BTDC from 320°BTDC to ensure that the SOI did 

not occur before the intake valve opened at high loads. Late EOI timing remained at 200°BTDC. 

75%FL tests were found to have gas injection durations exceeding 90° with 5.4barg supply 

pressure and would exhibit similar discrepancies in cylinder-to-cylinder IMEP as discussed in 

Section 5.2.1 For these reasons injection pressure was maintained at 8barg for all diesel dual fuel 

tests reported in this section, where 75%FL tests reached up to 80° gas injection duration.  

5.4.2 Constant Pilot Dual Fuel Data 

Minimal pilot injection - dual fuel testing was carried out for early (300°BTDC EOI) port 

injection, late (200°BTDC EOI) port injection and premixed  with a  ‘minimum’ (50J) and 

‘increased’ (80J) nominal diesel pilot injection.  Pilot injection controllability was found to be 

difficult to maintain from day-to-day, and actually varied from 42J-54J for the minimum pilot 

tests, and from 73-84J for the increased pilot tests.  The pressure and HRR profiles for 25%FL 

50J and 80J pilot tests is provided in Figure 5.21 and Figure 5.22 respectively. Note that the 

diesel pilot SOI and EOI is illustrated with an arrow.  SOI is at 8°BTDC while injection durations 

are roughly 1°CA and 2°CA for 50J and 80J pilot injections respectively. It is very important to 

note that SOC occurs well after the end of the diesel injection and therefore there is no diffusion 

flame burning period typical of diesel combustion. 

 The pressure and heat release profiles for dual fuel modes vary significantly from diesel 

operation. With 50J and 80J pilot dual fuel modes, a much smaller diesel auto-ignition heat 

release event occurs, followed by a prolonged, lean methane combustion event. The global 

methane ERs for 50J pilot, 25%FL tests in Figure 5.21 varied from 0.360 to 0.376. The global 

methane ERs for 80J pilot, 25%FL tests in Figure 5.22 varied from 0.329 to 0.332.  In all cases 

the ER is above the flammability limit for methane which is estimated to be 0.18 under 

compression ignition engine conditions of 50bar and 700°K [37]. 
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When comparing the port injection and premixed curves there is evidence of decreased 

ignition delay associated with port injection, but this effect is diminished with increasing pilot 

injection from 50J to 80J. It can also be seen that port injection yields an increased HRR after the 

diesel auto-ignition event providing further evidence that port injection results in richer methane 

combustion.  It should be noted that during the diesel auto-ignition event there is also methane 

combustion due to the local mixing of the diesel with the methane-air atmosphere.  More rapid 

diesel auto – ignition occurs for the 80J pilot injection compared to 50J pilot as evidenced by the 

increased slope in HRR seen during the diesel auto-ignition event.   

 

Figure 5.21: 25%FL 50J Pilot Dual Fuel Pressure and HRR Curves 
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Figure 5.22: 25%FL 80J Pilot Dual Fuel Pressure and HRR Curves 

The pressure and HRR profiles for50%FL 50J and 80J pilot tests are shown in Figure 

5.23 and Figure 5.24. The methane combustion event that follows the diesel combustion spike 

becomes more prominent at 50%FL compared to 25%FL. This is a result of the increased 

methane ER for 50%FL, which ranged from 0.462 to 0.468 for 50J pilot and 0.451-0.460 for 80J 

pilot tests.  Evidence of a strong flame propagating through the combustion chamber can be seen 

for all 50%FL dual fuel modes, but is more prominent for the port injection tests. Ignition delay 

tends to be shorter for port injection compared to premixed operation. In the 80J pilot tests, port 

injection ignition delay nearly converges with diesel-only operation. The discrepancy in 

compression pressure between dual fuel and diesel operation before ignition has increased from 

25%FL as expected due to increased heat capacity of the cylinder contents (i.e., more triatomic 

methane in the mixture). 
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Figure 5.23: 50%FL 50J Pilot Dual Fuel Pressure and HRR Curves 

 

Figure 5.24: 50%FL 80J Pilot Dual Fuel Pressure and HRR Curves 

The pressure and HRR profiles for 75%FL 50J and 80J pilot tests are shown in Figure 5.25 

and Figure 5.26 respectively. At 75%FL, the combustion profile for dual fuel modes closely 

resembles that of a spark ignition engine, where a single HRR bump indicates the ignition and 

propagation of a premixed flame through the combustion chamber.  However, for both 50Jand 
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the diesel auto-ignition process. Similar to 25% and 50%FL tests, 80J pilot resulted in an 

increased diesel auto-ignition HRR.  At 75%FL, port injection and premixed dual fuel HRR 

profiles are nearly identical in terms of overall shape.  However, they still follow the trends seen 

at lower loads, where ignition delay is slightly increased and peak methane HRR slightly 

decreased for premixed compared to port injection.  Ignition delay for port injection dual fuel 

modes closely matches that of diesel-only operation. Again, the compression pressure 

discrepancy between dual fuel and diesel-only operation has increased further for 75%FL as 

expected. 

 

Figure 5.25: 75%FL 50J Pilot Dual Fuel Pressure and HRR Curves 
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Figure 5.26: 75%FL 80J Pilot Dual Fuel Pressure and HRR Curves 

The effect of increased load on the pressure and HRR profiles is provided for 300°PI dual 

fuel operation with minimum pilot in Figure 5.27.  It can be seen that increased load and thus 

increased methane ER results in shorter ignition delay periods and faster methane combustion.  

Peak HRR transitions from occurring at the diesel auto-ignition event to occurring during the 

methane combustion phase. 
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Figure 5.27: Pressure and HRR Curves for 300°PI 50J Dual Fuel at Various Loads 

Efficiency data for 50J and 80J pilot dual fuel modes reported in Figure 5.21 through 

Figure 5.26can be seen in Figure 5.28 and Figure 5.29.  Note that intermediate loads of 37.5%FL 

and 62.5%FL were included in the tests. First, it can be seen that diesel performance surpasses 

dual fuel for all tests reported in Figure 5.28 and Figure 5.29. The efficiency gap between diesel 

and dual fuel modes decrease as load is increased. Secondly, the tests with the low load 80J pilot 

tend to slightly outperform the low load 50J pilot tests.  This follows the trends seen in the 

constant load-varying fuel proportion testing of section 5.2, where efficiency suffered with 

decreasing pilot fuel.   Lastly it should be noted that there is no consistent trend between the early 

and late port injection curves between 50J and 80J pilot injection quantities. Early port injection 

tends to perform better for 50J pilot while late injection tends to perform better with 80J pilot.  

This suggests there could be an interaction between the diesel spray and the methane-air charge.  

The results are very close which makes it difficult to draw conclusions other than port injection 

out performs premixed dual fuel. 
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Figure 5.28: BFCE vs. Load for 50J Pilot Dual Fuel Modes 

 
Figure 5.29: BFCE vs. Load for 80J Pilot Dual Fuel Modes 
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50J and 80J pilot dual fuel modes can be seen below in Figure 5.30 and Figure 5.31 respectively. 

It can be seen that UHC emissions for dual fuel modes are drastically higher then diesel operation 

due to wall quenching and crevice losses inherent with introducing fuel with the intake air.  

However, UHC emissions improve with increased load. This results from the increased flame 
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temperatures and methane ER leading to more complete combustion methane.  However, they 

remain an order of magnitude higher than diesel operation throughout the loads tested, likely due 

to the large quenching distance and crevice losses associated with methane use. This represents 

the classic issue with running a CI engine in dual fuel mode with a globally lean, ‘premixed’ 

gaseous fuel.   

 

Figure 5.30:UHC Emissions vs Load for 50J Pilot Dual Fuel Modes 

 

Figure 5.31:UHC Emissions vs. Load for 80J Pilot Dual Fuel Modes 
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injection. This could be attributed to the generation of more ignition sites with the larger diesel 

injection or possibly a higher level of turbulence in the methane-air mixture (both of which result 

in a shorter burn time. There is also a larger gap between port injection and premixed UHC for 

50J pilot compared to the 80J pilot curves.  This suggests that increased pilot use is less beneficial 

for port injection due to increased mixing of the methane regions from the diesel spray, bringing 

it closer to the premixed condition. Again, it is difficult to distinguish between early and late port 

injection aside from outperforming premixed dual fuel mode. The corresponding CO emissions 

for 50J and 80J pilot dual fuel modes are provided in Figure 5.32 and Figure 5.33. 

 
Figure 5.32:CO Emissions vs. Load for 50J Pilot Dual Fuel Modes 

 
Figure 5.33: CO Emissions vs. Load for 80J Pilot Dual Fuel Modes 
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As with UHC and BFCE, CO emissions suffer for all dual fuel cases tests reported in 

Figure 5.32 and Figure 5.33 compared to diesel, but improve with increasing load.  This is also a 

result of the improved methane ER and increased cylinder/flame temperature associated with 

increased load while maintaining a constant pilot injection.   

Unlike BFCE and UHCs, 80J pilot results in increased CO emissions at 25%FL 

compared to 50J pilot. However, as load is increased 80J and 50J pilot yield virtually identical 

CO emissions.  Looking back to the 25%FL- varying fuel proportion tests in section 5.2, it was 

shown that with increasing methane substitution, i.e. going from 80J pilot to 50J pilot, CO 

emissions went from steadily increasing to sharply decreasing at 80-85% methane substitution, 

see Figure 5.17.  This was attributed to the increased methane ER resulting in higher bulk fluid 

temperatures, thus improving the CO – CO2 conversion effectiveness. Since 50J pilot represents 

88-90% methane while 80J represents 81-83% methane for the various 25%FL dual fuel modes, 

80J pilot represents the peak of Figure 5.17 while the 50J pilot falls on the downward slope after 

the peak.  Hence, 80J pilot results in increased CO emissions at 25%FL.  This phenomenon seems 

limited to 25%FL since CO emissions are virtually identical between 80J and 50J pilot tests at 

higher loads due to the increased temperatures.  Note that PM CO is very similar to PI CO 

emissions. 

Again, it is difficult to distinguish between early and late port injection. The 50J pilot CO 

emissions show no clear patterns between the dual fuel modes,  while 80J pilot CO emission 

seem more organized, with identical emissions seen for both early and late port injection. This 

could partly result from the pilot injection variability associated with such short injection 

duration. The NOx emissions corresponding to 50J and 80J pilot tests reported in Figure 5.28 and 

Figure 5.29 can be seen below in Figure 5.34 and Figure 5.35. At low load, dual fuel modes 

produce much less NOx emissions than diesel.  However, with increased load dual fuel modes 

exhibit a much steeper rise in NOx compared to diesel.  Above 50%FL dual fuel modes yield 
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larger NOx emissions compared to diesel, and reach more than twice the diesel value at 75%FL.  

Premixed dual fuel mode tends to yield slightly lower NOx levels compared to port injection for 

engine tests reported in Figure 5.34 and Figure 5.35 for both minimum and increased pilot 

injection. This is expected due to the slightly decreased peak pressure and temperature associated 

with PM dual fuel operation 

 

Figure 5.34: NOx Emissions vs. Load for 50J Pilot Dual Fuel 

 

Figure 5.35: NOx Emissions vs. Load for 80J Pilot Dual Fuel 
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140bar at 10°ATDC for diesel-only operation. The increased peak pressure, and corresponding 

increased peak temperature, in addition to the locally leaner combustion associated with dual fuel 

modes which supplies an abundance of oxygen, is believed to drive the NOx emissions. 

It can be seen in Figure 5.34 and Figure 5.35 that 80 J pilot results in increased NOx for 

loads at and below 50%.   However, at 62.5% and 75%FL the reverse is found.  It is hypothesized 

that this shift in NOx formation with pilot quantity is a result of the combustion process 

undergone by the pilot fuel.  At high load, pilot fuel is injected into a much richer methane 

mixture, which results in even richer diesel auto-ignition.  Running with an increased pilot 

quantity increases the amount of fuel being burnt in rich, oxygen-depleted zones and hence 

results in decreased NOx emissions.  A summary of emissions data with actual pilot injection 

quantities shown, and additional operating parameters for all constant pilot – diesel dual fuel data 

is provided in Table 5.11 and Table 5.12 respectively. 
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Table 5.11: Constant Pilot Diesel Dual Fuel Emissions 

Load 
%FL 

DF  
Mode 

Nominal 
Pilot (J) 

Actual 
Pilot(J) 

Total Fuel 
Input/cycle (J) 

BFCE 
 

NOx 
PPM 

CO 
%Vol 

UHC 
PPM 

25 300° PI 50 48.54 432.67 0.2493 117 0.21 399 

32.5 300° PI 50 41.27 484.67 0.328 401 0.13 288 

50 300° PI 50 44.43 565.96 0.3712 1550 0.1 216 

62.5 300° PI 50 44.75 677.15 0.3857 3360 0.09 183 

75 300° PI 50 47.62 804.57 0.3952 5025 0.08 163 

25 300° PI 80 83.16 415.77 0.2595 212 0.22 367 

32.5 300° PI 80 83.06 480.25 0.331 750 0.12 262 

50 300° PI 80 83.00 583.38 0.3601 2000 0.1 213 

62.5 300° PI 80 78.97 692.73 0.377 3350 0.09 181 

75 300° PI 80 79.70 816.1 0.3896 4700 0.08 163 

25 200° PI 50 49.39 446.09 0.2418 149 0.21 446 

32.5 200° PI 50 47.85 491.9 0.3232 430 0.13 318 

50 200° PI 50 55.46 587.65 0.3575 1500 0.1 233 

62.5 200° PI 50 52.11 686.16 0.3806 3600 0.09 191 

75 200° PI 50 54.07 823.25 0.3862 5260 0.07 170 

25 200° PI 80 74.18 412.96 0.2612 232 0.22 385 

32.5 200° PI 80 77.15 472.54 0.3364 623 0.12 272 

50 200° PI 80 74.09 568.76 0.3694 1590 0.1 223 

62.5 200° PI 80 81.82 692.88 0.3769 3385 0.09 185 

75 200° PI 80 76.59 804.47 0.3952 4890 0.08 162 

25 PM 50 50.71 456.44 0.2363 88 0.21 446 

32.5 PM 50 49.60 505.84 0.3143 385 0.13 318 

50 PM 50 53.35 593.62 0.3539 1250 0.1 233 

62.5 PM 50 51.22 702.62 0.3717 3230 0.085 191 

75 PM 50 51.95 829.01 0.3835 5100 0.07 170 

25 PM 80 79.00 432.2 0.2496 162 0.24 394 

32.5 PM 80 76.10 487.32 0.3262 504 0.13 288 

50 PM 80 76.96 585.22 0.359 1293 0.1 232 

62.5 PM 80 78.89 706.21 0.3698 3000 0.09 189 

75 PM 80 79.50 834.06 0.3812 4800 0.08 172 
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Table 5.12: Operating Parameters for Constant Pilot Diesel Dual Fuel 

Load 
%FL 

DF 
Mode 

Nom. 
Pilot (J) 

MAP 
kPa  

MAT Air Flow 
Kg/Hr 

ERMeth Oil T 
°C 

EGT Before 
/After Turbo 

25 300° PI 50 0 28.7 49.5 0.360 96.3 323.4 276.11 

32.5 300° PI 50 0 24.4 50.3 0.412 95.3 369.3 309.08 

50 300° PI 50 0 25.6 51.4 0.467 98.0 409.2 343.26 

62.5 300° PI 50 0 27.2 55.8 0.530 100.1 450.3 372.98 

75 300° PI 50 0 29.9 60.5 0.594 103.2 502.9 412.93 

25 300° PI 80 0 25.9 47.0 0.332 95.3 309.9 265.69 

32.5 300° PI 80 0 26.0 48.8 0.382 96.9 360.8 302.5 

50 300° PI 80 0 26.7 50.5 0.460 99.1 405.5 337.21 

62.5 300° PI 80 0 28.5 55.5 0.528 101.4 456.7 376.75 

75 300° PI 80 0 31.5 57.8 0.601 105.3 506.1 417.45 

25 200° PI 50 0 29.0 50.0 0.373 96.8 327.1 278.74 

32.5 200° PI 50 0 26.4 50.6 0.412 96.8 365 304.06 

50 200° PI 50 0 27.6 53.9 0.457 99.1 409.6 341.17 

62.5 200° PI 50 0 28.8 59.3 0.509 101.1 457.2 376.49 

75 200° PI 50 0 31.6 67.3 0.547 104.9 504.2 413.61 

25 200° PI 80 0 25.5 47.9 0.332 95.9 312.1 263.4 

32.5 200° PI 80 0 26.4 49.9 0.372 97.9 363.5 304.56 

50 200° PI 80 0 27.1 50.8 0.451 99.9 404.4 338.55 

62.5 200° PI 80 0 29.0 53.6 0.536 101.6 456.7 380.24 

75 200° PI 80 0 31.4 57.4 0.599 104.6 503.7 416.45 

25 PM 50 0 27.9 50.4 0.376 95.9 331.1 282.51 

32.5 PM 50 0 26.7 55.1 0.384 97.0 370.2 309.93 

50 PM 50 0 27.2 57.3 0.462 98.1 416.2 343.06 

62.5 PM 50 0 28.5 59.7 0.511 100.4 460.9 378.73 

75 PM 50 0 31.2 59.2 0.625 103.4 503.5 415.56 

25 PM 80 0 27.9 50.4 0.329 96.2 314 269.91 

32.5 PM 80 0 28.1 55.7 0.353 99.0 368.2 309.39 

50 PM 80 0 29.1 55.7 0.438 100.8 412.2 346.04 

62.5 PM 80 0 29.6 60.1 0.490 101.8 459.7 378.7 

75 PM 80 0 31.4 59.3 0.602 103.9 501 412.57 

It can be seen that key operating parameters such as MAT and Oil temperature are 

consistent across equal load tests as well as diesel operation, seen in Table 5.2. Exhaust gas 

temperatures are higher for premixed dual fuel at lower loads compared to port injection, but 
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converge with port injection temperatures as 75%FL is approached.  This agrees with the 

efficiency curves, which show a larger efficiency gap between port injected and premixed at low 

load, which nearly converge at 75%FL. A summary is provided Table 5.13. 

Table 5.13: Indicated Performance Parameters for Constant Pilot Dual Fuel 

Load 
%FL 

DF 
Mode 

Nom. 
Pilot(J) 

IMEP1 
[bar] 

IMEP2 
[bar] 

IMEP3 
[bar] 

COV 

IMEP1 
IFCE BFCE ME 

25 300° PI 50 5.81 6.11 6.19 0.048 0.372 0.249 0.671 

32.5 300° PI 50 8.45 7.30 8.43 0.018 0.443 0.328 0.741 

50 300° PI 50 10.18 9.49 9.95 0.010 0.464 0.371 0.799 

62.5 300° PI 50 12.56 11.37 11.95 0.014 0.470 0.386 0.820 

75 300° PI 50 14.84 13.83 14.58 0.015 0.477 0.395 0.828 

25 300° PI 80 6.90 5.27 6.18 0.053 0.392 0.259 0.663 

32.5 300° PI 80 8.49 7.53 8.52 0.050 0.454 0.331 0.730 

50 300° PI 80 10.76 9.59 10.17 0.054 0.464 0.360 0.776 

62.5 300° PI 80 12.50 11.47 12.30 0.047 0.465 0.377 0.811 

75 300° PI 80 14.72 13.57 14.39 0.054 0.464 0.390 0.839 

25 200° PI 50 6.43 5.62 6.43 0.062 0.368 0.242 0.658 

32.5 200° PI 50 8.24 7.56 8.50 0.055 0.439 0.323 0.737 

50 200° PI 50 10.38 9.63 10.22 0.078 0.457 0.357 0.783 

62.5 200° PI 50 12.54 11.66 12.29 0.020 0.472 0.381 0.807 

75 200° PI 50 14.72 13.65 14.53 0.022 0.463 0.386 0.835 

25 200° PI 80 6.99 4.92 6.29 0.059 0.391 0.261 0.668 

32.5 200° PI 80 8.54 7.36 8.44 0.063 0.457 0.336 0.736 

50 200° PI 80 10.33 9.36 10.01 0.085 0.464 0.369 0.797 

62.5 200° PI 80 12.40 11.31 12.11 0.047 0.459 0.377 0.821 

75 200° PI 80 14.67 13.30 14.26 0.035 0.466 0.395 0.848 

25 PM 50 5.32 6.06 7.11 0.080 0.360 0.236 0.657 

32.5 PM 50 7.52 7.76 8.85 0.028 0.423 0.314 0.742 

50 PM 50 10.18 9.55 10.42 0.011 0.451 0.354 0.785 

62.5 PM 50 12.09 11.73 12.54 0.010 0.459 0.372 0.809 

75 PM 50 14.75 13.96 14.87 0.010 0.467 0.384 0.822 

25 PM 80 5.84 6.15 6.75 0.021 0.385 0.250 0.648 

32.5 PM 80 10.16 9.87 10.55 0.009 0.557 0.326 0.586 

50 PM 80 10.18 9.75 10.50 0.014 0.461 0.359 0.778 

62.5 PM 80 12.39 11.60 12.41 0.012 0.458 0.370 0.808 

75 PM 80 14.50 13.86 14.47 0.012 0.456 0.381 0.837 
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Mechanical efficiencies are reasonably consistent across equal load dual fuel and diesel 

tests, giving confidence in the testing methods. The IMEP COV1s are typically higher for dual 

fuel operation compared to diesel for equal loads, indicative of the added variance associated use  

of a second fuel.  It can also be seen that port injection typically exhibits higher IMEP COV1 than 

premixed. 

5.5 Dual Fuel Pilot Injection Timing Sensitivity Study 

All dual fuel data presented in previous sections were collected using the diesel-only 

optimized injection timing of 8°BTDC.  It can readily be seen that at 25% and 50%FL, this 

generates an ignition delay larger than diesel-only operation, which suggests that advancing 

injection could result in decreased UHCs and improved efficiency.  A pilot SOI sensitivity 

analysis was conducted for 25%FL and 50%FL.  Pilot SOI was advanced from 8° BTDC until 

combustion failure due to pilot over-mixing occurred.  In all the tests the methane was port 

injected with an EOI at 300° BTDC. 

The pressure and HRR profiles for 25%FL 50J and 80J pilot quantities with varying pilot 

SOI are provided in Figure 5.36 and Figure 5.37 respectively. Note the position and length of the 

horizontal arrows represent the SOI and duration of the pilot injection. In all cases EOI occurs 

well before SOC so the diesel mixes with the methane-air mixture.  Advancing the pilot SOI 

results in a higher peak pressure and temperature.  For the 50J pilot and 18° SOI it can be seen 

that the magnitude of the diesel auto-ignition HRR is reduced and less defined than later SOI 

timing. This is more prominent with the 80J pilot injection curve at 24° SOI timing, which 

exhibits a slower rise in HRR at the diesel auto-ignition event.  Instead of a diesel auto ignition 

spike followed by flame propagation of methane regions, a single combustion event is seen. 

Overall, increasing injection advancement increased peak cylinder pressure and temperature for 

all SOI angles tested.  



 

110 

 

 

Figure 5.36: 25% FL 50J Pilot Pressure and HRR Curves for Various Pilot IAs 

 

Figure 5.37: 25% FL 80J Pilot Pressure and HRR Curves for Various Pilot SOI 

The BFCE data obtained at 25%FL with varying pilot injection timing corresponding to 

tests reported in Figure 5.36 and Figure 5.37is provided in Figure 5.38. It can be seen that 

efficiency improves with injection advancement for both pilot quantities up to 16° BTDC, and 

then they begin to drop. This is the result of too much heat release occurring BTDC such that the 

early pressure rise counteracts the piston motion.  It should be noted that with the 80J pilot the 
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engine was able to run with further injection advance compared to 50J pilot.  For example, for the 

80J pilot the injection advance was able to reach 24°BTDC before severe loss of engine speed 

due to misfires compared with 18°BTDC for 50J pilot. This is due to over mixing of the pilot 

injection whereby the injected diesel-methane-air mixture becomes inflammable before auto 

ignition occurs. Therefore, the increased pilot is able to withstand further injection advance 

before over-mixing. 

 

Figure 5.38: 25%FL BFCE Pilot SOI Sensitivity for 300° PI Dual Fuel 

The corresponding UHC, CO and NOx emissions for 25%FL pilot SOI sensitivity can be 

seen below in Figure 5.39 through Figure 5.41.  The trends in the UHC, CO and NOx are 

consistent with the increased efficiency observed with increased injection. This is likely a result 

of shifting the combustion HRR curve closer to TDC, resulting in higher peak pressure and 

temperature which is able to burn more of the fuel.  UHC and CO emissions decrease for both 

pilot injection quantities up to 16° BTDC SOI while NOx emissions increase, all of which 

indicate improved, higher temperature combustion resulting from injection advance.  However, 

past 16° the trends shift, where efficiency decreases and, CO & UHC increase and NOx begins to 

decrease.   
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Figure 5.39: 25%FL UHC Pilot SOI Sensitivity for 300° PI Dual Fuel 

 

Figure 5.40: 25%FL CO Pilot SOI Sensitivity for 300° PI Dual Fuel 

 

Figure 5.41: 25%FL NOx Pilot SOI Sensitivity for 300° PI Dual Fuel 
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First, it should be noted there is a large difference in NOx emissions between minimum 

and increased pilot injection, suggesting that a large portion of NOx formation results from the 

combustion of rich zone pilot fuel and decreased ignition delay associated with increased pilot 

injection. Secondly, injecting earlier increased peak pressure & temperature, which would 

promote NOx formation. However, as injection timing continues to advance the pilot fuel is given 

more time to mix, allowing it to reach leaner ERs prior to auto-ignition.  This results in very lean, 

and cooler combustion of the pilot which would decrease the pilot fuel NOx contribution.  Thus, 

it would seem that with further injection advancement (past 16° for 50J pilot and 18° for 80J 

pilot) the decrease in pilot combustion NOx is greater than the increased NOx formation due to 

globally higher pressure and temperature.  Similarly, CO and UHC emissions increase when NOx 

begins to decrease, suggesting that the highly mixed pilot fuel is less effective at promoting 

strong combustion of the methane regions due to decreased pilot combustion flame temperatures.   

A similar injection sensitivity analysis was conducted for 50%FL. The pressure trace 

profiles for 50%FL SOI sensitivity tests can be seen below in Figure 5.42 and Figure 5.43. 

Similar to 25%FL, as injection is advanced from 8° peak cylinder pressure and temperature 

increases.  However, as injection continues to advance a transition takes place where SOC is 

retarded, and the combustion event and associated peak pressure shift back toward TDC.  This is 

seen for both 50J and 80J pilot 30° and 38° pilot SOI angles respectively. Also, it can be seen that 

there is a change in the contour of the HRR profiles with injection advance.  Again, instead of a 

diesel auto ignition spike followed by flame propagation of methane regions, a single combustion 

event is seen. This represents a PCCI combustion mode, where a premixed charge ignites under 

lean conditions so that low combustion temperatures are achieved.   
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Figure 5.42: 50% FL 50J Pilot Pressure and HRR Curves for Various Pilot IAs 

 

Figure 5.43: 50% FL 80J Pilot Pressure and HRR Curves for Various Pilot SOI 

The corresponding efficiency and emissions results for 50%FL pilot SOI sensitivity tests 
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recuperation of efficiency when injection is advanced to 38° from 30° for the 80J Pilot.  This 

increase in efficiency corresponds to the shift in the HRR towards TDC so that the cylinder 

pressure does not rise significantly before TDC, as is the case for 30
o
 SOI. It should be noted that 

much further injection advance was achievable at 50%FL compared to 25%FL due to decreased 

ignition delay as a result of higher cylinder temperature.  Also, the same trend with injection 

advance limits can be seen between 50J and 80J pilots, where 80J pilot was able to run steadily 

up to 38°BTDC SOI while the 50J pilot could only reach 30° BTDC SOI timing before misfires 

would occur. 

 

Figure 5.44: 50%FL BFCE Pilot SOI Sensitivity for 300° PI Dual Fuel 

 
Figure 5.45: 50%FL UHC Pilot SOI Sensitivity for 300° PI Dual Fuel 
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Figure 5.46: 50%FL CO Pilot SOI Sensitivity for 300° PI Dual Fuel 

 
Figure 5.47: 50%FL NOx Pilot SOI Sensitivity for 300° PI Dual Fuel 
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temperatures are fairly consistent throughout 50J and 80J pilot tests, however a noticeable 

increase in EGT can be seen for the 50J-30°SOI test and a decrease in EGT for the 80J- 34°& 38° 

tests.  This marks the severe drop and increase in efficiency for the 50J & 80J tests respectively. 

Table 5.14: 50%FL Emissions & Heat Input for 300° PI Pilot SOI Sensitivity of 50J & 80J 

Pilot Injections 

Pilot SOI 
(CA°BTDC) 

Nominal 
Pilot (J) 

Actual 
Pilot(J) 

Total Fuel 
Input/cycle (J) 

BFCE 
 

NOx 
PPM 

CO 
%Vol 

UHC 
PPM 

8 50 44.43 523.02 0.362 1550 0.1 216 

10 50 57.35 525.17 0.3606 2040 0.09 191 

12 50 56.46 522.72 0.3627 2650 0.09 198 

14 50 57.97 523.65 0.3612 3230 0.08 193 

16 50 57.46 524.87 0.3608 3550 0.08 192 

18 50 55.18 525.39 0.3618 3820 0.08 191 

22 50 56.13 526.86 0.3603 3830 0.08 194 

26 50 53.81 523.07 0.3642 3560 0.08 183 

30 50 55.89 527.37 0.3602 1979 0.08 191 

8 80 83.00 500.38 0.3601 2000 0.1 213 

10 80 80.05 500.4 0.3619 2125 0.09 208 

14 80 80.64 496.55 0.364 3265 0.08 197 

18 80 84.67 503.58 0.3571 4170 0.08 188 

22 80 81.15 513.28 0.3534 4600 0.08 183 

26 80 80.07 514.91 0.3531 5150 0.06 164 

30 80 79.43 519.2 0.3509 5170 0.06 155 

34 80 80.83 519.99 0.3497 4360 0.06 150 

38 80 73.11 505.68 0.363 2341 0.05 183 
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Table 5.15: 50%FL Operating Parameters for 300° PI Pilot SOI Sensitivity of 50J & 80J 

Pilot Injections 

Pilot SOI 
CA°BTDC 

Nom. 
Pilot (J) 

MAP 
kPa  

MAT Air Flow 
Kg/Hr 

ERMeth Oil T 
°C 

EGT Before 
/After Turbo 

8 50 127.6 25.5 51.4 0.467 98.0 409.2 343.2 

10 50 128.0 30.6 51.0 0.479 98.2 409.8 345.8 

12 50 128.7 31.1 50.6 0.480 100.4 406.8 344.9 

14 50 127.7 31.1 50.9 0.481 101.8 406.2 343.6 

16 50 127.7 31.1 51.2 0.478 101.8 403.3 342.2 

18 50 127.8 31.1 50.7 0.484 102.5 405.4 343.7 

22 50 127.5 31.1 50.8 0.482 101.6 406.4 345.8 

26 50 128.0 31.0 51.0 0.478 102.2 404.2 342.5 

30 50 128.8 31.2 52.4 0.470 101.4 414.8 351.5 

8 80 128.7 30.4 50.5 0.460 99.1 405.5 337.2 

10 80 127.7 30.4 51.7 0.456 101.3 410.9 347.4 

14 80 127.7 30.3 50.5 0.462 101.7 406.5 345.2 

18 80 127.8 30.4 50.9 0.467 102.5 410.3 346.3 

22 80 127.5 30.4 50.7 0.475 103.2 409.5 346.9 

26 80 127.1 30.5 50.7 0.478 104.4 413.1 349.1 

30 80 127.5 30.6 49.8 0.489 105.9 405.7 345.0 

34 80 128.1 30.5 51.2 0.479 106.6 400.2 340.1 

38 80 128.7 30.4 51.6 0.459 105.5 402.0 340.9 

Indicated performance parameters for 50%FL 50J and 80J pilot SOI sensitivity tests can 

be seen in Table 5.16. Mechanical efficiency is very consistent across all tests, ranging from 

77.2% to 78.6%. IMEP is maintained fairly constant from test to test, indicative of maintaining 

constant load with similar mechanical efficiencies.  Cylinder 1 IMEP coefficient is higher for 50J 

pilot tests compared to 80J pilot tests, suggesting an increase in injector variance at very low 

injection quantities.  Additionally, such small injection quantities would be much more 

susceptible to exhibiting varying ignition delay due to in-cylinder flow variances from cycle to 

cycle. Thus, near the minimum pilot injection limit increasing pilot injections yield more stable 

engine operation.   
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Table 5.16: 50%FL Indicated Performance Parameters for 300° PI Pilot SOI Sensitivity of 

50J & 80J Pilot Injections 

Pilot SOI  
(CA°BTDC) 

Nom. 
Pilot(J) 

IMEP1 
bar 

IMEP2 
bar 

IMEP3 
bar 

COV 

IMEP1 
IFCE 
% 

BFCE 
% 

ME 
% 

8 50 10.18 9.49 9.95 0.010 46.4 36.2 77.9 

10 50 10.30 9.74 10.21 0.062 46.1 36.1 78.2 

12 50 10.14 9.95 10.02 0.022 46.1 36.3 78.6 

14 50 10.45 9.97 10.15 0.053 46.7 36.1 77.4 

16 50 10.49 10.05 10.05 0.058 46.6 36.1 77.4 

18 50 10.30 9.87 10.17 0.066 46.4 36.2 78.0 

22 50 10.33 9.94 10.19 0.081 46.4 36.0 77.7 

26 50 10.42 10.01 10.14 0.067 47.1 36.4 77.4 

30 50 10.62 9.61 10.11 0.039 46.2 .36.0 78.0 

8 80 10.76 9.59 10.17 0.054 46.4 36.0 77.6 

10 80 10.56 9.87 10.24 0.009 46.9 36.2 77.2 

14 80 10.36 9.83 10.21 0.010 46.7 36.4 77.9 

18 80 10.31 10.07 10.37 0.008 46.4 35.7 77.0 

22 80 10.08 10.12 10.35 0.008 45.6 35.3 77.5 

26 80 10.17 10.09 10.52 0.008 45.9 35.3 76.9 

30 80 10.12 9.91 10.34 0.010 45.0 35.1 77.9 

34 80 10.45 9.92 10.27 0.009 45.3 35.0 77.2 

38 80 10.12 9.91 10.34 0.010 46.6 36.3 77.9 
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Chapter 6 

Detailed Summary 

6.1 Diesel 

Single injection diesel tests were carried out for various loads and SOI timing. The SOI 

sensitivity analysis revealed 8°BTDC SOI was the optimum timing for 25%, 50%, and 75%FL 

operation with respect to BFCE.  Typical emissions and cylinder pressure trends were found, e.g., 

advancing SOI, and/or increasing engine load resulted in increased peak pressure and NOx 

emissions.  Diesel UHC and CO emissions were very low throughout.   Diesel 25%FL and 

50%FL operation exhibited non-conventional combustion mode (which is typical for small bore 

diesel engines), where diesel EOI occurred before SOC, resulting in a partially premixed diesel 

auto-ignition mode, similar to HCCI and PCCI. At 75%FL the conventional diesel premixed 

auto-ignition event followed by rate controlled diffusion flame combustion was observed.  The 

highest load tested was 75%FL, as 100%FL produced very high levels of smoke. 

6.2 Preliminary Constant Load Dual Fuel Tests 

Preliminary tests were conducted at 25%FL in dual fuel mode with premixed and port 

injection methane gas administration. Load was held constant while methane substitution of the 

diesel fuel increased (8°BTDC diesel SOI used for all tests). For all tests, diesel pilot EOI 

occurred well before SOC. Increasing methane substitution resulted in increased ignition delay, 

decreased peak diesel auto-ignition HRR, decreased and retarded peak cylinder pressure and an 

extended combustion duration.  Methane port injection resulted in decreased ignition delay, 

increased peak methane combustion HRRs and shorter combustion durations compared to PM. 

This suggests that PI results in a more heterogeneous methane-air mixture, such that the richer 

methane regions exhibit more rapid and complete combustion.  Also, the PI mode of operation 

could reach higher methane substitution before ignition failure of the pilot fuel occurred. 
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 With increasing methane substitution UHC and CO emissions increased while NOx 

emissions decreased. This is due to decreased peak cylinder pressure and temperature and 

exchanging richer, high temperature diesel combustion for lean methane combustion. However, 

for very high methane substitution rates (greater that 85% and ER = 0.3 to 0.35) CO emissions 

began to decrease as a result of an increased methane ER, supporting higher temperature 

combustion resulting in better CO – CO2 conversion. PI and PM produced very similar trends for 

emissions.  

6.3 Constant Pilot Dual Fuel Tests 

A 50J and 80J pilot injection was maintained while increasing methane gas rates to increase 

engine load. Tests were conducted at 25%, 32.5%, 50%, 62.5% and 75%FL.  As load increased, 

ignition delay decreased and peak methane combustion HRRs that followed the diesel auto-

ignition event increased.  Overall combustion duration decreased, and peak pressure and 

temperature increased.  Above 50%FL, peak pressure and temperature for dual fuel modes 

surpassed that of diesel, and occurred closer to TDC.  Ignition delay discrepancies between dual 

fuel and diesel-only diminished with increased load, and converged with diesel-only at 75%FL 

for PI dual fuel.  Ignition delay for PM dual fuel continued to be larger compared to diesel at 

75%FL.  

Ignition delay was decreased for 80J tests compared to 50J tests, and resulted in an increased 

peak diesel auto-ignition HRR, and shorter overall combustion duration.  This resulted in a peak 

cylinder pressure that occurred closer to TDC compared to 50J tests of equal load. 

 The BFCE, UHC and CO emissions increased for all dual fuel tests compared to diesel-

only operation. However, the discrepancy diminished with increasing load. The UHC and CO 

emissions decreased with increased load due to the increased peak cylinder temperatures and 

higher methane ERs promoting more complete combustion. The increased methane equivalence 

ratio resulted in higher temperatures and flame speeds thus reducing quenching distance and 
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unburned regions. CO emissions decreased with increased load due to higher peak cylinder 

temperature and increased local methane flame temperatures.  This improved the CO – CO2 

conversion effectiveness for the mixture.  The BFCE improved relative to diesel operation with 

increasing load largely due to the improved combustion of methane, decreased ignition delay, and 

faster methane flames speeds associated with higher ERs.  

NOx emissions increased with increased load.  Dual fuel resulted in much lower NOx 

levels compared to diesel at low load. As load increased to 50%, NOx levels for the various dual 

fuel modes nearly met diesel NOx levels.  However with further load increase, dual fuel modes 

surpassed diesel NOx levels by a factor of 2, seen at 75%FL.  This phenomenon is attributed to 

the increased peak pressure and temperature seen for dual fuel at 75%FL in conjunction with the 

slightly lean methane combustion, supplying an abundance of oxygen. 

The 80J pilot test BFCE, UHC and CO emissions were improved compared to the 50J 

pilot tests for low loads.  At low load, the increased pilot quantity provided a larger auto-ignition 

event, and higher peak cylinder temperatures and pressure due to the earlier and larger diesel 

auto-ignition HRR.  The increased combustion aid from the rich pilot zones, and increased peak 

temperatures contributed to the increased BFCE and decreased UHC and CO emissions seen for 

80J pilot at low loads.  However, as load increased from 25%, CO emissions were virtually 

identical between 80J and 50J pilot injections due to increased peak temperatures and methane 

ERs.  

Port injection out-performed PM dual fuel operation in BFCE and UHC emissions for all 

tests.  This results from the generation of a heterogeneous methane- air mixture, which yields 

richer methane zones that undergo higher temperature and faster combustion. The decreased 

ignition delay seen with PI also contributes to the increased BFCE. The CO emissions did not 

show a clear difference between PI and PM dual fuel modes. 
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6.4 Dual Fuel Pilot SOI Study 

A study was conducted for 25% and 50%FL operation to determine the benefits of 

advancing the pilot SOI timing since these loads experienced increased ignition delay compared 

to diesel operation. Tests were only conducted for PI with 300°EOI timing with increasing SOI 

advancement until combustion failure occurred. 

6.4.1 25%FL 

As pilot SOI advanced from 8° BTDC ignition delay increased but SOC advanced.  Peak 

cylinder pressure and temperature increased with increasing SOI advancement and SOC started 

occurring well before TDC.  The 80J pilot tests were able to reach 24°BTDC prior to misfires and 

combustion failure while the 50J pilot could only operate up to a 16°BTDC SOI.  Combustion 

failure was attributed to over-mixing of the pilot fuel pas its flammability limit prior to auto-

ignition, hence 80J pilot could operate with earlier injection.  The HRR curves exhibited a slower 

diesel auto-ignition event with SOI advance as evident by the decreased HRR slope.  The SOC 

often occurred well before TDC with large advancement angles.  Similar trends with ignition 

delay occurred between 80J and 50J pilot injections where the 80J pilot experienced decreased 

ignition delay. 

The BFCE improved as SOI was advanced up to16 °BTDC and then decreased. Similarly 

UHC and CO emissions were lowered with SOI advancement. This is attributed to an earlier 

SOC, resulting in increased peak temperatures which aid in oxidizing lean fuel and improving CO 

– CO2 conversion.  As injection advance continued past 16°BTDC, much of the heat release 

occurs before TDC, which decreased the BFCE.  At the SOI advance limits CO and UHC 

emissions increased slightly. This is attributed to the ultra lean pilot combustion due to increased 

ignition delay, which experiences less rapid combustion, at leaner ERs resulting in lower 

temperature pilot combustion 
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6.4.2 50%FL 

For 50%FL similar trends for 25%FL were observed, but a transition into a different 

ignition mode was reached. As SOI was advanced peak cylinder pressure increased, SOC 

occurred earlier and improvements in UHC and CO emissions were seen while NOx levels 

increased.  However, with further advancement SOC and peak cylinder pressure retarded.  The 

diesel auto-ignition event could no longer be distinguished.  Ignition occurred as a gradual 

increase in HRR, and continued to form SI like profile.  Once this transition occurred NOx 

emissions decreased while CO and UHC emissions remained lower than later SOI angles.  With 

very early SOI, the cylinder pressure retarded, similar to much later SOI angles, but the HRR 

profile was very different as described above.  Similar to all previous DF tests, the 80J pilot 

exhibited decreased ignition delay and an increased SOI advance limit compared to 50J pilot  

tests. 
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Chapter 7 

Conclusions 

A three-cylinder small-bore diesel engine was successfully converted to run as a methane 

port injected and premixed dual fuel engine. The primary advantage of this type of engine is 

reduced soot production for all loads. This was not quantified as soot was not measured in the 

present study.   The HRR profiles indicated that at low loads combustion occurred in well mixed 

conditions, similar to that of a PPCI engine. Overall, no emissions (excluding soot) benefits were 

seen with fixed pilot dual fuel compared to diesel-only operation. Both UHC and CO were higher 

for dual fuel mode but lower NOx was obtained for below 50%FL. It was found that PI dual fuel 

out-performed PM operation due to enhanced combustion of the lean methane regions, by 

creating a heterogeneous mixture.  Further, UHC and CO emissions for fixed pilot dual fuel 

operation can be improved with advancing SOI, but they result in increased NOx.  With further 

advancement a backwards shift in pressure and HRR profiles can occur which significantly 

reduces NOx while maintaining the reduced UHC and CO emissions.  

With dual fuel mode, the UHC and CO emissions can be reduced  using an oxidation 

catalyst (which performs well in globally lean mixtures) and NOx can be reduced by using some 

EGR. Comparable efficiencies were obtained, except for a slightly lower value at 25%FL, which 

justify dual fuel operation as methane (natural gas) prices are much lower than diesel fuel. 

Currently, high load - stationary applications such as power generation for remote work sites 

which have natural gas availability, would gain the most benefit from diesel dual fuel use. These 

applications could achieve diesel-like efficiencies while using a significantly cheaper fuel. Fuel 

transportation costs would be significantly reduced with decreased diesel use. Further 

improvement in dual fuel emissions, specifically at low load, may be required for automotive use.  
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Chapter 8 

Recommendations 

8.1 Improving the Execution of Engine Tests 

 Simultaneously monitoring and triggering the various data collection systems while 

controlling the dynamometer, fuel injectors, and frequently monitoring inside the test cell proved 

to be a very difficult and demanding task for one person.  Many tests had to be re-done as a result 

of forgetting to trigger data collection from one of the software programs for a given test. This 

often resulted in a complete series of tests that would need to be re-done in order to collect all 

tests within a curve one after the other. For this reason it is highly recommended that two students 

operate the engine cell. 

Also, a frequently encountered issue with the use of National Instruments (NI) 

SignalExpress was found.  The error code “50808” would periodically appear resulting in failure 

to read and log data from the NI-6210 and NI-9213 data cards.  Devices returned these errors 

after the host PC's USB controller reported a USB transaction error.  With help from NI service 

personnel, various ‘workarounds’ were attempted including the use of new USB cables, the use of 

USB repeater cables, and upgrading to the most current NI software.  Although not completely 

understood, it is believed that this error was caused by multiple USB data cards and the Nira ECU 

being connected to one PC. Using USB repeater cables helped diminish the frequency that these 

errors occurred at, but did not completely solve the issue.  In order to clear the error after it  

occurred, the USB device was un-plugged and re-plugged and then the data card was reset 

through NI-MAX software. Therefore, it is recommended that a third PC be used for data 

collection of the NI-6210 and NI-9213 cards. 
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8.2 Future Work 

It would be beneficial to include soot emissions in the analysis of the exhaust gas.  

However, this would require additional equipment and increase the complexity of engine testing 

and data collection, but would help validate and quantify the claims that methane combustion 

does not produce soot. 

Deeper investigation into the PI vs PM dual fuel modes might provide further support to 

the theory that PI dual fuel mode does in fact maintain a heterogeneous mixture.  Testing at 

higher engine speeds (2500-3000RPM) would allow this hypothesis to be further validated, as 

one would assume that the increase of in-cylinder turbulence would enhance mixing, and possibly 

reduce the effectiveness for PI to maintain a heterogeneous mixture. Alternatively at lower engine 

speeds (1500RPM) a larger efficiency gap between PI and PM dual fuel modes may be seen.  The 

development of a CFD model may also provide valuable insight to the concentration distributions 

of methane and air at the time of auto-ignition. 

Lastly, further investigation into the very early diesel pilot SOI timing should be 

conducted.  The earliest SOI angle reached was 38°BTDC for 80J pilot at 50%FL.  Increasing the 

pilot injection to 100J would increase the SOI advancement limit.  Also, the use of two pilot 

injections may yield favorable results with a very early pilot injection (60°-90°BTDC) increasing 

the reactivity of the methane-air mixture and a second injection close to TDC for ignition. 
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Appendix A: OM660 Engine Startup Procedure 

1. Turn on Computers and gas emissions analyzer. Load gas analyzer software and run the 

analyzer. 

2. Visually inspect engine, drive axle, fuel lines and fuel cart for leaks and wear. 

3. Open water supply valve for engine cooling circuit. Turn on packaged Mokon circulating 

temperature control unit and set to 86°C 

4. While engine reaches temperature 

a. Plug in main power supply 

b. Load Nira Software, NI SignalExpress and CatoolRT 

c. Plug in Fuel flow meters, and room air circulation fan 

d. Turn on room ventilation fan 

5. Once engine coolant temperature has reached 86°C setpoint  

a. open water supply valves to the water brake dynamometer and diesel fuel cooler. 

b. Turn on Bosch LP fuel supply pump 

6. Monitor fuel temperatures through NI SignalExpress till temperatures remain constant – 

minimum 10 minutes. 

7. In NI SignalExpress collect 60s of data through the thermocouple and analog input cards. 

Ensure fuel flow meter output is reading an average value of 1.000 +/-0.010V for good 

zero flow baseline.  Reset transmitter if required and repeat data collection till transmitter 

output is within desired range. 

8. Go “Online” in Nira rK Software.  

a. Check common rail injection angle table to ensure startup and idling SOI values 

are below 3°BTDC 

b. Verify load control knob works, and set to 10% for startup. 

9. Prime the water brake dynamometer by opening and closing the priming valve 3-5 times 

10. Turn on the dynamometer control panel and ensure load is at minimum setting. 

11. Hold the starter button down and view the common rail pressure through Nira.  Once 

pressure reaches the minimum set point (150 Bar) injections should begin and engine 

should start up. This typically takes 3-5 seconds. 

12. If engine does not start, verify the “Fuel Mass Control Mode” changes from “Off” to 

“Start” once the minimum rail pressure set point is reached.  If it remains “Off” there is a 

cam sensor synchronizing issue. Ensure the cam and crankshaft hall sensor connections 

are clean and making contact. 
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Appendix B: Premixed Methane Combustion Cantera Code 

 

""" 
Adiabatic flame temperature and equilibrium composition for a fuel/air mixture 
as a function of equivalence ratio, including formation of solid carbon. 
""" 
 
import cantera as ct 
import numpy as np 
import sys 
import csv 
 
############################################################################## 
# Edit these parameters to change the initial temperature, the pressure, and 
# the phases in the mixture. 
 
T = 700.0 
P = 5000000.0 
 
# phases 
gas = ct.Solution('gri30.xml') 
carbon = ct.Solution('graphite.xml') 
 
 
# the phases that will be included in the calculation, and their initial moles 
mix_phases = [(gas, 1.0), (carbon, 0.0)] 
 
# gaseous fuel species 
fuel_species = 'CH4' 
 
# air composition 
air_N2_O2_ratio = 3.76 
 
# equivalence ratio range 
phi_min = 0.2 
phi_max = 1.4 
npoints = 50 
 
############################################################################## 
 
mix = ct.Mixture(mix_phases) 
 
# create some arrays to hold the data 
phi = np.zeros(npoints) 
tad = np.zeros(npoints) 
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xeq = np.zeros((mix.n_species,npoints)) 
 
# find fuel, nitrogen, and oxygen indices 
ifuel = gas.species_index(fuel_species) 
io2 = gas.species_index('O2') 
in2 = gas.species_index('N2') 
 
if gas.n_atoms(fuel_species,'O') > 0 or gas.n_atoms(fuel_species,'N') > 0: 
    raise "Error: only hydrocarbon fuels are supported." 
 
stoich_O2 = gas.n_atoms(fuel_species,'C') + 0.25*gas.n_atoms(fuel_species,'H') 
 
for i in range(npoints): 
    phi[i] = phi_min + (phi_max - phi_min)*i/(npoints - 1) 
    X = np.zeros(gas.n_species) 
    X[ifuel] = phi[i] 
    X[io2] = stoich_O2 
    X[in2] = stoich_O2*air_N2_O2_ratio 
 
    # set the gas state 
    gas.TPX = T, P, X 
 
    # create a mixture of 1 mole of gas, and 0 moles of solid carbon. 
    #mix = ct.Mixture(mix_phases) 
    #mix.T = T 
    #mix.P = P 
 
        # create a mixture of 1 mole of gas, and 0 moles of solid carbon. 
    mix = ct.Mixture(mix_phases) 
    mix.T = T 
    mix.P = P 
 
 
    # equilibrate the mixture adiabatically at constant P 
    mix.equilibrate('HP', solver='gibbs', max_steps=1000) 
   
 
    tad[i] = mix.T 
    print('At phi = {0:12.4g}, Tad = {1:12.4g}'.format(phi[i], tad[i])) 
    xeq[:,i] = mix.species_moles 
 
# write output CSV file for importing into Excel 
csv_file = 'adiabatic.csv' 
with open(csv_file, 'w') as outfile: 
    writer = csv.writer(outfile) 
    writer.writerow(['phi','T (K)'] + mix.species_names) 
    for i in range(npoints): 
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        writer.writerow([phi[i], tad[i]] + list(xeq[:,i])) 
print('Output written to {0}'.format(csv_file)) 
 
 
import matplotlib.pyplot as plt 
plt.plot(phi, tad) 
plt.xlabel('Equivalence ratio') 
plt.ylabel('Adiabatic flame temperature [K]') 
plt.show() 
 
import csv 
data = np.genfromtxt('adiabatic.csv', dtype=float, delimiter=',', names=True) 
 
CO2 = data['CO2'] 
H2O = data['H2O'] 
O2 = data['O2'] 
N2 = data['N2'] 
CO = data['CO'] 
NO = data['NO'] 
phi = data['phi'] 
 
plt.plot(phi, CO2,'b', label = 'CO2') 
plt.plot(phi, H2O,'r', label = 'H2O') 
plt.plot(phi, N2,'o', label = 'N2') 
plt.plot(phi, O2,'g', label = 'O2') 
plt.plot(phi, CO,'y', label = 'CO') 
plt.plot(phi, NO,'p', label = 'NO') 
plt.title('MOLE FRACTION VS EQUIVALENCE RATIO') 
plt.ylabel('Molar Fraction') 
plt.xlabel('Equivalence Ratio') 
plt.legend() 
plt.show() 
 
plt.plot(phi, CO,'y', label='CO') 
plt.plot(phi, NO,'p', label= 'NO') 
plt.title('Molar Fraction vs. Equivalence Ratio') 
plt.ylabel('Molar Fraction') 
plt.xlabel('Equivalence Ratio') 
plt.legend() 
plt.show() 
 
plt.plot(phi, CO2,'r', label='CO2') 
plt.title('Molar Fraction vs. Equivalence Ratio') 
plt.ylabel('Molar Fraction') 
plt.xlabel('Equivalence Ratio') 
plt.legend() 
plt.show() 
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plt.plot(phi, N2,'r', label='N2') 
plt.title('Molar Fraction vs. Equivalence Ratio') 
plt.ylabel('Molar Fraction') 
plt.xlabel('Equivalence Ratio') 
plt.legend() 
plt.show()     
 
plt.plot(phi, NO,'r', label='NO') 
plt.title('Molar Fraction vs. Equivalence Ratio') 
plt.ylabel('Molar Fraction') 
plt.xlabel('Equivalence Ratio') 
plt.legend() 
plt.show() 
 
plt.plot(phi, H2O,'r', label='H2O') 
plt.title('Molar Fraction vs. Equivalence Ratio') 
plt.ylabel('Molar Fraction') 
plt.xlabel('Equivalence Ratio') 
plt.legend() 
plt.show() 
 
plt.plot(phi, CO,'r', label='CO') 
plt.title('Molar Fraction vs. Equivalence Ratio') 
plt.ylabel('Molar Fraction') 
plt.xlabel('Equivalence Ratio') 
plt.legend() 
plt.show() 
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Appendix C: Measurement Error 

Measurement Error 

A list of key instruments used and their respective error tolerances are provided below in 

Table C.1 Values were taken from their respective manufacturer documentation. 

Table C1: Sensor Measurement Error Specifications  

Device/Measurement Error Parameter 

Superflow 901 Torque Output +/-0.5 ft-lb     

RFT9739 Flow transmitter 

(liquid) 

+/- 0.10% of rate          

RFT9739 Flow transmitter (gas) +/- 0.50% of rate           

Optrand +/-0.05 V Cylinder 1 Pressure 

Type ‘k’ thermocouples  Greater of 2.2°C or 0.75% Exhaust Temperature 

Gas Emissions Analyzer Unknown CO, UHC, NOx 

Setra 3100 pressure sensor +/- 0.25% Intake air pressure 

EPC Optical Encoder +/- 1° CA / Revolution N 

HFM 5 Air Flow Sensor +/- 3%  ER 

 

The most concern for experimental error occurs in the determination of brake fuel 

conversion efficiency (BFCE).  The Superflow 901 dynamometer displays torque in 1ftlb 

increments, thus an error range of +/- 0.5ftlb exists.  Targeted torque values were 19, 28, 37, 46 

and 56 ft-lb for 25, 32.5, 50, 62,5 and 75%FL tests respectively. Thus, largest error can occur at 

low load. An illustration of calculation error is provided below in for 25%FL diesel only 

operation at an actual engine speed of 1852RPM and a measured fuel consumption rate of 

0.3681g/s.  
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Results for 25% 50% and 75% full load diesel-only operation are summarized in 

table C.2.  The calculation variance was calculated by maximizing the calculation value and 

minimizing the calculation value with the various error tolerances.  The error decreases 

with increased load.   

Table C2: Brake Fuel Conversion Efficiency Calculation Error 

Load Condition Reported Value Calculation Variance Error 

25% FL 31.93 31.08 - 33.33 -2.68% to 4.30% 

50%FL 38.15 37.60- 38.93 -1.43% to 2.04% 

75%FL 40.03 39.64 - 40.66 -0.97% to 1.58% 

 

 


