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Abstract
Air-conditioning systems driven by solar energy have can save primary energy and
reduce peak power consumption, which is particularly important for utility providers in the
summer months. Additionally solar cooling is a promising application of solar thermal
technology since the cooling load is well correlated to the overall solar availability. Liquid
desiccant air-conditioning, which uses a salt solution to dehumidify air, can be used in a
thermally driven air-conditioning system and offers many benefits for solar applications including
the ability to store solar energy in the form of concentrated liquid desiccant.
The current work focuses on the Queen’s University Solar Liquid Desiccant Cooling
Demonstration Project. In previous work, a pre-commercial Liquid Desiccant Air Conditioner
(LDAC) was installed and experimentally characterized using a gas-fired boiler to provide heat.
As part of the current study a 95m2 solar array was added as a heat source. The Solar LDAC was
tested for 20 days in the summer of 2012 to evaluate performance.
The solar LDAC was found to provide between 9.2kW and 17.2kW of cooling power
with an overall thermal Coefficient of Performance (COP) of 0.40 and electrical COP of 2.43.
The collector efficiency was 53%, and 40% of the required thermal energy was provided by the
solar array.
A model was developed in TRNSYS to predict the performance of the solar LDAC and
simulation results were compared to the experimental results with reasonable accuracy. The
validated model was then used to simulate the annual performance of the solar LDAC in Toronto,
Ontario; Vancouver, British Columbia; and Miami, Florida. The highest performance was
achieved in Miami, where an overall thermal COP of 0.48 was predicted.
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It is proposed that additional improvements be made to the system by replacing
inefficient pumps and fans, adding desiccant storage, and improving the control scheme.
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Chapter 1
Introduction
1.1 Background and Motivation
Increased use of space cooling systems in buildings contributes significantly to peak
electrical loads and strains the electricity grid. Ontario’s electricity demand has recently shifted
from a winter to summer peak due to increased use of air-conditioning in buildings (Ontario
Power Authority, 2009). As well, in Canada, total space cooling energy in the residential and
commercial/institutional sectors has increased from 11, 280 GWh in 1990 to 28,560 GWh in 2007
(Natural Resources Canada, 2012). Peak electricity is expensive as it requires additional
generation capacity, which is often provided by gas turbines that have relatively high operational
costs. With the growing demand to reduce peak power consumption, and the dependence on fossil
fuels, research into alternative space cooling systems has led to the development of thermally
driven air-conditioning systems, which can use waste heat or solar energy.
Space cooling is a particularly interesting application of solar energy since the load is
matched by the overall solar availability. Additionally, in temperate climates, such as Canada and
Northern Europe, solar space cooling systems can improve the economic performance of solar
combi–systems, which provide space heating and domestic hot water, by allowing for year-round
utilization of solar collectors.

1.2 Conventional Air-conditioning Systems and Air-conditioning Loads
Mechanical building ventilation is critical in maintaining acceptable Indoor Air Quality
(IAQ) and occupant comfort. Heating Ventilation and Air-Conditioning (HVAC) systems contain
1

the necessary heating and cooling equipment, as well as the air distribution systems required to
supply the building with both return and ventilation air. Ventilation of buildings has a substantial
influence on building energy consumption. In recent years, as building envelopes have become
tighter, required ventilation rates have increased, resulting in higher space cooling loads
(ASHRAE, 2009).

1.2.1 Air Ventilation and Cooling Loads
Building air-conditioning systems must meet two types of cooling loads: the sensible
load, and the latent load. Sensible cooling is the decrease in the dry bulb temperature of the air,
whereas latent cooling refers to dehumidification.
Ventilation air represents the largest portion of the cooling load, since hot outdoor air
must be cooled to the set-point temperature and humidity. The Ventilation Load Index (VLI),
developed by Harriman, Plager, and Kosar, defines the sensible and latent portions of the cooling
load, and is a measure of the annual energy required to bring a unit volume of ventilation air to a
particular set-point (Harriman, 1997). Equations 1.2.1 and 1.2.2 can be used to calculate the
Latent VLI (VLIL) and Sensible VLI (VLIS), expressed in energy per unit flow rate of air (
∫
∫
where

and

(
(1.2.1)
(

(1.2.2)

are the set-point and ambient absolute humidity;

and ambient temperature;

),

is the latent heat of condensation;

is the specific heat of air. The air properties (

,

, and

and

is the density of air; and

) are functions of temperature.

Figure 1-1 shows the ventilation load index for a variety of locations.

2
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Fig. 1-1: Latent and sensible Ventilation Load Index (VLI) for several cities with a set-point
of 24C and 50% relative humidity
In most Canadian cities, and in many cities worldwide, cooling loads are dominated by
dehumidification. Inadequate dehumidification can result in occupant discomfort as well as mold,
mildew, and other microbial growth.

1.2.2 Conventional Air-handling Equipment
Traditional vapour compression (VC) and fan coil systems are not ideally suited to
handle latent cooling loads. Dehumidification with VC air conditioners is accomplished by
cooling air below its dew point to remove humidity, and then reheating air to the desired delivery
conditions. The process is shown on a psychometric chart in Fig. 1-2a. Conventional systems are
controlled through the use of thermostats, which only control the dry bulb temperature of the
delivery air. Consequently, many systems fail to meet the latent cooling load on humid days.
The Sensible Heat Ratio (SHR) represents the ratio of sensible cooling to total cooling.
For a building air-conditioning system to be effective at meeting both the sensible and latent
cooling load, the SHR of the building must match the SHR of the system. For example, if the
SHR of the system exceeds that of the building, the indoor environment will be too cool and
3

moist. Over the last 30 years, changing building standards, particularly increased insulation and
tighter building envelopes, have contributed to a decrease in the Sensible Heat Ratio (ASHRAE
Standard 90; ASHRAE Standard 62). With this increase in latent cooling, conventional VC airconditioning systems must be oversized in order to provide sufficient dehumidification.
1.2.3

Dedicated Outdoor Air Systems
Dedicated outdoor air systems (DOAS) aim to decouple the latent and sensible cooling

loads, allowing designers to ensure the cooling system will closely match the SHR of the
building. Typically, the DOAS is designed to dehumidify ventilation air, while a smaller
downstream evaporative cooler or small VC system is used to meet the sensible cooling load.
This strategy allows the AC system to be designed specifically for the climate and building which
it will be installed in, eliminating the overcool-reheat cycle and ensuring that adequate
dehumidification is achievable over a wider range of ambient conditions. Eliminating the need to
overcool and reheat ventilation air can improve the coefficient of performance by 20%
(Ghandhidasan and Mohandes, 2011)
Commonly, DOAS systems are comprised of solid desiccant, or rotary wheel
dehumidifiers used in conjunction with electric compression chillers. A typical solid desiccant
dehumidification process is shown on a psychometric chart in Fig. 1-2b. Moisture is first removed
from outdoor air (1-2b) and the dry bulb temperature of the air increases due to the heat of
condensation. Air must then be further cooled using an electric compression chiller (2b-3b) and
an evaporative cooler (3b-setpoint).

1.3 Liquid Desiccant Air-Conditioning
Liquid desiccant air-conditioning systems (LDAC) utilize the hygroscopic properties of a
salt solution to dehumidify air, and offer many advantages when compared with conventional air4

conditioning, and solid desiccant systems. This technology is well suited for use with solar energy
and is thus the topic of the current study.

Fig. 1-2: Psychometric chart showing thermodynamic processes of: a conventional airconditioning system (path a), solid desiccant DOAS (path b), and internally
cooled liquid desiccant DOAS (path c).
Liquid desiccant systems operate on an open absorption cycle. In the conditioner,
ventilation air is brought into contact with the concentrated liquid desiccant and water vapour is
absorbed by the solution. This process dilutes the desiccant and releases the latent heat of
condensation, which must be removed by a heat rejection system. In the regenerator, diluted
desiccant is re-concentrated by using low grade heat to transfer moisture into a scavenging air
stream. The thermodynamic process is shown in Fig. 1-2c.
Liquid desiccant technology is well suited for use in solar cooling applications as it
requires low temperature heat (60-90⁰C) and provides the potential for high density (1000 MJ/m3)

5

loss-less energy storage in the form of concentrated desiccant (Burch et al., 2009, Shi et al.,
2007). The ability to store concentrated desiccant for use at times when solar energy is inadequate
or unavailable is an important advantage of liquid desiccant systems when compared to solid
desiccant or enthalpy wheel dehumidifiers.
1.3.1 Liquid Desiccants for Dehumidification
The dehumidification and regeneration processes are driven by the difference in water
vapour pressures between the air and the desiccant. While many desiccants exist, Lithium
Chloride (LiCl) was used in this study. Calcium Chloride (CaCL2), Lithium Bromide (LiBr),
triethelene-glycol, and mixtures of these have been used in previous studies. The water vapour
pressure is a function of both the temperature and concentration, and is shown for Lithium
Chloride in Fig. 1-3 (Conde, 2004). As the temperature of the desiccant increases, the water
vapour pressure increases as well. This relationship is used in the regenerator as desiccant is
heated to transfer moisture into a scavenging air stream. Conversely, as concentration increases,
water vapour pressure will decrease. Therefore, for effective dehumidification, a cool desiccant
with a high concentration is required.
Another important desiccant property is the crystallization limit. As the desiccant
becomes too concentrated the salt in the solution begins to crystallize and can leave deposits on
air-conditioning equipment causing blockages in flow channels. Control of concentration is
therefore required to ensure that crystallization does not occur. Density of the solution varies with
concentration and temperature, and is often used to measure the concentration of the desiccant.
The density and solubility limit of LiCl are shown in Fig. 1-4.
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Fig. 1-4: Solubility limit (left) and density (right) of Lithium Chloride solution
When considering heat and mass transfer between the air and solution, the latent enthalpy
of condensation (or vaporization) and the differential enthalpy of solution are important
properties. The latent enthalpy of condensation is the energy released when water vapour is
condensed into a liquid. The latent enthalpy of water, hfg, is a function of temperature and can be
found in a standard thermodynamic text (Moran and Shapiro, 2006). The differential enthalpy of
solution is the enthalpy associated with the change in concentration of the desiccant, and is a
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function of both temperature and mass fraction. Figure 1-5 shows the differential enthalpy of
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Fig. 1-5: Enthalpy of Solution for Aqueous LiCl as a function of concentration and
temperature
The equations which govern the operation of a liquid desiccant absorber or regenerator
are the momentum, mass, and energy balances on the desiccant and air streams. These equations
are outlined in detail by Mesquita (2007) and are described in Chapter 4 as applied to the current
work.

1.3.2 Novel low-flow LDAC
A novel low-flow LDAC system, shown in Fig. 1-6, has been designed for use in
building air-conditioning systems (Lowenstein, 2007 & 2006). The conditioner and regenerator
are parallel-plate, heat and mass exchangers, which are internally cooled and heated. Desiccant
flows along a thin wick on the outside of the plates, and air is blown horizontally between plates
(in a cross-flow arrangement) to allow for the absorption and desorption of water vapour.
The low flow design offers many benefits when compared with more conventional
packed-bed desiccant dehumidifiers. In a packed-bed system, desiccant is sprayed onto a bed of
structured or random packing material and air is blown through the material, allowing mass
transfer to occur over a large surface area. The high flow rates have two main disadvantages.
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First, the change in concentration over the conditioner/regenerator is minimal, which decreases
the potential storage capacity. Secondly, high flow rates also require large desiccant pumps,
which increase the parasitic power consumption of the system, decreasing overall performance. In
addition, the spraying of desiccant into the air can cause droplets of solution to be entrained in the
air. Carry-over is a significant problem when considering LDAC systems for building
applications as since air quality is a concern, and entrained droplets of desiccant can corrode
ducting.

Heating
Water

Cooling
Water

Scavenging
air

Process
Air

Fig. 1-6: Left: schematic of low flow liquid desiccant parallel-plate heat and mass exchanger
(desiccant flows down outside of plates); right: photo of regenerator removed from
air handling unit
The low-flow system aims to mitigate many of these disadvantages by using carefully
designed parallel-plate heat and mass exchangers. As dehumidification occurs, heat is released,
increasing the temperature of the desiccant and thus, decreasing the dehumidification potential.
With low flow rates, this heating can cause the desiccant to increase in temperature until the air
and desiccant are in equilibrium, and dehumidification no longer occurs. In a low flow system,
the conditioner must therefore be internally cooled to remove the heat of condensation during the
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absorption process. Similarly, the regenerator must be internally heated to ensure the desiccant
does not lose heat during regeneration.
Lower desiccant flow rates require less pumping power, and provide a lower desiccantto-air mass flow ratio, improving the desiccant storage capacity (Kessling et al, 1998).
Additionally, desiccant is not carried over into the air stream reducing system maintenance and
preventing corrosion. The installed system is described in more detail in Chapter 3.

1.4 Solar Thermal Systems
A typical solar thermal system consists of a solar collector and a storage tank, with the
necessary plumbing to connect the two. The solar collector converts solar radiation into useful
heat energy by transferring energy to a working fluid through heating of an absorber plate. There
are many common configurations of solar thermal systems, the selection of which depends on the
climate and application. In a direct system, the same working fluid (usually water) flows through
both the collector and storage tank. Direct systems can be further categorized into thermosyphon
systems, where collector flow is induced by natural convection, or forced systems, where a pump
drives fluid through the collectors. Thermosyphon systems require the storage tank to be located
above the collectors, and are therefore not suitable for large systems. Consequently, this
configuration is not applicable to the current work and is not discussed further.
Indirect systems are used in climates where freezing prevents the use of water in the solar
collectors. Instead, a heat exchanger is used to transfer heat from the collector fluid, typically an
anti-freeze solution, to the water in the storage tank. Figure 1-7 shows a schematic of a direct and
an indirect solar thermal system.
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1.4.1 Solar Collector Technology
There are four main types of solar thermal collectors: unglazed flat plate, glazed flat
plate, evacuated tube, and parabolic concentrators. The selection of a collector is dependent on
climate conditions, load requirements, costs, and installation limitations. The overall performance
of a solar thermal system is dependent on the type of collector used. Solar collector efficiency,
given in Eq. 1.4.1, is often used to describe the performance of a solar collector, and is defined as
the ratio of useful energy collected to the incident radiation on the collector surface over a given
period of time (Duffie and Beckman, 2006),
∫ ̇
∫

(1.4.1)

where ̇ is the useful energy rate from the collector,

is the total collector area, and

is the

solar irradiance on the collector surface.
To Load

To Load
Solar
Collectors

Solar
Collectors
Heat
Exchanger

Thermal
Storage

Thermal
Storage

From Load

From Load
Pump

Pump

Pump

Fig. 1-7: Schematic of a simple direct (left) and indirect (right) solar thermal system
With all solar collector types the efficiency decreases as their operating temperature
increases, since thermal losses to the environment are proportional to operating temperature. This
relationship is expressed in the Hottel, Whillier and Bliss Equation, given by Eq. 1.4.2, which
describes the collector efficiency as a linear function of the irradiance, IT, and temperature
difference between the inlet fluid temperature, Tin, and ambient temperature, Ta (Duffie and
Beckman, 2006),
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(

(1.4.2)

where FR is the collector heat removal factor, (
product of the absorber, and

is the effective transmission-absorption

is the loss coefficient from the absorber to the surroundings.

The heat removal factor FR, relates the useful heat gain of the collector to the maximum
possible useful heat gain that would occur if the whole absorber were at the inlet fluid
temperature. The effective transmission-absorption product describes the optical losses of the
system and is primarily a function of the collector optical design and solar incidence angle. Figure
1-8 shows typical efficiencies for the different types of collectors as a function of the temperature
difference divided by the irradiance.

Fig. 1-8: Collector efficiencies (from left to right: unglazed, glazed, evacuated tube)
(Harrison, 2010)
The first term in Equation 1.4.2,

(

, represents the solar energy gained by the

system and is shown in Fig. 1-8 as the y-intercept. The second term represents the heat loss from
the collectors and is the slope of the efficiency curve. As expected, unglazed collectors operate
with high efficiencies near the ambient temperature, but performance quickly decreases with
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increasing operating temperatures. Glazed collectors have a transparent cover to provide the
absorber with additional insulation. The glazing increases the optical losses, but reduces the heat
losses so the collectors can operate efficiently at higher temperatures than the unglazed variety.
Evacuated tube and concentrating collectors have high optical losses when compared to flat plate
collectors, however, low heat losses allow collectors to operate efficiently at high temperatures.
Finally, compound parabolic collectors have small heat loss areas and can therefore efficiently
reach high temperatures, but are expensive and require optimal orientation. Other types of
concentrating collectors require sun tracking which is outside the scope of this study. Evacuated
tube collectors were selected in the current work since they can achieve high temperatures while
maintaining high efficiencies.

1.4.2 Evacuated Tube Collectors
Evacuated tube collectors (ETCs) consist of a series of glass tubes which contain
individual absorber plates, and are evacuated to minimize convection and conduction losses. To
reduce convection losses, a pressure of at least 1/10th of an atmosphere must be maintained but to
further reduce losses by conduction, a pressure of 0.1 Pa is required (Harrison et. al, 1993). The
cylindrical shape of the tube provides the structural integrity necessary to maintain these low
pressures. For ETCs to be effective, the vacuum must be maintained over the full life of the
collector.
Two common kinds of ETCs are direct-flow and heat pipe vacuum tubes. In the direct
flow configuration the collector fluid (glycol or water) circulates directly through the tube in
either a U-tube, or “flow-through” design as shown in Fig. 1-9.
Direct flow vacuum tubes can be installed in any orientation, however require two glassto-metal seals, which can be difficult to maintain. The design must account for thermal expansion
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of the absorber plate, which is often accomplished by including a flexible expansion bellows.
Additionally, the failure of a single vacuum tube will cause the entire collector to fail.
Collector
Fluid In

Collector
Fluid Out

Collector
Fluid In

Collector
Fluid Out

Condenser

Heat Pipe

Evacuated
Space

Evacuated
Space

Absorber
plate

Absorber
plate

Fig. 1-9: Direct flow (u-tube type design) (left) and heat pipe (right) vacuum tube
configurations
Alternately, ETCs with heat pipes, shown in Fig. 1-9, have only one glass-to-metal seal
and do not require expansion bellows. A two-phase thermosiphon “heat-pipe” is welded to an
absorber plate which is encased in the tube. Typically heat pipes contain 1-2 ccs of refrigerant or
water (Harrison et al, 1993). The fluid in the heat pipe vaporizes and rises to the condenser, which
is in thermal contact with a header pipe containing the collector fluid. Heat is then transferred
through the condenser to the collector fluid which is mechanically circulated through the header.
Since the heat pipe relies on gravity to return the condensed fluid to the bottom of the tube, heat
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pipe vacuum tubes must be oriented on a vertical incline (usually at least 25⁰). In this
arrangement, the failure of one evacuated tube does not cause failure of the entire collector array,
since collector fluid can be circulated through the header without tubes present.
When compared with glazed flat plate collectors, evacuated tubes have the obvious
advantage of lower heat losses at high temperatures, but offer a few additional advantages
including: on site assembly, low weight components, and low wind loading. ETCs are more
expensive than flat plate collectors, and have limited installation options. For example, ETCs
cannot be installed in-roof, and heat-pipe ETCs require an incline.
The Hottel, Whillier, Bliss Equation (1.4.2) was developed to describe the performance
of flat plate collectors, but is also commonly used for ETCs since the performance coefficients
are derived from standard test procedures. As heat losses from ETCs are dominated by radiation,
their performance characteristics are highly non-linear and more complicated performance
models, accounting for non-linear effects, are often used. Modeling of ETCs is discussed further
in Chapter 4.

1.5 Objective, Approach, and Scope
This project builds on previous studies conducted at the Queen’s Solar Calorimetry
Laboratory but significantly advances the work by focusing on the design, modeling,
construction, and experimental evaluation of a solar driven liquid desiccant air handling unit
operating under realistic environmental conditions. For this study, the solar heating system was
designed and installed at the Queen’s thermal test site in Kingston, Ontario.
The primary objective of this study, and the broader Queen’s research program, was to
evaluate the performance of the LDAC when driven by solar energy. A secondary objective was
to model the performance of the solar LDAC using TRNSYS. Experimental results can be
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compared to the performance predicted by the TRNSYS simulations to evaluate the accuracy of
the developed model. Through this process, a refined and improved model of a state-of-the-art
solar air-conditioning system will be obtained. The validated model can then used to predict
annual performance for different locations. In order to accomplish the objectives, the flow chart
given in Fig. 1-10 was followed.
This study focused mainly on evaluating and predicting the performance of the installed
solar liquid desiccant air-conditioner. While variations in design parameters, and advanced
control techniques could improve performance of the system, optimization of the installed system
was not within the scope of the current work. Additionally, although desiccant storage is an
important aspect of liquid desiccant technology, storage was not investigated in the current study.
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Fig. 1-10: Project Approach
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Chapter 2
Literature Review
2.1 Introduction
Both solid and liquid desiccants have been widely used for industrial applications where
humidity must be tightly controlled. The earliest liquid-desiccant system for air-conditioning
applications was proposed by Löf (1955) and used triethylene glycol (TEG) as a desiccant. Since
then, many configurations of solid and liquid desiccant systems for building conditioning have
been studied experimentally and through modeling and simulation. Recently, rising energy costs
and concerns about peak power consumption have renewed interest in this technology.
Mei and Dai (2008) published a review of liquid-desiccant dehumidification technology
and identified that most of the research in the area is related to packed-bed liquid desiccant
systems (previously described above in section 1.3.2). The review presents various system
configurations and absorber designs and identifies three common flow configurations, shown in
Fig. 2-1 (Mei and Dai, 2008). The authors concluded that significant progress has been made
through the modeling and testing of installed systems, but system performance and control was
often not reliable when compared to conventional air conditioners. The development of hybrid
desiccant systems, which combine vapour compression and desiccant technology, was identified
as a promising step towards the widespread commercialization of desiccant systems.
The following sections present a review of liquid desiccant systems with a focus on
studies related to low-flow absorbers and solar driven system configurations. Additionally,
important conclusions from the previous Queen’s University solar cooling studies will be
highlighted, as well as other studies which evaluated the AIL LDAC air handling unit.
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Fig. 2-1: (a) Parallel flow, (b) counter flow, and (c) cross flow desiccant absorber and
regenerator configurations (Mei and Dai, 2008).

2.2 Packed-bed Desiccant Systems
In a packed-bed desiccant system, desiccant is sprayed onto a random or structured
packing material, and air is blown through the packing to facilitate mass transfer. These systems
typically have high desiccant to air mass flow ratios, and high air pressure drops, and therefore
require large pumps and blowers. In general researchers have used three types of models to
describe the performance of packed-bed absorbers or regenerators: numerical or detailed models,
effectiveness/NTU models, and empirical models based on experimental results.
One-dimensional finite-difference models for packed-bed columns have been previously
shown by researchers to correspond well with experimental results (Factor and Grossman, 1980;
Oberg and Goswami, 1998; Fumo and Goswami, 2002; Lazzarin et al., 1999, Liu et al., 2007; Liu
et al., 2009; Longo and Gasparella, 2005). Typically, these detailed models use the continuity and
momentum conservation equations to compute the velocity field. Temperature and concentration
distributions can then be obtained by solving mass and energy balance equations on both fluid
streams. Numerical models also require the use of empirical correlations to determine the heat
and mass transfer coefficients.
Many studies included parametric analyses to determine important design parameters for
packed-bed absorbers. Desiccant concentration, desiccant temperature, and air flow rate (or
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desiccant-to-air mass flow ratio) were shown to have a significant impact on the performance of
the packed-bed tower (Fumo and Goswami, 2002). The desiccant-to-air mass flow ratio (MFR) is
defined as,
̇
(2.2.1)
̇
where ̇

is the mass flow rate of the desiccant, and ̇

is the mass flow rate of the process or

scavenging air stream.
Liu et al (2009) compared regeneration modes and showed that regeneration with heated
desiccant provided humidification rates 5-10 times higher than regeneration with heated air.
Additionally, Longo and Gasparella (2005) compared the performance of different liquid
desiccants (LiBr, LiCl, and KCOOH) through experimental testing and numerical modeling. LiBr
and LiCl were shown to perform better in dehumidification tests, however Potassium Formate
(KCOOH) was regenerated more effectively.
Since solving finite difference equations can be computationally intensive, particularly
for annual simulations, many studies on packed-bed towers have used the “effectiveness-NTU”
model, first proposed by Stevens et al. (1989). Stevens et al. used the enthalpy effectiveness,
defined in Eq. 2.2.2 for a counter flow absorber, to determine the outlet conditions of the air. This
method is similar to the effectiveness method for a sensible heat exchanger, where the
effectiveness represents the ratio of actual energy transfer to maximum possible energy transfer.
(

(2.2.2)

(

The variables

and

are the inlet and outlet air enthalpies;

is the enthalpy of air in

equilibrium with the inlet desiccant; m* is the capacitance ratio and NTU is the number of transfer
units defined as,
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(2.2.3)
̇

where

is the mass transfer coefficient,

the packing volume and

is the transfer area in surface area/unit volume,

is

is the transfer area in surface area/unit volume.

Stevens et al. (1989) compared dehumidification rates computed from this model with
experimental data and found that using a Lewis Number (ratio of thermal to mass diffusivity) of
1.2 resulted in the best agreement. In other studies, two separate values, the enthalpy
effectiveness and dehumidification effectiveness, were used to describe the heat and mass
transfer, instead of assuming a constant Lewis Number (Martin and Goswami, 2000;
Gandhidasan, 2004; Gandhidasan, 2005; Chengquin et al, 2006; Chung 1994; Elsarrag, 2006;
Katejanekarn et al., 2008). The “dehumidification effectiveness”, given by Eq. 2.2.4, relates the
actual moisture transfer to the maximum possible moisture transfer which would occur if the
outlet air conditions were in equilibrium with the inlet desiccant conditions (
(2.2.4)
For regenerator studies, the regeneration effectiveness was used, which represents the
ratio of actual moisture transfer to maximum possible moisture transfer, and is given by Eq. 2.2.5.
Calculation of the dehumidification and regeneration effectiveness values are further discussed in
Chapter 4.
(2.2.5)
Gandhidasan (2004; 2005) defined a simplified model which used the “temperature
difference ratio” to determine the outlet conditions of the dehumidifier or regenerator. The
temperature difference ratio, , given in Eq. 2.2.6, is the temperature difference of the air, divided
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by the difference between the inlet air and inlet desiccant temperatures (i.e.,

and

. It is

therefore similar to the effectiveness of a sensible heat exchanger, but can be negative due to the
heat of condensation.
(2.2.6)
Other researchers have used the enthalpy effectiveness, given by Eq. 2.2.2, instead of the
temperature difference ratio, in combination with the dehumidification effectiveness, to determine
the outlet air temperature (Elsarrag, 2006; Katejanekarn et al., 2008). This approach is more
technical as it accounts for the latent heat released during absorption.
Ghandidisan validated the simplified numerical model for an absorber by comparing it to
the experimental data set provided by Fumo and Goswami (2002). The temperature difference
ratio was calculated by assuming the outlet temperature of the absorber was equal to the inlet
temperature of a pre-cooling heat exchanger with an effectiveness of 0.6. The experimentally
determined temperature difference ratio was found to agree with the model (10% difference). For
the regenerator, the model was found to under-predict the evaporation rate by 10-15% when
compared with the experimental data.
Similar to a sensible heat exchanger, the effectiveness ratios are dependent on operating
conditions. Chung (1994), and Chung and Gosh (1996) developed correlations for the
dehumidification effectiveness of random packed-bed towers as a function of inlet desiccant and
air conditions, and physical dimensions. These correlations were shown to match experimental
results with less than 10% error. Similar correlations were developed by: Martin and Goswami
(2000) for random packed-bed towers; Liu et al. (2007), for cross flow dehumidifiers; and AbdulWahab (2004), for structured packed-bed towers. Elsarrag (2006) compared effectiveness
predictions from Chung, Martin and Goswami, and Abdul-Wahab to experimental results for a
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cross flow absorber with random packing. The correlations by Chung were found to adequately
predict the mass transfer effectiveness, but the Martin and Goswami correlations were only
correct for high desiccant-to-air flow ratios (>2.4). Additionally, the statistical model by AbdulWahab did not agree with experimental data. Zurigat et al. (2004) experimentally investigated a
packed-bed column using lower desiccant flow rates and found the Chung correlations overpredicted effectiveness, while the Martin and Goswami correlations did not predict the
effectiveness. Katejanekarn et al. (2009) compared the correlations to experimental results from a
solar driven desiccant system in Thaliand, and found the models by Chung, and Martin and
Goswami to be accurate for high desiccant-to-air flow ratios. Jain and Bansal (2007) also
conducted a study comparing these models and presented similar results.
Dehumidification effectiveness can also be used as a performance measure. In the studies
presented here, dehumidification effectiveness varied between 0.1 to 1.0, with higher values
found for internally cooled dehumidifiers (Jain and Bansal, 2007; Bansal et al. 2011). Liu and Li
(2006) used an effectiveness model for annual simulations of a desiccant HVAC system in China,
and determined that the system reduced the annual primary energy consumption by 25% when
compared with a conventional HVAC system.
A fourth modeling technique was used by Gandhidasan and Mohandes (2011), who
showed that an artificial neural network model can be used to predict the performance of a
packed-bed desiccant dehumidifier. The model used eight inputs (identified as important
parameters from previous work), and the outputs were the outlet desiccant conditions. Once the
model was tuned, these outputs were shown to agree with values in the literature (reported R2
values greater than 0.92).

23

Gommed and Grossman (2004) described a solar liquid desiccant cooling system
designed to condition an office in Haifa, Israel. The ABSIM computer code was used to simulate
the performance of a 7.2 kW packed-bed liquid desiccant system. Heat provided by a 20 m2 flat
plate solar collector array was used to regenerate the desiccant. 1000 L of hot water storage and
120 L of desiccant storage were included in the model. A parametric study was performed and it
was determined that air humidity and flow rate have a large effect on the rate of dehumidification.
A prototype system was then constructed at a laboratory in Hafia and monitored for five
summer months (Gommed and Grossman, 2007). The 16 kW system was reported to have an
average thermal COP of 0.81 and electrical COP between 1 and 1.5 when the parasitic power
from both the collector field and desiccant system was considered.
While packed bed systems can provide large mass transfer areas, resulting in high
dehumidification rates, carry-over is a significant concern, particularly when considering systems
for building conditioning applications. Kumar et al. (2011) studied three wire mesh packing
materials which were shown to eliminate carry-over of liquid desiccant in a packed-bed tower.
Experimental testing also showed a 30% improvement in dehumidification performance. Tower
pressure drop was found to be comparable to conventional packed-bed towers.

2.3 Falling-Film Desiccant Systems
In falling-film desiccant systems, desiccant flows through a parallel-plate or shell and
tube heat exchanger where it comes in contact with the air. Usually falling-film desiccant
conditioners are internally cooled, and have lower desiccant-to-air mass flow ratios than packedbed absorbers.
Peng and Howell (1981) and Park et al. (1994) studied a falling film shell-and-tube type
absorber where desiccant and air came into contact in the shell, and cooling water was circulated
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through the tubes. Differential heat and mass balance equations were solved numerically using
the finite-difference method. The model was used to predict the performance of a 3 ton desiccant
solar cooling system and the thermal COP was predicted to be 0.28.
Khan and Martinez (1998) developed a 2D steady state numerical model to predict the
performance of a parallel-plate liquid desiccant absorber containing integral evaporative cooling.
A simplified effectiveness model was also presented, where dehumidification and enthalpy
effectiveness parameters were defined for internally cooled dehumidifiers. To maintain
effectiveness values between 0 and 1, the minimum exit enthalpy and humidity were defined for
air in equilibrium with the desiccant at its inlet concentration and at the temperature of
evaporative cooling. This definition differs from the packed-bed studies, where the inlet desiccant
concentration and temperature were considered. The effectiveness-NTU model was compared to
the detailed finite-difference model for various operating conditions and good agreement was
found, with a maximum error of 8%.
In 1998, Khan, and Khan and Sulsona studied an internally cooled finned-tube liquid
desiccant absorber, where desiccant was brought into contact with air in a chamber containing
finned tubes where cooling water is circulated. The cooling power predicted from an iterative
numerical model and effectiveness-NTU model was compared for a variety of conditions. The
maximum error between models was found to be 14%. Numerical model results were compared
to catalog performance data and the maximum error was found to be 8%.
Jain et al. (2000) also studied a falling film, shell-and-tube type absorber, but in contrast
to the designs studied by Peng and Howell and Khan, cooling water was circulated through the
shell, and desiccant and air flowed through the tubes. A finite-difference numerical model was
developed and compared with experimental results. To validate the model, the authors introduced
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two “wetness factors” which accounted for improper desiccant wetting. The modified model
predicted experimental results to within 30%. Kumar et al. (2009) modeled a similar system with
a shell and tube style absorber/regenerator and found that performance improved when multiple
absorbers were used. Thermal COPs between 0.25 and 0.55 were reported for various operating
conditions.
Rahamah et al. (1998) noted that most of the literature focuses on cross or counter flow
systems, and therefore studied the heat and mass transfer in a parallel-flow, falling-film, plate
dehumidifier. Correlations for the heat and mass transfer (Nusselt number and Sherwood number)
were developed based on a numerical model and as a function of the Prandtl number, Reynolds
number, and physical dimensions of the flow channel. It was determined that lower air flow rates
provided higher dehumidification and cooling rates, as did increasing the height of the channel.
Ali et al. (2003) developed a numerical model which showed that adding ultrafine copper
particles to the liquid desiccant solution increased dehumidification since the metal particles
increase the thermal conductivity of the fluid. The study also concluded that the parallel-flow
configuration resulted in better cooling performance (when compared with the counter-flow
configuration). Lower air flow rates, and increased channel height were also shown to increase
performance. These conclusions were also reported in other studies (Rahamah, 1998; Jain et al,
1998).
A cross-flow, parallel-plate, liquid desiccant absorber was studied by Alizadeh and
Saman (2002), Alizadeh (2008a; 2008b), and Saman and Alizadeh (2001). The polymer plate heat
exchanger (PPHE) had primary and secondary air flow-passages which were separated by thin
polymer plates. The primary air (ventilation air) was dehumidified by liquid desiccant which was
sprayed into the air. The secondary air stream was evaporatively cooled to absorb the heat of
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condensation, and provide a near-isothermal desiccant boundary. The design is similar to the unit
studied by Khan and Martinez (1998).
A numerical model for the PPHE was developed based on heat and mass transfer
equations and Nusselt falling film theory (Saman and Alizadeh, 2001). Heat and mass transfer
coefficients were estimated from previous studies (Kreith 1973, Kreith and Kreider, 1978,
Treybal, 1980). Predicted performance was comparable for parallel and counter-flow
arrangements, but neither configuration was capable of meeting both the sensible and latent
cooling load for the proposed installation in Brisbane, Australia.
A PPHE was constructed and tested in a controlled laboratory setting, under three
conditions: indirect evaporative cooing, desiccant dehumidification without internal cooling, and
internally cooled desiccant dehumidification (Alizadeh and Saman, 2002).

The best

dehumidification performance was achieved when the dehumidifier was internally cooled and the
plates were oriented at 45. Based on the results from testing, a prototype PPHE desiccant
absorber was designed and installed on an office in Brisbane, Australia with a commercial
packed-bed tower regenerator (Alizadeh, 2008). A direct evaporative cooling pad was added to
provide additional sensible cooling and act as a filter for the primary air stream. A 180L stratified
desiccant storage tank was installed and allowed the conditioner to operate for one hour without
regeneration. The conditioner was found to have a dehumidification effectiveness of 0.82 when
operated with ideal air and desiccant flow rates (1000 L/s and 3 L/min respectively).
Additionally, the total capacity of the system was 3.5 kW, and the electrical COP was 6.
Experimental results showed good agreement with the previously developed numerical model.
A feasibility study was also conducted, and a commercialization strategy for the PPHE
conditioner was developed (Alizadeh, 2008). The installed PPHE when regenerated with a gas
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fired boiler was found to have higher operational costs than a conventional air-conditioning
system. When the regenerator was replaced with a double-effect regenerator operational costs
were estimated to be 30% lower than a conventional air-conditioner. The authors also noted that
with this configuration, the annual COP can be higher than the design COP because, in times of
low humidity, only evaporative cooling is required.
Yin et al (2008) experimentally studied a counter flow stainless steel internally
cooled/heated plate-fin heat exchanger (PFHE) designed as a desiccant absorber/regenerator.
Experimental testing indicated air flow rate, and heating/cooling water temperature had the
largest impact on the rate of mass transfer. The authors defined the “cooling efficiency” and
“regeneration efficiency”, given in Eqs. 2.3.1 and 2.3.2, to describe the performance of the
system,
(2.3.1)

(2.3.2)
where

is the change in air humidity and

is the change in enthalpy of the heating water.

The tested PFHE was able to dehumidify at a rate of 2-3 gv/kga with 24C cooling water,
and regenerate at a rate of 8-10 gv/kga with 70C heating water, however the authors did not
report the cooling efficiency or regeneration efficiency.
Pietruschka et al. (2005) investigated desiccant system configurations for residential
buildings. In the proposed systems, desiccant was used to condition the exhaust air which was
then used to cool the process-air. The authors suggested this configuration would eliminate health
concerns related to carry-over, which is an important advantage in residential buildings where the
system may not be well maintained. Four systems were investigated: an indirect evaporative
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cooler, solid desiccant rotor with indirect evaporative cooler, structured liquid desiccant packedbed system, and the PPHE studied by Alizadeh. The study used numerical models of each system
and found the best performance was achieved with the internally cooled PPHE. The authors also
noted that Lithium Chloride performed 40-50% better than Calcium Chloride. The proposed
system was able to provide 886 W of cooling power for the summer design conditions (32C and
40% relative humidity) but the authors did not make reference to a COP or means of
regeneration.
Ren et al. (2007) developed a one-dimensional model for an internally cooled/heated
desiccant-air contact unit. Differential equations were developed which accounted for the effects
of solution film heat and mass transfer resistances, different Lewis numbers, and ineffective
surface wetting. The differential equations were solved analytically for different desiccants and
flow configurations and results were compared to the numerical solution with satisfactory
agreement. The best dehumidification performance was achieved with the counter flow
configuration.

2.3.1 Previous work on the installed Desiccant Air Handling Unit
Based on an initial study of advanced liquid desiccant technology (Lowenstein, 1998), a
prototype low-flow liquid desiccant dehumidifier was designed for use in building airconditioning applications (Lowenstein, 1994; Lowenstein et al. 2005; Lowenstein et al., 2003;
Lowenstein et al. 2004). In 2003, Lowenstein performed a simple economic analysis for the lowflow LDAC when driven by solar collectors. Based on energy costs for 2001 and 2002 it was
found that with government subsidies, a flat plate solar collector array and LDAC installation
would have a pay-back period of 8 years in Miami, Florida.

29

Lowenstein, Slayzak, and Kozubal (2006) compared the performance of a 6000 cfm lowflow LDAC air handling unit to a packed-bed liquid desiccant system and solid desiccant system
of the same size. The 6000 cfm unit is twice the size of the unit studied in the current work. The
low-flow LDAC was tested experimentally, and manufacturer specifications were used to predict
the performance of the other two systems. Table 2-1 gives the supply air conditions and air
pressure drop for the three systems for ambient conditions of approximately 35C and 8 gv/kga.
Table 2-1: Comparison between low-flow LDAC and other desiccant dehumidification
systems (Lowenstein et al. 2006)

Supply Air Temperature (C)
Supply Air Humidity (g/kg)
Air pressure drop (Pa)

Solid Desiccant
(Rotary Wheel)
66.1
7.85
373

Liquid Desiccant
Packed-bed
36
7.57
324

Low-flow Liquid
Desiccant
34.1
8.14
75

While the low-flow dehumidifier did not provide as much dehumidification as the other
two systems, the pressure drop was less than one third that of the packed-bed design. The authors
noted that two low-flow systems could be placed in series to provide additional dehumidification,
and still maintain a lower pressure drop. This advantage is particularly important when
considering parasitic loads, which have been shown to produce lower than expected electrical
COPs (Jones, 2008). Experimental performance of the low flow LDAC was also evaluated. The
COP and dehumidification rate were found to increase with heating water temperature. The
thermal COP ranged from 0.3 to 0.6 at heating water temperatures between 71C and 93C.
Laboratory tests confirmed that the low flow desiccant system was successful in reducing
carry-over. The low flow configuration resulted in a 96% decrease in the occurrence of particles
0.5-0.7 microns downstream of the mist eliminator.
An improved 6000 cfm low-flow LDAC was installed in Pennsylvania to deliver
conditioned-air to a machine shop. Heat for regeneration was provided by a gas fired boiler. The
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LDAC was monitored by Miller and Lowenstein (2008) over a range of heating water
temperatures (71-93C). On a typical day the system provided 70 kW of cooling and had a
thermal COP of 0.74 at a heating water temperature of 85C. The authors attributed performance
improvement to the high capacity regenerator and more effective interchange heat exchanger.
The study also included a parametric analysis to predict the economic performance of the
system when driven by solar energy in Tampa, Florida. Solar utilization and solar fraction were
shown to vary with storage volume and array size. For a solar fraction and utilization between 70
and 90% the payback time was found to be 9-10 years. Operational costs for the LDAC were
estimated to be higher than a conventional system, however, if a more efficient double-effect
regenerator was used, the costs of the LDAC were predicted to be 30% lower than those of a
conventional system.

2.4 Other Desiccant Absorber Designs
While the majority of literature pertaining to liquid desiccant dehumidification deals with
packed-bed or falling film absorbers, two other absorber strategies have been proposed. Oliviera
et al. (2000) proposed a fan built with flexible fibers which are fed with liquid desiccant solution.
Air movement is induced by the fan and wetted fibers dehumidify air as it flows through the
impeller. An empirical model was developed and a thermal COP of 0.7 was predicted for typical
conditions in Lisbon, Portugal.
Kabeel (2010) studied a liquid desiccant system where air was injected through the
calcium chloride solution. This dehumidification/humidification strategy was studied
experimentally, where regeneration was achieved by heating air with an electric heater prior to
injecting it into the desiccant. A parametric study was conducted and the maximum
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dehumidification and humidification effectiveness values were found to be 0.87 and 0.92
respectively.

2.5 Hybrid Desiccant Systems
Hybrid liquid desiccant systems combine liquid desiccant and vapour compression airconditioning technology to enhance the performance of both thermodynamic processes.
Researchers have studied various configurations of hybrid desiccant systems.
Yadav (1995) studied a vapour compression-desiccant hybrid system where the
evaporator was used as the desiccant absorber, and condenser was used for partial desiccant
regeneration. The cycle is shown in Fig. 2-2.

Fig. 2-2: Hybrid desiccant configuration studied by Yadav (1995).
This proposed system has many advantages including increased latent cooling capacity,
higher evaporator temperature, decreased condenser area and the elimination of reheat. Based on
a preliminary analysis of the system, Yadav showed that the hybrid desiccant-VC system had a
lower COP than the stand-alone VC system, but the hybrid cycle still saved energy because of the
elimination of reheat and the reduced compressor size. For locations with high latent loads, a
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hybrid VC system 45% as large as a stand-alone VC system was found to provide the same
cooling capacity.
Dai et al. (2001) studied a system which used a structured packed-bed desiccant tower for
dehumidification, and a vapour compression chiller for sensible cooling of the process-air, as well
as cooling of the regenerated desiccant. The experimental results showed that the electrical COP
of the system increased from 1.513 for just the vapour compression system, to 2.663 for the
hybrid system with evaporative cooling. The COP of the VC system alone also increased with the
addition of desiccant cooling since the condenser could be maintained at a higher temperature.
There is currently a line of hybrid desiccant-vapor compression system on the market
designed for use in building air-conditioning applications (Advantix, 2012).

2.6 Desiccant Storage
Kessling et al. (1998) studied the storage potential for liquid desiccant dehumidifiers, and
indicated that a low desiccant-to-air mass flow ratio is required for a high storage capacity. The
storage capacity (kJ/m3) for a desiccant dehumidifier (SC) was defined as,
(2.6.1)
where

is the mass of air dehumidified,

the dilute salt solution,
air humidity ratio, and

and

are the concentration and density of

is the latent heat of vaporization/condensation,

is the change in

is the change in salt water content.

Kessling et al. showed that for an ideal isothermal absorption process, lower desiccant-toair mass flow ratios decreased the rate of dehumidification (kgv/kga), but increased storage
capacity. Since dehumidification is measured in kgv/kga, systems with a higher air flow rate
(lower solution-to-air mass flow ratio), will have a greater change in moisture content over a
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given time period, resulting in a higher storage capacity. This trend was also observed
experimentally. A low-flow parallel-plate absorber was tested with various desiccant-to-air mass
flow ratios and the storage capacity was found to vary between 259 MJ/m3, for a mass flow ratio
of 0.1, to 1131 MJ/m3 for a ratio of 0.01.
Woods et al. (2011) developed an integrated solar heating and cooling system using
liquid desiccant storage and a membrane based liquid desiccant heat pump. The system was
designed to achieve a very high solar fraction (85-100%), and thus, very large storage volumes
were considered. The study used TRNSYS simulations for Boulder, Colorado to compare the
performance (in heating mode) of the proposed liquid desiccant system and a standard solar
combi-system which provided heat and domestic hot water.
The membrane heat pump consisted of two vapour permeable membranes separated by
an air gap. In heating mode, water vapour was drawn from the water stream into the desiccant,
and the heat of condensation and heat of dilution were released which heated the desiccant and
provided a temperature lift. Correlations were used to model the heat and mass flux.
The diluted solution was circulated directly through the solar collectors, which provide
sensible heat, and when boiling occurs, can regenerate the desiccant. The feasibility of boiling
desiccant in evacuated tubes was not discussed in the study. The storage tank consisted of water
and liquid desiccant, the volumes of which change throughout the year. The tank was modeled in
TRNSYS using a single node for water and a single node for the fully mixed desiccant.
The simulation showed that the sensible heat from the tank provided enough energy to
meet the heating load until mid-December, at which point the heat pump was used to upgrade the
heat from the collectors. Annually, 57% of the stored energy was from sensible heat, and 25%
was from the desiccant heat pump. Woods et al. noted that a warm, moist stream of air could
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increase the thermochemical energy storage capacity of the tank. It was also noted, that while the
annual fraction of energy was small, the heat pump contributed to 90% of the load in January,
when a much larger storage would be required to meet the load with a standard solar combisystem. Energy was stored in the liquid desiccant for short periods of time (on the order of one
month), but seasonal storage was not achieved.
The heating performance was compared to a standard solar combi-system system and it
was shown that the use of liquid desiccant provided the same solar fraction (95%) with a much
smaller storage volume per unit area of collectors (2.4 m3/m2 compared to 7 m3/m2). These
volumes are much higher than the volumes for typical seasonal storage systems (~2.0 m3/m2)
because the system was designed for a very high solar fraction (Weiss, 2003).
Finally the study compared the levelized energy cost of the system to other heating
configurations. Both the desiccant system and standard solar combi-system were more expensive
than a conventional natural gas system, but the liquid desiccant system cost slightly less than the
standard combi-system. Both solar thermal systems were predicted to be less expensive than a
photovoltaic-powered ground-source heat pump.
The liquid desiccant membrane heat pump was also studied by Quinnell and Davidson
(2011), who focused specifically on the Calcium Chloride storage tank. The unique tank concept
used a vertical heat exchanger to thermally stratify the tank, and a stratification manifold to
simultaneously stratify the tank by desiccant density.
A 1400 L rectangular tank was constructed for experimental testing. The tank contained
an immersed heat exchanger consisting of polypropylene tubes. The study focused on the mass
and heat transfer in the tank during charging, and when the tank had a density interface, i.e., the
top of the tank was water, the bottom was concentrated CaCl2, and there was a small region with a
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high concentration gradient separating the other two regions. Particle Image Velocimetry (PIV)
and Planar Laser Induced Florenscene (PLIF) were used to measure particle velocity and salt
concentration. Mass transfer across the density interface was found to be very low (Sherwood
numbers between 9 and 175) which indicated this configuration is suitable for long term storage.
Additionally, velocity and temperature profiles were presented and thermal stratification was
achieved, however the interface region was found to be isothermal (mixed).

2.7 Previous Studies at the Queen’s University Solar Calorimetry Laboratory
In 2006 Mesquita investigated low-flow desiccant absorber technology by modeling and
experimentally testing a single channel parallel-plate absorber. As part of the study, a twodimensional numerical model was developed which accounted for the heat and mass transfer
between desiccant, air, and cooling water streams. The model accounted for varying desiccant
thickness along the length of the plate, and both isothermal and non-isothermal boundary
conditions were investigated. A parametric analysis indicated that cooling water temperature and
flow rate have a significant effect on performance; performance improved with increasing flow
rate and decreasing temperature. The experimentally observed trends matched those in the
numerical model, however discrepancies between results were found to be larger than the
experimental uncertainty. It was concluded that these discrepancies were due to poor wetting of
the desiccant channel.
The prototype liquid desiccant air handling unit, which is the focus of the current work,
was originally procured, installed, and studied by Jones (2008). The field performance of the unit
was investigated by using a gas fired boiler to simulate solar thermal heat input. System
performance was characterized for a range of heating water temperatures and cooling power was
reported to be between 4.3 kW and 22.8 kW. The electrical COP ranged from 0.58-4.48, with
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higher values of cooling power and COPE at higher heating water temperatures. Empirical
correlations for the regenerator and conditioner were developed using a multivariate linear
regression model.
Andrusiak and Harrison used the empirical correlations developed by Jones to create
TRNSYS components for the conditioner and regenerator (Andrusiak and Harrison, 2009a, b;
2010). Simulation outputs were shown to correspond to within 10% of the experimentally
determined results. The components were then used to investigate the performance of the system
when driven by a flat plate solar array. For a heating water temperature of 65C, the solar fraction
and thermal COP were predicted to be 65% and 0.45 respectively. With a heating water
temperature of 80C, cooling power was found to increase significantly, however the solar
fraction was only 13% (Andrusiak and Harrison, 2009b). Andrusiak, Mesquita, and Harrison
(2010) expanded on this work by developing a conditioner TRNSYS component using the NTUeffectiveness method. This model was shown to accurately predict the conditioner performance,
and is described in more detail in Chapter 3. TRNSYS simulations were used to predict the
performance of the system when driven by a flat-plate solar array with buffer storage in Toronto,
Chicago and Miami.
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Chapter 3
Experimental Study
3.1 Introduction
The performance of the solar liquid desiccant air conditioner was studied experimentally
and numerically. To conduct the investigation, the experimental apparatus used by Jones (2008)
was modified to include a solar collector array. Previous studies indicated that system
configurations and control strategies can have a significant impact on performance, therefore the
system was designed and installed to have variable configurations. Figure 3-1 shows a simplified
schematic of the solar driven desiccant system.
Cooling Water
Heating Water

Non-standard Operation
Ball Valve

Solenoid Valve
Pump

Evacuated Tube
Solar Collectors

P3

Liquid
Desiccant
Air
Handling
Unit

Cooling Tower

Boiler

Buffer
Storage

Dry Cooler
P1

P4

P2

Fig. 3-1: Simplified schematic of solar driven liquid desiccant air conditioner
The system can be operated as a direct or indirect solar thermal system, with, or without
two buffer hot water storage tanks. The boiler, used for auxiliary heat, can be run in parallel or
series with the collector loop. Additionally, both heat sources (boiler and collectors) can be
isolated and operated with the desiccant air handling unit independently. The ability to study
different configurations and apply different control schemes in a full scale demonstration is
intended to allow the future investigation of operational features which may not be represented by
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simulations. Due to the large number of components in the demonstration test rig, the solar
collectors and liquid desiccant air handling unit are discussed separately in the following sections.

3.2 Liquid Desiccant Air Handling Unit
The desiccant system is comprised of the air handling unit, heating water loop, and
cooling water loop. Phase I testing of the system, completed by Jones, involved characterizing the
LDAC using a gas-fired boiler to provide hot water for regeneration. In phase II, (i.e., the current
study) the air handling unit and cooling water loop were not changed, but a large solar thermal
array was designed and installed to provide energy to the heating water loop. Figure 3-2 shows a
schematic of the desiccant air handling unit, and a Fig. 3-3 shows a photo of the installed unit.
During operation, lithium chloride was pumped from the bottom of the desiccant sump to
the conditioner, where process-air was blown horizontally through the plates, and brought into
contact with the strong desiccant solution. Cooling water, provided by the cooling tower, was
circulated through the conditioner. Weak desiccant was preheated by a heat exchanger, and
pumped to the regenerator where it was heated and re-concentrated. Sensors, installed in the air
handling unit, allowed for energy balances to be calculated for each component regardless of the
heat source (solar or boiler). Figure 3-3 shows a photo of the installation including the air
handling unit and cooling tower.
The desiccant air handling unit contained a CR10X Campbell Scientific datalogger,
which was used, in conjunction with a Campbell Scientific SDM-SW8A pulse count module, and
AM16/32A relay multiplexer to collect sensor data. The relay multiplexer increases the number
of sensors which can be measured by the datalogger. A Direct Logic 06 Programmable Logic
Controller (PLC) was used to control the air handling unit and auxiliary components (boiler,
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pumps, and cooling tower). The details of this data acquisition and control equipment are
explained further by Jones (2008).
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Fig. 3-2: Desiccant system schematic for previous investigations (Andrusiak and Harrison,
2009)
The modifications to the system were primarily in the heating water loop. The energy
generated by the solar array was stored in buffer tanks, which provided heat to the air handling
unit as required. The 90 kW gas fired boiler (which was previously the only heat source for the
system) was used to provide auxiliary heat and maintain a heating water set-point temperature. A
plumbing schematic is shown in Fig. 3-4. The heating water loop was designed to operate in two
different modes. In series mode (s-valve open), the solar heated water from the tanks was run
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directly through the boiler to meet a specified set-point. In parallel mode (p-valves open), the
LDAC heating water was drawn directly from the top of the tanks, which were maintained at a
specified set-point by the boiler. In series mode, only one pump was required, and the controls
did not require modification, therefore only series mode was investigated in the current study.

Fig. 3-3: Liquid desiccant air handling unit and cooling tower as installed at Queen's
University

3.3 Solar Collector Array
The ground-mount solar array consisted of 24 evacuated-tube solar collectors, which
provided 61m2 of absorber area and covered a gross area of 95 m2. Two different brands of heatpipe evacuated tube collectors were used. Their specifications are summarized in Table 3-1.
The collectors were oriented at an incidence angle of 45 degrees and an azimuth angle of
15 degrees east of south due to space constraints. Because of the two collector types, careful
consideration was made in the array configuration to ensure balanced flow between collectors.
The collectors were arranged in five parallel banks, each containing 120 evacuated tubes. This
arrangement ensured that the outlet temperature from each collector bank would be the same,
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since the efficiency curves based on absorber area were similar for the two collector types. Figure
3-5 shows the flow schematic of the collector banks and photos of the installation are given in
Fig. 3-6. A reverse-return piping configuration was used to ensure hydraulically balanced flow
between collectors of the same type. Hydronic balancing valves were installed between the two
collector rows to maintain balanced flow between collectors of different types (Victaulic, 2012).
Isolating ball valves were installed on each collector bank to allow for maintenance.

Fig. 3-4: Flow schematic for heating water loop (P3 denotes the previously installed
circulator pump, P2 was added as part of the current work)
Table 3-1: Collector Specifications
2

Gross Area (m )
Absorber Area (m2)
Number of Tubes Per Collector
Quadratic Efficiency Curve Parameters
(based on absorber area), where
(

Collector Type 1
4.26
3.02
30
ao= 0.7750
a1 = 2.0589 W/m2K
a2= 0.006154 W/m2K2
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Collector Type 2
3.68
2.08
20
ao= 0.776
a1 = 0.5288 W/m2K
a2= 0.0171 W/m2K2

Fig. 3-5: Collector array flow schematic
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Fig. 3-6: Photos of the back (left) and front (right) rows of the installed collector array
Two buffer storage tanks were installed to provide a thermal capacitance between the
collector and LDAC loop and to allow for varying flow rates. The two tanks were installed in
parallel, as shown in Fig. 3-7, and together provided 870 L of storage capacity. The collector
circulator, P1, was a high-efficiency variable speed pump (25-450 W) to allow for a range of
testing and control configurations to be evaluated (Grundfos, 2006).
A common problem in large solar arrays is overheating due to stagnation. Commonly,
stagnation will occur when there is solar energy but no load, or when there is a power outage and
no power available to drive the collector circulator pump. Collectors can reach extremely high
temperatures which may damage sensors and other equipment. In the current installation, a 56.5
kW dry cooler was installed and flow was diverted to the dry cooler using solenoid valves if
stagnation conditions were reached. The flow arrangement and solenoid valves are shown in Fig.
3-7, above, and Fig. 3-8 shows a photo of the installed dry cooler. An 8 kW natural gas powered
generator was also installed to provide back-up power to the dry cooler and pump in case of a
power outage. Table 3-2 summarizes the solar array design parameters.
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Fig. 3-7: Tank room flow schematic
The array was controlled by a commercially available differential temperature solar
controller (Resol, 2012). The controller compared the outlet collector temperature, measured at
the end of one collector bank, to the inlet temperature measured before the pump. Clamp on
Resistance Temperature Detectors (RTDs) were fastened to the outside of the pipe to measure
both inlet and outlet temperature. These temperatures were not highly accurate measurements of
the temperature of the flow, and were therefore not used for data acquisition and energy metering.
The readings were however, accurate enough to provide a differential temperature measurement
to the controller, which determined when the pump should run. The controller heat dump
function was also used to activate the dry cooler and solenoid valves if the absolute collector
temperature was too high. The controller wiring diagram and logic flowchart is given in
Appendix A.
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Table 3-2: Solar Array Design Parameters
Parameter

Design Value

Design Temperature Rise

10⁰C

Total Collector flow rate

40-50 L/min

Collector Absorber Area

61 m2

Buffer Storage Volume

870 L

Pumping Power (collector circulator)

25-450 W

Dry Cooler Rated Capacity (used for
stagnation heat rejection)

56.5 kW

Maximum Collector Temperature

94⁰C

Fig. 3-8: Dry cooler, installed in collector field to provide stagnation protection
The array was fully instrumented to experimentally assess the performance under normal
operation. Installed sensors, shown in Fig. 3-5 and Fig. 3-7 were used to quantify total collected
energy, collector efficiency and heat losses. A CR1000 Campbell Scientific datalogger was
installed on site and continually monitored the array and transmitted data to the internet
(Campbell Scientific, 2012). The datalogger was capable of reading 16 analog inputs (8
differential voltage measurements), 8 digital communication signals, and 2 pulse count signals.
Additionally, a Campbell Scientific AM25T solid state thermocouple multiplexer was installed
and expanded the datalogger inputs to include 25 thermocouple measurements. Specifications and
wiring diagrams for the datalogger and thermocouple multiplexer are given in Appendix A.
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Industrial grade thermocouples were used to measure the temperature of the flow and
were installed with T-fittings, ensuring that as much of the probe as possible was immersed in the
flow. Fig. 3-9 shows an installed sensor. Temperature measurements were taken every 2 seconds
and averaged over each minute.

Fig. 3-9: Industrial grade thermocouple installed on the end of a collector bank (shown
before the addition of thermal insulation)
Two hot water flowmeters were used to measure the fluid flow rate. The flowmeters were
factory calibrated to transmit a pulse signal for every 10L of fluid flow. The datalogger’s pulse
count inputs were used to read the frequency of pulses over a five minute period and determine
the flow rate.
A WS100 weather station was installed to measure temperature, humidity and barometric
pressure. Care was taken to ensure the weather station was shaded as not to affect data. An Epply
PSP pyranometer was installed in the plane of the collectors to measure the incident radiation, as
shown in Fig. 3-10. Weather and radiation data were sampled at a frequency of 0.5Hz and
averaged over each minute. A pressure transmitter was also installed to remotely monitor the
system pressure and ensure the system was charged and operational (Omega Engineering, 2012).
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Fig. 3-10: Pyranometer, installed in the plane of the collectors
The uncertainty associated with the measurement of key parameters in the experimental
analysis (temperatures, flow rates, and incident radiation) was estimated by performing an
uncertainty analysis, found in Appendix E.
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Chapter 4
Modeling of the Solar Liquid Desiccant System
4.1 Introduction
Phase I testing of the Liquid Desiccant Air Conditioner (LDAC) led to the development
of empirical models that describe the performance of each component and allow for the complete
solution of the mass and energy balance equations given ambient and inlet conditions. These
models were implemented in TRNSYS, a transient simulation program which can be used to
solve complex thermal systems. TRNSYS operates by breaking down the system into
components (or TYPES), which are connected with inputs and outputs. The transient behavior of
the system is then solved by discretizing the time domain and iteratively solving for each variable
at each time step. TYPES for common components exist within the TRNSYS software package,
but custom TYPES for the conditioner, regenerator, and desiccant sump were created as part of
the current work. The following sections describe the TRNSYS system model, and component
models which were used to estimate the annual performance of the system in Toronto, Ontario;
Vancouver, British Columbia, and Miami, Florida. In future work, the model can be used to
optimize system performance by evaluating the benefits of various advanced control schemes and
system improvements including desiccant storage.

4.2 Implementation in TRNSYS
The TRNSYS simulation program allows the user to evaluate the performance of
complex transient thermal systems. The system is first broken down into components.

A

TRNSYS “TYPE” model is used to describe the performance of each generic component based
on a set of simulation-dependent inputs/outputs and fixed parameters. For example, inputs are
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typically variables such as: weather conditions, inlet fluid properties (temperature and flow rate),
and control signals. Parameters are constants provided by the user which are required to
determine the performance of the component. Examples of parameters include: fluid properties
(such as specific heat), performance curve coefficients, loss coefficients, and maximum power
specifications. Using the inputs and parameters, the component model is solved iteratively (with
other components in the system model) to determine the outputs. Outputs are typically: outlet
fluid properties (temperature, flow rate) and performance measures (e.g. efficiency, heating rate).
The system model is then composed of a number of TYPE models, whose inputs and
outputs are connected together. For example, a simple solar thermal system would include a
collector component and a tank component. The collector TYPE would be connected to the tank
type such that the outlet fluid temperature and fluid flow rate from the collectors would be the
inlet fluid temperature and flow rate to the tank.
When a simulation is conducted, the complete system model is solved by numerically
resolving the set of equations provided by the individual components. These equations are solved
for each individual time step to describe the transient behavior of the system. The operation of
TRNSYS is described in more detail by Fiskel et al (1995), and Kuethe et al. (2008). All inputs
and outputs must converge to a given tolerance at each time-step for the simulation to continue.
In the current work a time-step of 1 minute was used.
In the current study, the model created by Andrusiak, Harrison, and Mesquita (2010) was
modified to represent the solar LDAC as installed. The complete TRNSYS system model is
shown graphically in Fig. 4-1. Custom TYPEs were created to describe the regenerator,
conditioner and desiccant sump and generic TYPES were used for all other components.
Individual component models are described in the Sections 4.3 and 4.4.
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Fig. 4-1: Schematic of TRNSYS model (outputs and calculations hidden for clarity, light blue lines represent cooling water, dark blue
lines represent desiccant, purple and red lines represent heating water, green lines represent weather data, and black lines
represent control signals)
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4.3 Custom Component Models
4.3.1 Conditioner Model (TYPE 2511)
In the conditioner, there are three working fluids: moist air, liquid desiccant, and cooling
water. Heat transfer occurs between all three fluids, and mass transfer occurs between the air and
the liquid desiccant. Figure 4-2 shows the heat and mass transfer in the conditioner.

Fig. 4-2: Schematic of heat and mass transfer in liquid desiccant conditioner
There are therefore eight coupled heat and mass balance expressions that describe the
operation of the conditioner. These eight equations have been simplified to five, given below. The
mass and energy balance on the most air stream are given by Eq. 4.2.1 and Eq. 4.2.2,
̇
̇

̇

̇

(4.2.1)
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̇
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̇

1

Custom components are arbitrarily numbered
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(
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(4.2.2)

where: ̇

is the mass flow rate of air;

and

flowing into and out of the conditioner; ̇

are the absolute humidities of the air

is the absorption rate;

and

enthalpies of the water vapour into and out of the conditioner;
enthalpies of dry air into and out of the conditioner;
̇

are the

, and

are the

is the latent heat of vaporization; and,

is the heat transfer rate between the air and the desiccant.
The mass and energy balance equations for the desiccant stream are given by Eq. 4.2.3

and Eq. 4.2.4. The energy balance is only valid if it is assumed that the moisture transferred into
the desiccant ( ̇

) is very small compared to the total desiccant flow rate ( ̇
̇

̇
̇
̇
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)

(4.2.3)
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(

, are the desiccant concentrations in and out of the conditioner;

are the desiccant enthalpies into and out of the conditioner;
dilution; and ̇

(4.2.4)
and

is the enthalpy of

is the heat transfer rate between the desiccant and cooling water.

Finally, the energy balance on the cooling water stream is given by Eq. 4.2.5,
̇
̇
where ̇

̇

(4.2.5)

is the cooling water mass flow rate and

and

are the enthalpies of the

cooling water into and out of the conditioner.
Since all enthalpies are functions of temperature (and concentration in the case of the
desiccant equations) given the inlet conditions, the above five equations have eight unknowns:
, ̇

, ̇

, ̇

,

,

,

and

. Three additional equations are

therefore required to solve the system of equations.
As described in the Literature Review,
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researchers have had difficulty validating

numerical and analytical models using experimental results. Additionally, finite-difference
models are computationally intensive, particularly for the counter-flow geometries. In the current
work, a simplified model based on the approach taken by Khan and Sulsona (1998) was used.
Three “effectiveness” values were defined to describe the conditioner: the dehumidification
effectiveness,

enthalpy effectiveness,

and

desiccant-cooling

water

effectiveness.

The

dehumidification effectiveness represents the ratio of actual dehumidification (rate of moisture
transfer) to the maximum possible dehumidification, as described by Eq. 4.2.6,
(4.2.6)
The minimum outlet humidity ratio (

) occurs when the air is in equilibrium with

the inlet desiccant concentration and inlet cooling water temperature (i.e., setting the partial
pressure of the outlet air (

) equal to the partial pressure of the concentrated desiccant at the

cooling water inlet temperature (

)). Equation 4.2.6 can therefore be re-written as a function

of partial pressures.
(4.2.7)
In this case, the only unknown is the outlet vapour pressure of the air, which can be
calculated once

is known.

The enthalpy effectiveness is the ratio of enthalpy change through the conditioner to
maximum possible enthalpy change and is defined by Eq. 4.2.8.
(4.2.8)
For an internally cooled system, the minimum outlet enthalpy,
air is at the inlet cooling water temperature and a has a humidity ratio of
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occurs when the
.

Finally, the desiccant-cooling water effectiveness is the similar to a heat exchanger
effectiveness, and to the cooling efficiency used by Yin et al (2008). The desiccant-cooling water
effectiveness is defined in Eq. 4.2.9.
(4.2.9)
The effectiveness parameters used to define the conditioner were previously determined
experimentally, and are given in Table 4-1 (Andrusiak, Harrison and Mesquita, 2010). Ambient
conditions and heating water temperature were considered as variables when determining these
parameters, but

and

were found to be constant.

Table 4-1: Experimentally determined effectiveness parameters for conditioner (Andrusiak,
Harrison and Mesquita, 2010)
0.63
0.45
-12.5*

+0.9009

Figure 4-3 shows a schematic of the TRNSYS component. Inputs to the conditioner are
provided from the outputs of other components in the model. For example, the weather file is
connected to TYPE 251 to supply the ambient air properties. Parameters are defined within the
component by the user and are constant for the duration of the simulation. The outputs are
connected to other components, or are used in calculations to determine the system performance.
The following assumptions were made in order to model the conditioner:
1. the specific heats of the three fluids are constant with respect to temperature (and
concentration);
2. the dehumidification effectiveness, enthalpy effectiveness, and desiccant-cooling water
effectiveness are functions only of the ambient conditions and heating water temperature;
3. mass flow rates of the air and cooling water are constant;
4. the inlet volumetric flow rate of the desiccant is constant;
5. the conditioner is adiabatic (i.e., no heat losses to the ambient surroundings occur);
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6. there is no carryover of desiccant into the air stream (desiccant mass is conserved).
Given the above equations (Eqs. 4.2.1-4.2.9), and property correlations for the desiccant
solution and air, the outputs can be calculated for each time-step. Appendix B gives the solution
algorithm for the TYPE 251 component.

Fig. 4-3: Schematic of inputs, outputs, and parameters for the TYPE251 (conditioner)
TRNSYS model that was created.
4.3.2 Regenerator Model (TYPE 250)
The regenerator is very similar in operation to the conditioner and can be modeled in the
same way. The three working fluids in this case are desiccant, air, and heating water. Moisture is
transferred (desorbed) from the heated desiccant into a scavenging air stream. Figure 4-4 shows a
schematic of the heat and mass transfer.
The mass and energy balance on the air stream is given by Eqs. 4.3.1 and 4.3.2.
̇
̇

̇

̇

(4.3.1)

(

)
̇

(

)

̇

(

)

(4.3.2)

̇

The mass and energy balance on the desiccant stream is then given by Eqs. 4.3.3 and
4.3.4. The energy balance equation is based on the assumption that the moisture transferred into
the desiccant ( ̇

) is very small compared to the total desiccant flow rate ( ̇
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.

Fig. 4-4: Mass and heat transfer in the internally heated regenerator
̇

(̇
̇
̇

̇

̇

̇
̇

(4.3.3)
(

̇

(4.3.4)

The energy balance on the heating water stream is given by Eq. 4.3.5.
̇

̇
̇

(4.3.5)

Similar to the conditioner, the regeneration, enthalpy, and desiccant-heating water
effectiveness parameters were defined and are given by Eqs. 4.3.7-4.3.9.
(4.3.7)

(4.3.8)

(4.3.9)
The maximum possible humidity ratio (or vapour pressure) and maximum enthalpy are
evaluated at the inlet desiccant concentration and inlet heating water temperature.
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Figure 4-5 shows a schematic of the inputs, outputs, and parameters used in the TRNSYS
model for the regenerator. The solution algorithm and assumptions were the same as was used for
the conditioner (Appendix B). Table 4-2 gives the experimentally determined expressions used
for the effectiveness parameters (Andrusiak, Harrison and Mesquita, 2010).

Fig. 4-5: Inputs, outputs, and parameters for TYPE 250 (desiccant regenerator)
Table 4-2: Experimentally determined effectiveness parameters for regenerator
(Andrusiak, Harrison and Mesquita, 2010)
0.8021-0.0054
0.8597-0.0056
0.57
4.3.3 Desiccant Sump (TYPE 299)
The regenerator and conditioner draw desiccant from a desiccant sump: a small desiccant
storage located at the base of the LDAC air handling unit. As shown in Fig. 4-6 the sump was
modeled as a single-node (fully mixed) storage.
.
m1,in,, T1,in, X1,in
.
m2,in, T2,in, X2,in
Tsump, Xsump Vsump

.
V3, Tsump, Xsump
.
V4, Tsump, Xsump

Fig. 4-6: Schematic of liquid desiccant sump, which stores desiccant between conditioner
and regenerator

58

Since the mass of both liquid and solid desiccant are conserved, there are two mass
balance equations for the sump. The volume and concentration are not constant, therefore both
mass balances, given by Eqs. 4.4.1 and 4.4.2 are differential equation,
̇

( ̇
̇

̇ (

̇

(4.4.1)
( ̇

̇ (

(4.4.2)
̇

(
(4.4.3)

where:

,

, and

are the total masses of solid desiccant, water, and desiccant solution;

is the total density (and is a function of concentration and temperature); and ̇ and ̇ are
the volumetric flow rates from outlet 1 and outlet 2 as shown in Fig. 4-6.
The energy balance is given by Eq. 4.4.4,
(
̇

( ̇
̇

̇ )

(4.4.4)

(
where

, ̇ ,

and ̇

are the temperatures and desiccant mass flow rates from inlet 1 and 2

(shown in Fig. 4-6),

is the sump temperature,

is the ambient temperature, and

is

the overall loss coefficient.
If it is assumed that the specific heat of the desiccant solution is constant, and recognizing
that

is equal to the total mass of liquid desiccant in the tank, the energy balance can

be simplified to:
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(
̇

( ̇
̇

̇ )

(4.4.5)

(
The differential equation subroutine in TRNSYS (DIFFERENTIAL_EQN(AA, BB, Ti,
T, ̅)) is a double precision routine that solves first order, linear differential equations of the form:
(4.4.6)
where a and b are coefficients. The function requires the coefficients, and initial value of T, and
returns the final value and the average value of T over the timestep (i.e., T and ̅).
Equations 4.4.1, 4.4.2, and 4.4.3 are non-linear and coupled. The solutions to the mass
balance equations are therefore dependent on each other. Moreover, the inputs, (mass flow,
concentration, and temperature) are not constant. It is therefore necessary to make the following
assumptions to solve these equations in the TRNSYS environment:
1. over the time step, the total mass of the liquid desiccant does not change much, so the
total desiccant mass,
can be approximated by the mass at the end of the previous
timestep
;
2. the inputs, ̇ , ̇ ,

,

,

,

,

are constant over the timestep;

3. the density of the liquid desiccant,
, is a function of temperature and concentration
but is constant for each timestep and changes in density (
) are negligible;
4. The volumetric flow rate of the desiccant in the conditioner and regenerator is constant;
For these assumptions to be valid, simulations were run with very small timesteps (1 min).
Table 4-3 gives the equations for a and b which were passed to the differential equation function.
The inputs, outputs, and parameters of TYPE 299 are shown in Fig. 4-7. Appendix B gives the
solution algorithm for the TYPE 299 component.
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Table 4-3: Coefficients a and b for TRNSYS DIFFERENTIAL_EQN function, derived from
Equations 4.4.1-4.4.5
a
( ̇

Equation 4.4.1

̇

( ̇

Equation 4.4.2

̇

̇

(
( ̇

Equation 4.4.5
Inputs
Regenerator outlet desiccant properties:
.
md,c, Td,out,c, Xd,out,c
Conditioner outlet desiccant properties:
md,c, Td,out,c, Xd,out,c
Ambient Air Temperature,Tamb
.
Volume Flow Regenerator Vd,out,r
.
Volume Flow Conditioner Vd,out,c

b

̇ (

̇

̇
̇

̇ (
̇

Outputs

TYPE 299
Parameters
Initial Volume, Vinit
Initial Concentration, Xinit
Initial Temperature, Tinit
Desiccant Specific Heat
Capacity,Cpdes
Loss Coefficient, UA

Outlet desiccant properties: Tsump, Xsump
.
Mass flow to regenerator: md,in,r,
.
Mass flow to conditioner: md,in,c,
Liquid desiccant sump volume Vd,sump
Mass of solid desiccant in sump ms,sump
Mass of liquid desiccant in sump md,sump

Fig. 4-7: Inputs, outputs, and parameters for TYPE 299

4.4 Standard Component Models
4.4.1 Cooling Tower Model (TYPE 51a)
Cooling water for the conditioner was provided by a counter-flow wet cooling tower,
shown schematically in Fig. 4-8. The performance of the cooling tower was modeled using an
effectiveness method developed by Braun (1988). Mass transfer correlations can be used to show
that the number of transfer units (NTU) is given by:
(

)

(4.5.1)

where n and c are parameters determined for the particular cooling tower. The effectiveness for a
counter flow cooling tower was defined as:
(

(
(
where

(4.5.2)

(

is the capacitance ratio and is given in Equation 4.5.1,
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̇

(4.5.3)

̇
The saturation specific heat,

is calculated from the ratio of enthalpy change of cooling

water divided by temperature change of cooling water. Since this calculation requires the outlet
temperature of the cooling water, an iterative solution is required. In TRNSYS, TYPE 51a
requires a performance data table, which is used to calculate the coefficients c and n from a least
squares regression fit. The data table used in the simulations can be found in Appendix C.

Fig. 4-8: Schematic of evaporative cooling tower
4.4.2 Solar Collector Model (TYPE 71)
The two different evacuated tube solar thermal collectors were modeled using TYPE 71,
which uses the quadratic efficiency curve to model the collector performance. The quadratic
efficiency curve, given in Eq. 4.6.1, is an extension of the linear collector model (Equation 1.4.2)
where it is assumed that the efficiency is a quadratic function of the difference in inlet and
ambient temperature, and the solar irradiance.
(
The constant

(

)

represents the thermal loss coefficient temperature dependence.
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(4.6.1)

For TYPE 71 this equation is re-written as:
(
(4.6.2)
Parameters for ao, a1, and a2 are available from collector test data provided by the Solar
Rating and Certification Company (SRCC). Efficiency curve parameters used for the installed
collector types are listed in Table 3-1.
Type 71 also corrects the efficiency curve parameters for flow rate, and angle of incident
solar irradiance. The flow rate correction adjusts the value of

by comparing the actual flow

rate to the flow rate used during testing (Duffie and Beckman P. 307, 1991). The angle of
incidence is corrected using a biaxial incidence angle modifier (IAM), where the IAM is
dependent on the angle of incidence in the transversal and longitudinal directions. This biaxial
effect is an important distinction for evacuated tube collectors as it accounts for the collectors
being optically asymmetric. In TYPE 71 the IAM is approximated using Eq. 4.6.3,
(
(
where (

(

(

is the effective transmission absorption product, (

absorption product at normal incidence,

(4.6.3)
is the transmission

is the longitudinal angle of incidence and

is the

transverse angle of incidence.
An external file is supplied to the component which lists the incidence angle modifiers as
a function of longitudinal and transverse angle. The component linearly interpolates between
values given in the table. The table supplied for the collectors in the current study is given in
Appendix D.

4.4.3 Stratified Storage Tank Model (TYPE 60)
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The two thermal storage tanks, connected in parallel, were modeled using a single TYPE
60 (stratified storage tank) component. TYPE 60 models thermal stratification by separating the
tank into N equal volume fully mixed fluid segments with segment 1 at the bottom of the tank and
segment N at the top. Parameters include the tank volume and height, number of nodes, height of
inlets and outlets (max 4), fluid properties, and average tank loss coefficient (U). Additionally,
auxiliary heaters can be added to specified nodes and the user can input the temperature set-point
and maximum power for the auxiliary heaters. Fig. 4-9 gives a schematic of the tank model. The
energy balance for the ith node is given by Eq. 3.7.1 and shown schematically in Fig. 4-10.
(
(
(

(

)

(

)

(

̇

)

̇

(
̇

(

̇

)

(

)

̇

(

)

)

(
̇

)

̇

(

̇

(4.7.1)

)

(

)

(

)

TYPE 60 solves the energy balance differential equations for N nodes simultaneously to
determine the temperature distribution in the tank at each time step. Since the tanks were
connected in parallel, one component of TYPE 60 was used, with the height of one tank and
volume of both tanks. The loss coefficient was modified to account for the increased surface area
in this configuration.
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Fig. 4-9: Schematic for storage tank model (TYPE 60)

Fig. 4-10: Energy balance on a storage tank node
4.4.4 Heat Exchanger Model (TYPE 91)
The regenerator interchange heat exchanger was modeled using TYPE 91, a constant
effectiveness heat exchanger, shown schematically in Fig. 4-11.
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Fig. 4-11: Heat exchanger schematic
The heat exchanger effectiveness, given by Eq. 4.8.1, is defined by the user and assumed
to be constant for the simulation,
( ̇
where

̇

(

(4.8.1)

is the total heat transferred between fluid streams.

4.4.5 Dry Cooler Model (TYPE 511)
During stagnation conditions, the dry cooler removes heat from the collector fluid to
ensure collectors do not overheat. The dry cooler is a fluid-to-air heat exchanger, where a fan
blows ambient air over a series of finned tubes. TYPE 511 was used to model the dry cooler.
This type allows the user to input performance data at the design conditions, and calculates the
performance at the operating (possibly off-design) conditions. The effectiveness, number of
transfer units (NTU), and overall heat transfer coefficient (UA) are calculated at design conditions
using Eqs. 4.9.1-4.9.3,
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̇
̇
̇
( ̇

(4.9.1)

(
̇

(

where the temperatures are known from the design conditions.
[

{

]}

(

(4.9.2)

(for both fluid streams unmixed)
( ̇

(4.9.3)
̇

( ̇
( ̇

̇

(4.9.4)
̇

To determine the off-design performance, heat transfer correlations are used to relate the
convection coefficients for the fluid and air at design conditions, to the convection coefficients at
the actual operating conditions. Assuming the fluid is turbulent and fully developed, the DittusBolter equation, given by Eq. 4.9.5, can be used to estimate the Nusselt number for the fluid side
heat (Incorpera and Dewitt, 2007).
(

̇

)
(4.9.5)

̅
If it is assumed that the ̅

changes with ̇

much more than with changing fluid

properties, the ratio of average fluid convection coefficients can be approximated by:
̅
̅

(
̇

̇

)

(4.9.6)

Similarly, the McAdams correlation, given by Eq. 4.9.7 can be used to calculate the Nusselt
number for the air stream.
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̅

(4.9.7)

Applying the same assumptions, the ratio of air convection coefficients can be approximated
using Eq. 4.9.8.
̅

(

̅

̇

)
̇

(4.9.8)

For a thin walled, highly conductive material, the U-value can be approximated by:

̅

(4.9.9)

̅

Therefore the ratio of overall heat transfer coefficient at design conditions to operating conditions
is approximated using Eq. 4.9.10.

̅

(

̇
̇

̅

)

̅

( ̇

̇

)

(4.9.10)

̅

Once the UA for the operating conditions is known, Eqs. 4.9.2 – 4.9.4 can be used to calculate the
NTU, effectiveness, and outlet fluid and air conditions.

4.4.6 Pipes (TYPE 709)
The collectors and LDAC were connected using the pipe segment component, TYPE 709,
which calculates the energy losses of the fluid travelling through the pipes, and also accounts for
the mass of fluid in the pipes.
TYPE 709 is a “plug-flow” pipe model, which breaks the pipe down into j variable mass
segments that represent the fluid that enters the pipe in each time-step. The mass of the fluid
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entering the pipe is calculated as the flow rate times the length of the time step. By applying
conservation of mass, incoming fluid effectively “pushes out” fluid segments, and the outlet
temperature is then calculated from a weighted average of the leaving segments, as given by Eq.
4.10.1,

̇

(∑

)

(4.10.1)

where a is the fraction of the last segment, k, that is pushed out of the pipe in the time step. TYPE
709 also calculates the energy lost from each segment of fluid for each time step as given by Eq.
4.10.2,
(
where (

(

(4.10.2)

is calculated based on the physical characteristics of the pipe.
The parameters for TYPE 709 are fluid, wall, and insulation properties, pipe dimensions,

and the outside convection coefficient. The component returns the outlet temperature (Eq. 4.9.1),
change in internal energy, and total rate of energy loss to the environment for each time step.

4.4.7 Controller (TYPE 2b)
A differential temperature controller (TYPE 2b) was used to simulate the operation of the
solar controller. TYPE 2b compares the collector temperature (TH) and tank temperature (TL) to
determine if the pump should be on. The user must enter an upper and lower deadband (TH, TL)
as parameters to prevent instability in the control signal. If the pump was previously off, logic Eq.
4.11.1 and 4.11.2 are used to determine the control signal ( ). If the pump was previously on, Eq.
4.11.3 and 4.11.4 are used.
(

(4.11.1)
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(

(4.11.2)

(

(4.11.3)

(

(4.11.4)

The solar controller had a built in heat dump function, which would activate the dry
cooler if the collector temperature exceeded a given temperature. Another TYPE 2b component
was used to model this function where the lower input temperature was set to 94C. The upper
and lower dead bands were set to 0 and -5 respectively.
TYPE 2b was also used to model the regenerator control, where the lower “temperature”
was set to 30, and the upper temperature was set to the conditioner output relative humidity. The
upper and lower deadbands were set to -2 and 2 respectively. When the control signal was 0, the
heating water, and air flow rates were set to 0.

4.4.8 Pump (TYPE 3d)
Although the installed pumps have variable speed control, in the current work the speed
was not varied. TYPE 3b was therefore used to model both the collector, and LDAC heating
water pump in the TRNSYS simulations. This type allows the user to input the flow rate, and the
power consumption can be determined from the manufacturer specifications.

4.4.9 Boiler (TYPE 6)
TYPE 6 was used to model the gas fired boiler. The auxiliary heater model maintains
fluid at a specified set-point and returns the outlet temperature, flow rate, and heating rate for the
fluid. The auxiliary heater component will not provide heat at a rate higher than the specified
maximum heating rate.
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4.4.10 Weather Files
For the model validation TYPE 9a was used to read in actual weather conditions from
testing days. A text file was generated from recorded data which included incident total and
diffuse radiation, ambient temperature and humidity, and solar incidence angle for each minute.
For annual simulations TYPE 109 was used to read Typical Meteorological Year (TMY) weather
files. TYPE 109 includes radiation models to determine the total and diffuse incident radiation on
a tilted surface. Though a number of radiation models are available, the Perez model was used as
it is generally considered the most appropriate (Duffie and Beckman P. 97, 2006).

4.5 Performance Indices
The following indices were chosen as performance metrics for the system. The indices
were used to compare the experimental and predicted performance, and can also be used to
compare the performance of the system to other installed solar cooling systems.

4.5.1 Liquid Desiccant Cooling Coefficient of Performance
Conventional vapour compression air conditioners are rated based on the Coefficient of
Performance (COP) which represents the ratio of cooling power to compressor work input. For a
thermally driven cooling system, two common COPs are used to describe system performance.
The Thermal COP (COPT) is the ratio of total cooling power to input heating rate and is given in
Eq. 4.13.1.
̇
(4.13.1)
̇

For liquid desiccant systems a thermal COP of approximately 0.5 can be expected. The
electrical COP can be used to compare the performance of the system to that of a conventional
vapour compression system and is given by Eq. 4.13.2.
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̇

(4.13.2)
̇

where ̇ is the parasitic power consumed by the pumps/fans required to drive the system.
Both the thermal and electrical COP can be calculated instantaneously, or can be averaged over a
longer period of time. The total and latent cooling power are also important parameters, since the
unit must meet a specified cooling capacity.

4.5.2 Solar System Performance
Solar collectors are most often characterized by their collection efficiency, , which is
the total collected energy divided by the incident radiation, as given by Equation 1.4.1. The
efficiency can be calculated instantaneously, or the collected energy and incident radiation can be
integrated over a period of time. The solar fraction of the system is another important parameter,
which represents the fraction of heat provided to the load by solar energy. The solar fraction is
given by Eq. 4.13.3.
(4.13.3)
Typically the solar fraction is calculated over a period of time, so
energy collected from the collectors, and

is the total

is the total energy required to drive the LDAC.
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Chapter 5
Results and Analysis
5.1 Overview
Experimental results from the summer 2012 operation of the solar driven liquid desiccant
air conditioner are presented in the following sections. The daily results were compared to
simulation results from the TRNSYS models of the solar-driven system. The validated system
model was then used to predict the seasonal performance of the system in three different North
American cities. Experimental and simulated results were used to provide recommendations to
improve system performance in future installations. Finally, results from monitoring the collector
array for the fall and winter of 2011/2012 are presented in an effort to quantify the capacity of the
array for space heating.

5.2 Daily performance data
The solar LDAC was operated for 20 days in the summer of 2012. Table 5-1 summarizes
the operation of the air-handling unit and solar array for each testing day. The conditioner was
operated from 8AM to 6PM. During operation, if the relative humidity of the process-air was
above 30%, the regenerator was turned on and operated with an 80C heating water set-point. The
control schematic for the regenerator and boiler operation can be found in Appendix F.
System operation plots for July 17th (sunny and humid), July 11th (sunny and dry) and
August 13th (overcast and humid) are presented in Fig. 5-1-Fig. 5-3 to highlight the effect of
various weather conditions on system performance. The visible spikes in the cooling plots are due
to the desiccant sampling procedure, which required the conditioner door to be opened. A safety
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switch on the door turned the process fan off while the door was open, but the sampling
procedure was short (< 1 min) and this therefore had little effect on the overall results.
July 17th (shown in Fig. 5-1) was clear and extremely hot and humid. It may be observed
from the results that the regenerator ran for the full day, since the conditioner was not able to
dehumidify the air below 30% relative humidity. In the morning, the auxiliary power was greater
than the load, since the boiler first charged the tanks to the set point of 80C. As a result, the solar
fraction was negative until about 9 AM. Solar energy was able to meet the majority of the load
between the hours of 11 AM-3 PM resulting in an overall daily solar fraction was 0.52. The high
ambient temperature and humidity resulted in an average cooling power of 17.2kW, with 16.9kW
of latent cooling. A thermal COP of 0.53 was observed.
July 11th was also sunny, but the humidity was 5.7 gw/kga lower than on July 17th. The
latent cooling power was noticeably lower due to the low air humidity (8.6 kW compared to 16.9
kW). However, in the afternoon when the air relative humidity was particularly low, sensible
cooling was achieved. This trend is also evident in Table 5-1 on less humid days since lower
humidity resulted in lower absorption rates, which reduced the heat released due to condensation.
Additionally, the evaporative cooling tower was able to provide cooling water at a lower
temperature when the ambient humidity was low.
Figure 5-2 also shows that the regenerator was not on between 2:45 PM and 5:30 PM
because the process-air humidity was below the set-point. During this time three things were
observed. First, higher sensible cooling power was achieved, since heat from the regenerator side
of the air handling unit was not being transferred into the conditioner. Second, the thermal COP
throughout the day was much lower than on July 17th, due to the lower cooling power, however
since the regenerator was not running for the entire day, the overall thermal COP was only
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slightly lower (0.47). This result was expected as the drier conditions resulted in a higher
desorption rate in the regenerator than absorption rate in the conditioner. Finally, Fig. 5-2 shows
that when the regenerator was turned off, heat from the collectors was rejected to the dry cooler.
Heat rejection during times of collector stagnation is further discussed in Section 6.1.2.
The long piping lengths and collector heat capacity resulted in artificially high collector
efficiency spikes when the dry cooler was activated, which can be observed in the bottom plot of
Fig. 5-2. The cooled fluid reached the inlet sensor first, and momentarily an artificially high
temperature difference was recorded as fluid had not yet reached the collector outlet sensors.
Averaging over a larger period of time would reduce these abnormalities.
Operation of the solar LDAC in overcast conditions is illustrated in Fig. 5-3, which
shows the experimental performance on August 13th. Conditions were humid (12.7 g/kg) but
cooler than other days, resulting in a high average relative humidity (66.9%). The average latent
cooling power was 14.6 kW, however the sensible cooling power was negative (-3.4 kW). The
thermal COP was therefore much lower (0.32) than the previously discussed test days. The high
relative humidity required operation of the regenerator all day, and the hot water load was slightly
higher than the previously discussed test days (361 kWh compared to 326 kWh and 241 kWh).
The collector efficiency was 47.2%, and solar fraction was 0.32 which, as expected, was lower
than other days due to the diffuse and irregular solar profile.
Over the 20 days of testing the thermal and electrical COPs were observed to be 0.40 and
2.43 respectively. The collector efficiency was 53% but the overall system efficiency was 40.1%
due to plumbing and tank losses. The solar fraction was 0.40 and the solar utilization was 98%.
The LDAC provided average daily cooling powers between 9.2 kW and 17.2 kW with 8.4-19.0
kW of latent cooling power.
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Ambient Temperature
Ambient Humidity

Temperature (C)

40
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Process Air Temperature
Process Air Humidity
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Fig. 5-1: Experimental performance for July 17th (sunny and humid)
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Fig. 5-2: Experimental performance for July 11th (sunny and dry)
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Fig. 5-3: Experimental performance for August 13th (mixed sun and cloud, humid)
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Table 5-1: Summary of Average Values from Day Long Tests
June
21*

June
29*

July
5*

July
11

July
12

July
13

July
17

July
18

July
19

July
23

Temperature (C)
Rel. Humidity (%)

28.5
64.3

27.6
53.7

24.4
57.5

26.2
50.7

26.8
47.0

28.5
44.3

32.4
52.0

26.5
49.7

23.9
41.0

27.7
70.5

Abs. Humidity (g/kg)

15.8

12.2

10.9

10.3

10.1

10.4

16.0

10.6

7.4

16.5

Radiation (W/m )

679

697

672

714

704

681

631

630

529

642

Sump Conc. (%wt)

31.5

34.6

34.4

35.2

36

36.6

34.6

35.6

36.2

33.4

Total Cooling (kW)

14.2

12.7

9.2

11.0

11.4

11.0

17.2

12.0

10.6

15.1

Latent Cooling (kW)

16.1

12.6

11.5

11.3

11.4

10.5

16.9

12.3

8.4

19.0

Sensible Cooling
(kW)

-1.9

0.1

-2.3

-0.4

0.0

0.5

0.4

-0.3

2.2

-3.9

Absorption Rate (g/s)

6.7

5.2

4.7

4.6

4.6

4.3

6.9

5.0

3.4

7.7

Process-Air Rel.
Humidity (%)

40.6

34.8

35.6

32.2

31.1

29.7

35.8

32.2

29.8

39.0

Hot Water Load
(kWh)

320

264

237

241

274

211

326

248

231

333

Thermal COP (-)

0.45

0.49

0.40

0.47

0.42

0.53

0.53

0.49

0.47

0.46

Electrical COP (-)

2.8

2.6

2.0

2.3

2.4

2.6

3.4

2.5

2.3

3.0

Collected Solar
Energy (kWh)

248

248

227

240

243

236

214

204

157

214

Solar Energy to Load
(kWh)

217

217

164

181

184

188

181

154

104

154

Rejected Solar Energy
(kWh)

0

0

15.4

7.9

12.8

4.1

0

7.5

6.1

0

Auxiliary Energy
(kWh)
Collector 1 Efficiency
(%)

114

88

95

89

121

74

155

112

147

183

59.8

59.1

56

54.8

57.3

58.2

56.1

53.3

50.6

56.1

Collector 2 Efficiency
(%)

61.6

58.8

56.3

57.5

57.7

57.4

56.2

54.3

47.2

53.9

Solar Collector
Efficiency (%)

60.6

59

56.1

55.8

57.2

57.6

56.2

53.7

49.3

55.2

Solar System
Efficiency (%)

52.3

50.9

40.1

41.4

42.7

45.1

46.8

40.1

31.8

39.2

Solar Fraction (-)

0.65

0.67

0.6

0.63

0.56

0.65

0.52

0.55

0.37

0.45

2
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July
24

July
26

July
27

July
30

July
31

Aug
9

Aug
13

Aug
14

Aug
15

Aug
16

Temperature (C)

26.3

21.8

25.6

26.4

27.2

21.1

24.4

23.8

23.7

24.6

Rel. Humidity (%)

48.4

94.3

62.3

54.7

66.6

89.4

66.9

70.5

69.4

64.1

Abs. Humidity (g/kg)

10.2

15.7

12.5

11.4

15.0

14.0

12.7

12.9

12.6

12.3

Radiation (W/m2)

544

75

530

716

631

88

538

372

552

698

Sump Conc. (%wt)

35.4

33.1

34.6

35.4

34.8

32.1

34.6

35.1

35.5

35.8

Total Cooling (kW)

12.3

10.9

12.3

10.9

13.1

9.2

11.2

11.1

12.0

12.2

Latent Cooling (kW)

11.7

17.9

14.3

12.4

16.9

15.6

14.6

15.4

15.8

15.3

Sensible Cooling (kW)

0.6

-7.1

-2.0

-1.6

-3.9

-6.3

-3.4

-4.3

-3.8

-3.1

Absorption Rate (g/s)

4.8

7.3

5.8

5.1

6.9

6.3

6.0

6.3

6.4

6.2

Process-Air Rel.
Humidity (%)

32.1

46.1

37.3

33.6

36.8

35.7

36.1

35.1

34.8

34.8

Hot Water Load
(kWh)

257

347

355

288

340

357

361

351

348

343

Thermal COP (-)

0.49

0.32

0.35

0.38

0.39

0.26

0.32

0.32

0.35

0.36

Electrical COP (-)

2.6

2.1

2.4

2.2

2.6

1.8

2.2

2.2

2.3

2.4

Collected Solar
Energy (kWh)
Solar Energy to Load
(kWh)
Rejected Solar Energy
(kWh)

154

2

166

244

207

5

156

102

171

233

98

-19

128

169

171

-45

128

65

135

196

4.5

0

0

12

0

0

0

0

0

0

Auxiliary Energy
(kWh)

180

372

237

141

177

406

246

293

223

163

Collector 1 Efficiency
(%)

44.6

7.8

53.8

57.6

55.9

6.4

49.3

48.2

53.7

56.8

Collector 2 Efficiency
(%)

50.6

1.2

49

55

52.4

9.4

50.8

41.0

48.2

53.5

Solar Collector
Efficiency (%)

47.0

5.1

51.9

56.6

54.5

1.7

47.2

45.3

51.4

55.4

Solar System
Efficiency (%)

29.3

-40

39.7

38.6

44.9

-51

39.7

25.5

40.2

46.2

Solar Fraction (-)

0.3

-0.07

0.33

0.51

0.48

-0.13

0.32

0.17

0.36

0.53

*heating water set-point temperature was 75C on these days
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5.3 Simulation Results
Simulations of the solar LDAC were completed using an updated version of the TRNSYS
model created by Andrusiak, Harrison and Mesquita (2010). As described in Chapter 4, the model
was modified to represent the solar LDAC as installed, using two different types of collectors,
and a buffer storage. The TRNSYS model was first validated by comparing the simulated and
observed performance for the day-long tests using the experimental weather data. The validated
model was then used to compare the performance on an annual basis for: Toronto, Ontario;
Vancouver, British Columbia; and Miami, Florida.

5.3.1 Validation of Solar LDAC model
TRNSYS was used to simulate the performance of the solar LDAC for the 20 test days
using experimentally collected weather data, and the effectiveness correlations developed by
Andrusiak, Harrison and Mesquita (2010). Figure 5-4 shows the total cooling power for each of
the test days. It is clear from this result that these simulations significantly over-predicted the
performance (i.e., 30% average cooling capacity for the period). The latent cooling power was
over predicted by 24% and sensible by 10%. The hot water load was under-predicted by 5%. The
effectiveness values experienced during testing were therefore calculated and compared to those
predicted by the previously developed correlations. The dehumidification effectiveness,
regeneration effectiveness, and regenerator enthalpy effectiveness were lower than predicted by
the correlations in Table 4-1 and Table 4-2. Conversely the desiccant-heating water and
desiccant-cooling water effectiveness values were higher than predicted. Appendix G shows plots
of the experimental and predicted effectiveness values for each of the test days.
The average effectiveness values over the 20 test days were calculated and are given in
Table 5-2. Fig. 5-5 and Fig. 5-6 show the total and latent cooling powers for each test day when
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the average effectiveness values were used in the simulations rather than the previously
developed correlations. These updated simulations predicted the latent cooling power to within
5%, but still over predicted the total cooling power by 15%. Although both the experimental and
simulated results predicted mostly negative sensible cooling, simulation results showed less
negative sensible cooling than was observed experimentally.

Cooling Power (kW)

25

Total Cooling Experimental

Total Cooling Predicted

20
15
10
5
0
Date

Fig. 5-4: Predicted daily average cooling power using effectiveness correlations derived by
Andrusiak and Harrison (2010).
Table 5-2: Experimental average effectiveness values
0.5933
0.4381
0.7784
0.2037
0.2699
0.6613
The modified simulations predicted the solar energy collected and regenerator hot water
load to within 4%, as shown in Fig. 5-7. TRNSYS predicted an overall collector efficiency of
54%, only 1% higher than was determined experimentally. Despite these accurate results,
simulations predicted an overall solar fraction of 0.49, much greater than 0.40 that was observed
experimentally. When the solar fraction was calculated as the ratio of collected solar energy to
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hot water load, the results were much closer (0.60 compared to 0.65) indicating that the model did
not accurately predict the required auxiliary heating rate. The total thermal COP was also over
predicted, and determined to be 0.48, 20% greater than indicated in the experimental results.

Latent Cooling Power (kW)

Differences between simulated and experimental results are discussed further in Section 6.2.
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Fig. 5-5: Predicted daily average latent cooling power using average effectiveness values
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Fig. 5-6: Predicted daily average total cooling power using average effectiveness values
The experimental and simulated performance for July 17th, July 11th, and August 13th is
shown in Fig. 5-8 through Fig. 5-10, and Table 5-3 compares the average values for each day.
The plots further emphasize the discrepancies in sensible cooling power and auxiliary energy
requirements, but show that the model accurately predicted the latent cooling power, hot water
load and collected solar energy. The cooling plots show similar trends in latent and sensible
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cooling power, suggesting that the effectiveness model was an acceptable way to account for
varying ambient conditions. Additionally, the negative solar fraction which resulted from
charging the tanks in the morning was observed in simulations as well as experiments.
1 1
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0

Fig. 5-7: Predicted and experimental daily hot water load and solar fraction
While the average and integrated simulation results for July 11th are accurate, Fig. 5-9
shows “spikes” where the simulations predicted the regenerator was cycling between “on” and
“off”. Although the humidity set-point and deadbands were the same in simulations and
experiments, it is evident that the process-air humidity reacted faster to regenerator control in
simulations. On days where the regenerator was not operated all day, Fig. 5-7 shows larger
discrepancies between the experimental and simulated load. Regenerator control was therefore
identified as a weakness in the simulations, and is further discussed in Section 6.2.3.
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Fig. 5-8: Simulated and experimental results for July 17th (Sunny and humid)
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Fig. 5-9: Simulated and experimental results for July 11th (Sunny and dry)
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Fig. 5-10: Simulated and experimental results for August 13th (Cloudy, humid)
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Table 5-3: Comparison of experimental and simulated performance for July 17th, July
11th, and August 13th
July
17

July 17
Sim.

%
Dif.

July
11

July 11
Sim.

% Dif

Aug
13

Aug 13
Sim.

%
Dif

Temperature (C)

32.4

-

-

26.2

-

-

24.4

-

-

Rel. Humidity (%)
Abs. Humidity
(g/kg)
Radiation (W/m2)

52.0

-

-

50.7

-

-

66.9

-

-

16.0

-

-

10.3

-

-

12.7

-

-

631

-

-

714

-

-

538

-

-

33.2

-4%

35.2

34.4

-2%

34.6

34.4

-1%

17.2

17.0

-1%

11.0

12.6

15%

11.2

13.5

21%

16.9

17.6

4%

11.3

12.1

7%

14.6

16.0

10%

0.3

-0.6

300%

-0.3

0.4

233%

-3.4

-2.5

-26%

Sump Conc. (%wt) 34.6
Total Cooling
(kW)
Latent Cooling
(kW)
Sensible Cooling
(kW)
Absorption Rate
(g/s)
Process-Air Rel.
Humidity (%)
Hot Water Load
(kWh)

6.9

7.3

6%

4.6

5.1

10%

6.0

6.5

8%

35.8

33.9

-5%

32.2

33.3

3%

36.1

38.2

6%

326

314

-4%

241

235

-2%

361

301

-16%

Thermal COP (-)

0.53

0.54

2%

0.47

0.56

19%

0.32

0.45

41%

3.4

3.4

-1%

2.3

2.6

13%

2.2

2.7

23%

214

221

3%

240

231

-4%

156

165

6%

181

208

15%

181

179

-1%

128

148

16%

0

0

0%

7.9

17

115%

0

0

0%

155

130

-16%

89

77

-13%

246

176

-28%

56.2

58.0

3%

55.8

54.6

-2%

47.2

50.1

6%

46.8

54.6

17%

41.4

40.8

-1%

39.7

47.1

19%

0.52

0.59

13%

0.63

0.66

5%

0.32

0.41

28%

Electrical COP
(-)
Collected Solar
Energy (kWh)
Solar Energy to
Load (kWh)
Rejected Solar
Energy (kWh)
Auxiliary Energy
(kWh)
Solar Collector
Efficiency (%)
Solar System
Efficiency (%)
Solar Fraction (-)
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5.3.2 Annual System Performance
The overall performance of the Solar LDAC depends on a number of factors including
the climatic conditions. The modified TRNSYS model was therefore used to simulate the annual
performance of the solar LDAC in three different North American cities: Toronto, Vancouver,
and Miami. Simulations used the same control strategy and design parameters as in experimental
testing: the conditioner was operated on an 8 AM to 6 PM schedule, the regenerator was turned
on when the process-air humidity was above 30%, and the heating water set-point temperature
was 80C. The water and air flow rates were the same as in experimental testing as outlined by
Jones, and in Table 3-2 (Jones, 2008).
The climatic conditions experienced in Kingston are best represented by weather data
from Toronto, Ontario. Conditions in Toronto are also similar to those experienced in the
majority of southern Ontario, and many cities in the northern United States, including New York
and Chicago. The performance of the Solar LDAC in Toronto was investigated for the months of
May to September. The daily average total and latent cooling powers are shown in Fig. 5-11. The
cooling energy, collected solar energy, hot water load, thermal COP, and solar fraction for each
month are plotted in Fig. 5-12.
Overall, the simulation predicted the collectors would operate with an efficiency of 49%
and would provide 47% of the energy required to operate the LDAC. Simulation results indicated
the unit would operate with an overall thermal COP of 0.42. It is however, evident from Fig. 5-12
that performance was higher in June, July and August than the other months. As shown in Fig.
5-13, the ambient air humidity was lower in September and May, which accounts for the decrease
in performance. When considering only the summer months, where ambient humidity was outside
of the comfort zone, the simulations predicted a collector efficiency of 49%, thermal COP of 0.44
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and solar fraction of 0.49. The LDAC provided an average of 13.2 kW latent cooling and 12.2kW
total cooling. The solar utilization was 0.97 for June, July, and August, and 0.94 for all five
months. Simulations of the 20 test days in 2012 predicted a similar solar fraction and thermal
COP (0.49 and 0.48 respectively), suggesting that the 20 days were a good indication of the

Average Cooling
Power (kW)

average climatic conditions experienced in Kingston.
20
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15
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5
0
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Fig. 5-11: Average daily total and latent cooling power predicted by the modified TRNSYS
model for Toronto, Ontario
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Fig. 5-12: Monthly performance predicted by the modified TRNSYS model for Toronto
The summer and winter comfort zones are defined by ASHRAE as a function of
temperature and humidity (ASHRAE, 1991). The temperature comfort zone ranges from 23C27C. The lower limit on comfortable humidity is 4.5 g/kg, and the upper limit ranges from 12

90

g/kg at 27C and 13.5g/kg at 23C. Since the LDAC was tested primarily as a dehumidifier, only
humidity comfort was considered, and the humidity comfort zone was assumed to between 4.5
g/kg and 12 g/kg in the following sections.
Figure 5-13 shows the ambient and process-air humidity-ratio for Toronto, Ontario and
highlights the humidity comfort zone. The process-air was found to be within the comfort zone
for the summer, demonstrating that the LDAC was effective at providing ventilation-air that falls
within an acceptable range of humidity. In May and September, the ambient air was also within
the comfort zone which indicates the LDAC was not necessary during these months.
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Fig. 5-13: Ambient and simulated process-air humidity-ratio for Toronto, Ontario with the
humidity comfort-zone highlighted in blue
Performance of the solar LDAC was also simulated for Vancouver, British Columbia.
Vancouver is a much milder climate than southern Ontario, and the temperatures and humidity
levels in the summer are much lower. As shown in Fig 1-1, Vancouver therefore requires much
less cooling than Toronto, however, the cooling load is almost entirely latent. The daily average
total and latent cooling powers are shown in Fig. 5-14. Overall the thermal COP was determined
to be 0.37, lower than in Toronto because the average total cooling power was found to be 10.0
kW (2.2 kW less than was predicted for Toronto). The total collector efficiency was estimated to
be 49% and solar fraction was 0.49. The predicted monthly performance of the solar LDAC is
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shown in Fig. 5-15.
Figure 5-16 shows the ambient and process-air humidity-ratios for Vancouver over the
simulated months. While the process-air was successfully dehumidified to be in the lower region
of the comfort zone, the ambient air only exceeded the upper comfort zone limit once.
Consequently Vancouver is not the best location for a dehumidification system unless used in an
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Fig. 5-14: Average daily total and latent cooling power predicted by the modified TRNSYS
model for Vancouver, British Columbia
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Fig. 5-15: Monthly performance predicted by the modified TRNSYS model for Vancouver,
British Columbia
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Fig. 5-16: Ambient and simulated process-air humidity-ratios for Vancouver, British
Columbia, with the humidity comfort-zone highlighted in blue
The Miami climate allows the solar LDAC to be operated year-round, and was
investigated to determine the performance of the system in conditions more humid than those
experienced in southern Ontario. The annual performance of the solar LDAC in Miami was
simulated and the results are shown in Fig. 5-17 and Fig. 5-18. As a result of the hot and humid
conditions, the average latent and total cooling powers were found to be greater than was
predicted for both Vancouver and Toronto. The average latent cooling power was 16.3 kW and
overall thermal COP was 0.48. Simulations predicted the collectors would operate with an
efficiency of 51% and would provide 39% of the energy required to operate the LDAC annually.
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Fig. 5-17: Average daily total and latent cooling power predicted by the modified TRNSYS
model for Miami, Florida
Figure 5-19 shows the ambient and process-air humidity-ratios and highlights two main
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points with regard to the performance in Miami. First, the ambient humidity varies significantly
in the winter (November- April) but stays relatively constant in the summer. This trend is
reflected in Fig. 5-17 when observing cooling powers and demonstrates the dependency of
performance with ambient conditions. Second, although the conditions are significantly more
humid than Toronto, the average process-air humidity-ratio was still within the comfort zone for
337 of 365 days.
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Fig. 5-18: Annual performance predicted by the modified TRNSYS model for Miami,
Florida
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Fig. 5-19: Ambient and predicted process-air humidity-ratios for Miami, Florida, with
humidity comfort zone highlighted in blue
Table 5-4 compares the simulation results for the three selected cities. The average, daily
maximum and daily minimum values are listed to indicate the range of performance predicted
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over the simulated months.
Table 5-4: Comparison of TRNSYS simulation results for Toronto, Vancouver, and Miami
Toronto (June, July
August)
Average
Total Cooling
(kW)
Latent
Cooling (kW)

Daily Daily
Max. Min.

Vancouver (MaySeptember)

Miami, FL (Annual)

Average

Daily
Max.

Daily
Min.

Average

Daily
Max.

Daily
Min.

12.2

16.8

7.8

10.0

13.7

8.3

14.7

18.0

5.3

13.2

17.6

8.8

11.6

15.2

9.4

16.3

20.8

1.5

Hot Water
Load (kWh)

278

323

207

269

300

221

307

358

16

Collected
Solar Energy
(kWh)

171

255

0

169

264

0

156

290

0

0.44

0.70

0.26

0.37

0.46

0.26

0.48

3.94

0.28

49

58

0

49

57

0

51

60

0

0.49

0.72

-0.08

0.49

0.75

-0.08

0.39

0.79

-0.21

Thermal COP
(-)
Solar
Collector
Efficiency (%)
Solar Fraction
(-)

5.4 Solar Heating Performance
Solar cooling in Canada is most economically viable when the collector array is used to
provide heating in the winter months as well as summer cooling. The installed solar array was
therefore monitored in heating-mode between October 2011 and May 2012 to evaluate the space
heating potential. During this time, heat from the collectors was automatically diverted to the dry
cooler and 40% propylene glycol was used as the collector fluid to prevent potential freezing.
The array and dry cooler were also modeled in TRNSYS using weather data collected from the
fall/winter of 2011/2012. Figure 5-20 shows the incident radiation, collected energy, predicted
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energy, and experimental efficiency for the array over this time.
If it is assumed that the heating load is much greater than the heat provided by the
collectors (i.e., the solar fraction of the heating system is low), the entire array capacity could be
used for space and water heating in a solar combi-system. In this case, over the space-heating
season (October – March) 18,800 kWh were collected with an average collector efficiency of
61%. TRNSYS over-predicted the collected energy by 13% (21,260 kWh) likely due to snow
cover of the collector field, failed vacuum tubes, and issues associated with the placement of the
controller sensor.
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Fig. 5-20: Predicted and collected monthly energy for installed evacuated tube solar array
between October 2011 and May 2012
It should be noted that in March, the temperature sensor for the controller was moved
from the exterior of the outlet pipe of the collector array to inside of the collector header. This
provided a better indication of the solar array temperature and improved performance in heating
mode, as it allowed the collectors to turn on earlier in the morning. With buffer tanks this effect
would be less pronounced because of the larger system capacitance. Relocation of the sensor also
improved the TRNSYS prediction, since the measured collector temperatures, when the pump
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was not running, were closer to the true collector stagnation temperature. For the months of
March, April, and May, the TRNSYS simulation predicted the collected energy to within 3%.
Using typical Meteorological Year Data for Toronto, simulations predicted that the array
would collect 19,900 kWh/yr for space and water heating.
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Chapter 6
Discussion of Results
6.1 Experimental Performance
Performance of the solar LDAC was observed under real weather conditions for 20 days
in June, July, and August of 2012. Results of day-long tests were presented in Section 5.2. The
following sections provide comments on the test results and highlight the discrepancies between
current and previous test results.
6.1.1 Cooling Performance
It is clear from Table 5-1 that the LDAC performance varied depending on the ambient
conditions. On drier days, sensible cooling was achieved, however as the humidity increased, the
machine operated with negative sensible cooling (i.e., the outlet air temperature was hotter than
the inlet temperature). Additionally, the thermal COP ranged from 0.26-0.53, with notably lower
values occurring on days where the ambient relative humidity was high. This trend is highlighted
by Fig. 6-1, which shows the thermal COP plotted as a function of ambient relative humidity.
Three main factors contributed to the reduced performance on humid days.
First, in high relative humidity conditions the regenerator was not able to remove as
much moisture from the desiccant. Since relative humidity is directly related to the vapour
pressure of water in the air, a higher relative humidity resulted in a higher vapour pressure and
reduced the driving force for moisture transfer between the heated desiccant and air. A humid
scavenging air stream therefore has less capacity to absorb water vapour than a dry one. This
result both increased the hot water load, and reduced the desiccant concentration, consequently
reducing the cooling power and COP. Performance of the LDAC would therefore be improved if
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dry building return air was used for regeneration rather than humid ambient air that was used for
testing in this study.
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Fig. 6-1: Thermal COP and ambient relative humidity
Second, the direct evaporative cooling tower was more effective at providing cooling
water at or below ambient temperatures in less humid conditions. Lower temperature cooling
water increased the absorption rate, by cooling the desiccant and reducing the desiccant vapour
pressure, and also increased sensible cooling, thus improving the COP.
Finally, on days with lower ambient relative humidity, the regenerator was not required
to operate all day. Since the regenerator was controlled using the process-air relative humidity,
days with lower humidity had lower hot water loads and higher COPs. When heat was not added
to the regenerator, less heat rejection was required in the conditioner, as the desiccant sump was
at a lower temperature, and heat was not transferred between the scavenging and process-air
streams. The conditioner was therefore able to provide a higher total cooling power when the
regenerator was not running, improving the COP.
The performance of the LDAC was observed to be notably lower than in previous studies
(Jones, 2008). When compared with previous work, the current results show that less cooling was
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achieved with comparable heating rates, resulting in lower thermal COPs, especially on the high
humidity days in August. Jones reported average latent cooling rates between 23-27 kW for
heating water temperatures of 80C, however the highest latent cooling observed in the current
testing was 16.9 kW.
The regenerator performance was also observed to be lower than previous tests as
indicated by the reduced effectiveness parameters displayed by the results in Appendix G. It is
possible that this contributed to the reduced cooling capacity by lowering the concentration of
desiccant in the sump. Further investigation is required to determine the exact reason for these
discrepancies. It should, however, be noted that the regenerator was repaired in the spring of 2012
and the repair process may have affected the hot water flow balance in the regenerator plates, and
the condition of the wicking material on the outside of the plates. Damages to the wicking
material could have impacted the desiccant plate-wetting and reduced regenerator performance.
It is also expected that the cooling tower was not performing as specified. Cooling water
temperatures were warmer than predicted by simulations, which would contribute to the lower
observed cooling power. This observation is further discussed below in Section 6.2.1.

6.1.2 Solar Performance
The solar array was designed to meet 50% of the load for a heating water set-point
temperature of 80C. On sunny days it was capable of meeting this target, however on mixed and
cloudy days more auxiliary energy was required, and on extremely cloudy days the solar fraction
was slightly negative (due to standby losses associated with the solar storage tanks).
As expected, the daily efficiency of the two different solar collectors (based on absorber
area) was comparable (54.2% and 53.3%). All of the collector banks delivered the same
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temperature to the tanks indicating that the banks were hydraulically balanced. The solar system
efficiency was calculated as solar energy to the load divided by the incident radiation, and
therefore includes plumbing and tank losses. It was 13% lower than the collector efficiency, and
could be increased by reducing piping lengths in future installations. Additionally on days were
solar energy was rejected to the dry-cooler, the rejected heat was not included in the system
efficiency.
The solar fraction was found to be negative in the morning and on overcast days. This
result occurred due to thermal losses that occurred overnight. When the system started up in the
morning, the tanks, and fluid in the pipes, were no longer at the set-point temperature. The boiler
therefore first heated the fluid to the set-point temperature, which required more heat than the
LDAC, and thus, resulted in a negative solar fraction for a portion of the day. Reducing piping
lengths and improving insulation could therefore significantly reduce the auxiliary energy
requirements in future installations. For example, by only reducing the piping length by 50% in
annual simulations for Toronto, the solar fraction increased 3% to 0.52. Further methods for
mitigating night-time losses and improving performance are discussed in Section 6.4.2.
On eight of the 20 test days, the regenerator was turned off due to low process-air
humidity, and collector stagnation was experienced. These conditions occurred in the afternoon,
when the ambient relative humidity was low, and the desiccant was concentrated from
regeneration in the morning. When there was no hot water load and collector temperatures
exceeded 94C, solar heat was rejected to the dry cooler. It took approximately 30 minutes after
the regenerator turned off for the collector temperature to reach 94C and to activate the
controller heat dump function. Once activated, the heat dump cycled on and off until there was a
hot water load or the sun set. With additional thermal or desiccant storage it may be possible to
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utilize this energy rather than reject it, although for the current system this represented only a
small fraction of the collected energy. The implemented control scheme was successful at
keeping the collectors cool, and very little heat was rejected. The overall solar utilization for the
system as configured was 97%.
It was observed that, on dry days, the regenerator was always shut-off in the early
afternoon, which did not take advantage of the solar energy available at this time. Advanced
controls and added desiccant storage could also shift the timing of the load to more closely
coincide with the available solar energy, increasing the solar utilization and solar fraction.
Regenerator control requires careful consideration to ensure desiccant crystallization does not
occur. Performance improvements resulting from the implementation of desiccant storage are
further discussed in Section 6.4.1.
The solar fraction could be further increased by enlarging the size of the collector array.
This modification would also result in a lower solar utilization. The effect of collector area on
solar fraction and utilization is an important consideration for future installations, and was
investigated using the validated TRNSYS model. Figure 6-2 shows the solar fraction and
utilization for a range of collector array areas.
The simulations predict that the solar utilization would be 100% until the collector area
exceeded 60 m2, and then would decrease with increasing collector area. The solar fraction is
seen to increase with collector area until approximately 110 m2 and then begins to decrease,
resulting in a maximum solar fraction of 0.77. The predicted decrease in solar fraction occurred
because at high collector areas, collectors were delivering hot water to the LDAC at temperatures
higher than the set-point, increasing the hot water load and system losses. Collector areas greater
than about 100 m2 will therefore require additional thermal storage to provide further
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performance improvements.

Solar Fraction or Utilization (-)

1.2

Solar Fraction
Solar Utilization

1
0.8
Current
Installation

0.6
0.4
0.2
0
0

20

40

60
80
100
120
Collector Absorber Area (m2)

140

160

Fig. 6-2: Solar fraction and utilization as a function of collector area, determined from
TRNSYS simulations
Figure 6-2 also highlights the fact that, as the collector area was increased beyond 70 m2,
the incremental performance gains (for each added m2) were lower. This observation is important
when considering system and installation costs.
The simulation results indicate that the current installation maximizes the solar utilization
while maintaining a high solar fraction. The solar fraction could be increased to 0.63 with a
utilization of 87% for 90 m2 of collectors, however collector areas greater than approximately 90
m2 would require additional thermal storage.

6.2 Daily TRNSYS Simulations
While the modified simulations were able to predict the average latent cooling power to
within 5%, hot water load to within 4% and collected solar energy to within 3%, more significant
differences were found between other parameters, most notably sensible cooling power, and
auxiliary energy. This section outlines and explains the discrepancies between the observed and
simulated performance.
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Additionally, although the average effectiveness values were able to predict the current
results, further investigation is required to determine how the values change with parameters such
as heating water temperature and flow rate.

6.2.1 Sensible Cooling Power
On humid days with significant latent cooling, negative sensible cooling was observed
(ie., process-air temperature increased slightly). While simulations also predicted that process-air
would increase in temperature, the negative sensible cooling was predicted to be much lower than
was observed experimentally. This resulted in an over-prediction of total cooling and COP.
As noted in Section 6.1.1, cooling performance was lower than was reported in previous
testing. Simulations predicted a much lower cooling water temperature than was observed
experimentally, which could suggest that the cooling tower was not performing as predicted.
Figure 6-3 shows the predicted and observed cooling water temperature and heat rejection rate for
August 13th. It is also evident in Fig. 6-3 that more heat was rejected experimentally than in the
simulation. This result was expected since the simulation assumed the conditioner was adiabatic,
and thus did not account for heat transferred from the regenerator side of the air handling unit.
To investigate this issue, simulations were undertaken using the measured cooling water
temperatures instead of those calculated from TYPE 51a. When compared to the experimental
results, the latent cooling power was predicted to within 0.3% and total cooling power to within
5%. Figure 6-4 shows the predicted and experimentally observed total cooling power for each
day. The improved prediction of sensible cooling power suggests that the cooling tower model
(TYPE 51a), and not the conditioner model (TYPE 251), was the main cause of the simulation
discrepancies. The hot water load was under-predicted by 7% in the simulations which used the
experimental cooling water temperatures.
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Fig. 6-3: Predicted and experimentally observed cooling water temperatures and heat
transfer rates for August 13th
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Fig. 6-4: Experimental and predicted total cooling power using experimental cooling water
temperatures in simulations
The cooling tower component, TYPE 51a uses a manufacturers’ data table to estimate
performance. Sensors were installed to measure the cooling water flow rate, and temperature in
and out of the conditioner, however, an additional air flow sensor on the cooling tower fan would
be required to determine if the cooling tower was meeting specifications.
When the maximum air flow rate for Type 51a was reduced to 5000 m3/hr instead of
8326 m3/hr, the simulations more accurately predicted the total and sensible cooling. Total
cooling for each day using these parameters is shown in Fig. 6-5. The simulations were able to
predict total cooling power to within 6%, however with this reduced cooling tower performance
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the hot water load was under-predicted by 8%. While these simulation results support the
hypothesis that the cooling tower was not performing at full capacity, performance data given to
Type 51a was based on an air flow rate of 8326 m3/hr, and thus further work is required to
determine the validity of this assumption.
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Fig. 6-5: Predicted and experimentally observed average total cooling power for reduced
cooling tower performance
6.2.2 Auxiliary Energy
As was observed in Table 5-3, TRNSYS simulations under-predicted the auxiliary energy
requirements by as much as 28%. Since the hot water load was predicted accurately, the
simulated solar fraction was much higher than was observed experimentally.
The two-stage boiler was simulated using Type 6, an auxiliary heater, which adds heat to
a fluid stream to maintain a set-point temperature. Type 6 is an ideal auxiliary heater since it adds
exactly the amount of heat required to reach the set-point. Conversely, the boiler used in the solar
LDAC had two distinct firing rates and was therefore unable to maintain the exact set-point
temperature for the duration of testing. For example, there were instances where the boiler heated
the fluid above the set-point, adding more heat than was required and, consequently, increased the
auxiliary energy delivered to the load. These instances are visible in Fig. 6-6 where simulations
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predicted no auxiliary energy was required between 11 AM and 3 PM, but experimental results
show brief periods where small amounts of energy were added. An improved boiler control
scheme that more accurately maintains the set-point temperature would reduce the auxiliary
energy required and increase the solar fraction. An electric auxiliary heating element which has
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infinite heating rates could also be used to improve the performance.
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Fig. 6-6: Experimental and predicted heating rates for July 17th (hot, humid, and sunny)
6.2.3 Regenerator Control
Desiccant regeneration was controlled by the process-air relative humidity and is
described in Appendix F. As observed in Section 5.3.1, TRNSYS simulations were not able to
accurately predict when the regenerator would be running based on the deadbands used in the
experimental testing. On July 11th, the regenerator was off between 2:45 PM and 5 PM, however
simulations predicted it would turn on and off frequently during this time. This result, illustrated
in Fig. 5-9, indicates that in the model, the process-air relative humidity was sensitive to the state
of the regenerator (i.e. when the regenerator turned off, the process-air humidity increased
quickly, causing the regenerator to turn back on). In experimental operation the response time
was much slower. This discrepancy can be attributed to the single-node desiccant sump model.
Since the sump was assumed to be a uniform temperature and concentration, the concentration in
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the sump decreased quickly once the regenerator was turned off. Experimentally, stratification
(by concentration) allowed the conditioner to draw stronger desiccant from the bottom of the
sump, before the entire sump dropped to a lower concentration. Stratification therefore provided
lower process-air humidity for a longer period of time after the regenerator was turned off. A
more detailed sump model would allow this effect to be better predicted in the simulations.
However, results indicate that once averaged, the TRNSYS model was still able to adequately
predict the hot water load and solar utilization. As such, annual simulation results were still
adequately predicted.
On other dry days, specifically July 19th and July 24th, the TRNSYS model underpredicted the amount of time the regenerator was running, thus predicting a lower hot water load
than was observed. The single-node sump model, as well as differences in the observed and
predicted cooling power, were responsible for this discrepancy.

6.3 Annual TRNSYS Simulations
The cooling performance for each of the investigated cities varied based on the ambient
climate. As expected, the highest cooling power was observed in Miami where ambient
conditions are extremely hot and humid. The thermal COP was predicted to be highest in Miami
(0.48) and lowest in Vancouver (0.37), where much lower cooling powers were predicted. The
average cooling power varied by 31% between cities, however the hot water load showed less
variation (12%). As expected, Miami had the highest daily average hot water load (307 kWh),
and Vancouver had the lowest (269 kWh), since regeneration was required less often in the
milder Vancouver climate.
While the cooling power and thermal COP were found to be greater in Miami, the overall
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solar fraction was much lower (0.39). Since the solar LDAC was simulated for an entire year in
Miami, the average daily solar irradiance over the simulated period was much lower than in
Toronto and Vancouver (4.98 kWh//m2 compared to 5.48 kWh//m2 in Toronto and 5.71 kWh//m2
in Vancouver). Despite the lower solar fraction, operating the LDAC in Miami offers the distinct
advantage of year-round operation. The total solar output was much higher than in the other cities
(57.0 GWh compared to 15.8 GWh for Toronto and 16.5 GWh for Vancouver). This result also
highlights the benefits of combining the LDAC with a solar combi-system that provides heat and
domestic hot water. In Toronto and Vancouver, the total collected solar energy could be increased
dramatically if the solar collectors were used for heating in the winter. For example, between
October 2011 and May 2012, the solar array was operated and monitored while rejecting heat to
the dry cooler. During this time, 18.8 GWh were collected with an average collector efficiency of
61%. Investigating the integration of the LDAC into a larger combi-system is therefore a
recommended area of future work and is further discussed in Section 7.2.
The simulated performance in all three cities was lower than was expected based on
previous testing and simulations (Jones, 2008; Andrusiak and Harrison, 2010). While the solar
array was still predicted to provide a significant fraction of the energy required to operate the
LDAC, performance could be significantly improved by decreasing piping lengths and improving
controls, as is discussed further in Section 6.4. The following sections highlight particular
observations about the predicted performance in the three investigated cities.

6.3.1 Toronto Performance
Simulations were completed for Toronto for the months of May to September. It is
evident from the results, particularly Fig. 5-13, that the LDAC was not required to operate for the
entire simulated period. In May and September, the ambient humidity fell below the upper
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humidity limit 95% of the time, which indicates that dehumidification was not required. These
months also showed decreased performance due to the low ambient humidity.
The predicted performance for Toronto between June and August was very similar to the
experimentally observed performance. For example, an average total cooling power of 12.0 kW
was observed in experimental testing, and in simulation results the seasonal average was 12.2
kW. The similarities between annual simulations using typical weather data, and experimental
results, indicate that the 20 test days were a good indication of the average summer conditions
experienced in Kingston, Ontario.

6.3.2 Vancouver Performance
Vancouver experienced notably lower cooling performance than the other two
investigated cities. The lower ambient humidity resulted in less total cooling, but the hot water
load was only slightly reduced, and therefore a notably lower thermal COP (0.37) was predicted.
The lower humidity did not result in a significant decrease in hot water load since the regenerator
was controlled based on process-air relative humidity. Lower ambient and process-air
temperatures resulted in higher relative humidity values, and the regenerator was therefore
required to operate almost as frequently as in Toronto. Considering only June, July and August,
33 days in Vancouver and 30 days in Toronto did not require the regenerator to operate for the
full ten hours. While Vancouver was predicted to have the highest solar fraction, the low cooling
performance indicates it is not the best location for liquid desiccant cooling.

6.3.3 Miami Performance
As observed in Section 5.3.2, the ambient conditions in Miami (particularly humidity)
varied significantly in the winter. These variations resulted in some days with very low ambient
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humidity and thus, low latent cooling powers (1.5 kW). On these days, effective operation of the
evaporative cooling tower resulted in a high sensible cooling power (3.8 kW). Additionally, since
the relative humidity was low, the regenerator was not required, so very low hot water loads were
observed. Since evaporative cooling was provided from the cooling tower, with little to no
heating water energy, these days with unusually low humidity resulted in high thermal COPs, and
three days were predicted to have thermal COPs greater than 1.

6.4 Recommendations for Improvement
6.4.1 Desiccant Storage
Storage of solar energy in the form of concentrated desiccant is an important advantage
for liquid desiccant systems. While the installed air handling unit has a small desiccant sump, the
investigation of full scale desiccant storage was outside the scope of this study.
The optimal storage arrangement would regenerate desiccant when solar energy is
available, and have enough storage to operate the conditioner for an extended period of time
without requiring regeneration. A larger storage volume would result in a higher solar fraction,
however there is a tradeoff between storage size and performance. Lithium Chloride is expensive,
and large storage volumes require more space. For the conditioner to operate for an entire day
without the regenerator running, 3270 L of strong desiccant storage would be required, which is
expensive. Using calcium chloride as a desiccant has been recommended for reducing storage
costs, but would also reduce system performance (Lowenstein, 2006).
The solar fraction could be significantly improved if there was enough desiccant storage
to allow the collectors to heat to the set-point temperature in the morning before turning on the
regenerator. This would eliminate the need for the auxiliary boiler to heat the tanks to the set-
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point, and could decrease the auxiliary energy required. Two hours of strong desiccant storage
would require 654 L (about 3x the volume of the current sump).
Desiccant storage could be implemented using a single stratified desiccant storage tank
(Quinnell and Davidson, 2011), or two tanks (strong and weak). Further investigation is required
to determine the optimal design for the storage system.

6.4.2 Diverting Valves
The buffer storage tanks were installed to allow the array and regenerator to operate at
independent flow rates, which provides additional control configurations and can help reduce the
pressure drop through the piping. Figure 6-7 shows the tank and regenerator temperatures on July
17th. The boiler must first heat the tanks to the set-point temperature in the morning, since the
tanks and supply and return lines loose heat overnight. This charging required the auxiliary
energy to be greater than the load, and caused the collectors to operate at an artificially high
collector temperature in the morning, reducing the efficiency.
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Fig. 6-7: Tank and regenerator temperatures for July 17th
On cloudy days, when the solar array was not able to operate continuously (July 26 and
August 9) the buffer tanks reduced system performance. When the only heat source was the
boiler, the boiler charged the tanks to meet the set-point, and then provided energy to meet the
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load and system losses. When little to no solar energy was collected, a negative solar fraction was
observed. It would therefore be beneficial to install automatic diverting valves, which allow the
boiler loop to run independently of the collectors and tanks until the tanks have been charged to a
given temperature. This configuration would allow the regenerator loop to heat up to the set-point
temperature faster, improving LDAC performance, and would also allow collectors to operate at
lower temperatures, increasing efficiency.

6.4.3 Pump and fan upgrades
As noted by Jones (2008), the electrical COP of the LDAC air handling unit was very
low considering that it is a thermally driven system. Vapour-compression air conditioners are
typically reported to have COPs of 3 or more, however it is not always clear if these values
include the power consumption of fans and blowers. Comparatively, the electrical COP of the
LDAC was observed to be between 1.8 and 3.4 during the 20 days of testing. In the literature,
electrical COPs as high as 6 were reported for similar desiccant systems (Alizadeh and Saman,
2002).
It should be noted that monitoring the electrical COP for this research system was not the
initial goal of the study, and little effort was expended in reducing the electrical load of pumps
and fans in the current installation. The installed system therefore uses inefficient pumps and
fans, and has long piping lengths due to the site configuration restrictions. Both of these factors
contributed to the high electrical load. For example, the heating and cooling water pump motors
are 1.5 kW each. Both hot and cold water loops have globe valves installed to control the flow
rate by increasing the pressure drop. If these pumps were replaced with high efficiency, variable
speed pumps similar to those used in the collector array, their power consumption would be
reduced by a factor of 3 (25-450 W) (Grundfos, 2006). The high efficiency pumps have more
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than enough capacity to provide the required flow rate and head. If only these two pumps were
replaced, the electrical COP would increase to between 2.8 and 5.6. Similar improvements could
be made by replacing the fan motors in both the LDAC and cooling tower. As well, alternative
methods for rejecting heat such as cooling ponds, radiative cooling, and natural convection
coolers, could also reduce parasitic power consumption and increase the electrical COP. The
potential electrical COP of the solar LDAC is therefore significantly higher than what was
reported in the current work.
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Chapter 7
Conclusions and Recommendations for Future Work
7.1 Conclusions
The performance of a solar liquid desiccant air-conditioning system (LDAC) was
evaluated experimentally and through modeling and simulation. As part of the current work, a 95
m2 evacuated tube solar thermal array was designed and installed as a heat source for a preexisting LDAC. The solar LDAC was operated for 20 days in the summer of 2012 and the system
was found to provide an average of 12.0 kW of cooling power, with 14.0 kW of latent cooling
power. Performance was found to vary with the ambient conditions; greater cooling was achieved
on days with high ambient humidity. Average daily cooling powers ranged from 9.2 kW to 17.2
kW and the overall thermal COP was observed to be 0.40. The solar array was found to provide
40% of the required heat, and operated with a collector efficiency of 53.1% based on absorber
area (34.2% based on gross area).
TRNSYS was used to model the solar LDAC and TRNSYS models for the desiccant
conditioner, regenerator, and sump, were created. The regenerator and conditioner were modeled
using effectiveness parameters to estimate their performance based on their fluid inlet and
ambient conditions. The accuracy of the model was investigated by simulating the performance of
the installed system using the weather conditions experienced during experimental testing. When
effectiveness values were calculated using correlations developed in a previous study, simulations
were found to over-predict the cooling power by 30%. Upon closer examination it was
determined that the experimental effectiveness values differed from those predicted by the
correlations. The model was therefore modified to use the average effectiveness values
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experienced over the 20 days of testing. The modified model predicted the latent cooling power to
within 5%, and thermal energy input to within 4%. The total cooling power was still over
predicted by 15% due to the fact that simulations predicted a lower cooling water temperature
than was observed experimentally. When experimental cooling water temperatures were used in
the simulations, the total cooling was predicted to within 5%, which suggests that the discrepancy
is a result of the cooling tower model and not the conditioner model developed as part of the
current work. It is therefore suspected that the evaporative cooling tower was not operating at full
capacity during the 2012 testing period.
The collected solar energy was predicted to within 4% and simulations predicted an
overall collector efficiency of 54%, only 1% higher than was observed experimentally. The
overall solar fraction was also over-predicted by simulations (0.49 compared to 0.40) because the
simulated auxiliary heater under predicted the amount of auxiliary energy required by the twostage boiler.
Finally, using the modified TRNSYS model, the annual performance of the LDAC was
investigated for three cities: Toronto, Vancouver and Miami. It was determined that in Toronto,
the LDAC was only required for June, July, and August, and performance was found to be very
similar to the experimentally observed performance. Simulations predicted the LDAC would
provide an average total cooling power of 12.2 kW, with an overall COP of 0.44, solar fraction of
0.49, and collector efficiency of 49% (based on absorber area). The milder conditions in
Vancouver resulted in lower cooling performance and a thermal COP of 0.37, however the
collector efficiency was estimated to be 49% and collectors were predicted to provide 49% of the
total hot water load. Cooling performance was much higher in Miami due to hot and humid
conditions experienced year-round. The average total cooling was 14.4 kW and thermal COP was
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0.48. The collectors were predicted to operate with an efficiency of 50%, but the solar fraction
was much lower (0.38) because of the increased thermal demand due to the longer operating
season and lower average solar radiation. Although the ability to operate the solar LDAC yearround in Miami is advantageous, in Northern climates, the evacuated tube solar array has the
potential to provide energy for space heating and hot water in the winter. Between October 2011
and April 2012 the array produced 18,800 kWh of heat with an average collector efficiency of
61%, illustrating the potential of the LDAC in a combi-system.
While the experimental and simulated performance was lower than expected, this system
has the potential to operate with a significantly higher performance than was observed in the
current study. Improvements including: addition of desiccant storage, replacement of inefficient
pumps and fans, and implementation of an improved control scheme are recommended.
Additionally, in future installations, a site plan with shorter piping lengths would significantly
reduce losses and increase performance.

7.2 Recommendations for Future Work
The current work is the first full experimental evaluation and implementation of a solar
driven liquid desiccant air conditioning system at Queen’s University. Future development of the
project involves three main areas of study: investigation of desiccant storage and improved
control schemes, operation of the system with more realistic cooling loads, and the investigation
of annual solar combi-system performance.

In addition, the performance recommendations

outlined in Section 6.4 should be addressed.
Desiccant storage has the potential to significantly increase the performance of the
system. Implementation of desiccant storage should first be investigated using TRNSYS
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simulations to determine the optimal control scheme and storage volume. This will likely require
the development of a new TRNSYS component which can model a desiccant storage tank
stratified by concentration. Storage can then be applied to the experimental demonstration to
quantify the performance benefits. Additionally, advanced control schemes should be investigated
through simulations including the implementation of efficient variable speed pump control to
reduce parasitic energy consumption.
The next step in the development of this full-scale demonstration is to provide airconditioning to a real building. Monitoring the system when servicing a real cooling load will
highlight operational considerations not investigated in the current study. This advancement also
has the potential to improve performance, since dry building exhaust air can be used as the
regenerator scavenging air stream, improving regenerator effectiveness.
A solar combi-system, which provides space heating, hot water, and air-conditioning,
allows solar collectors to be used year-round, improving performance of the system. The
evacuated tube solar array was monitored over the winter of 2011/2012 and the energy collected
(18,800 kWh) represents the upper estimate of the available energy for space heating. It is
recommended that simulations be used to investigate potential configurations for a solar combisystem providing heating in the winter and using the LDAC for summer operation. The
performance of the system can then be evaluated annually, and a comprehensive economic
analysis can be completed to assess the annual cost of solar thermal energy.
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Appendix A
Solar Array DAQ Wiring Diagrams

Fig. A-1: Thermocouple multiplexer wiring diagram (Temperatures shown in Fig. 3-5)
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Fig. A- 2: Datalogger wiring diagram (sensors shown in Fig. 3-5 and Fig. 3-7)
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Fig. A-3: Resol solar controller wiring diagram
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Fig. A-4: Flowchart showing solar controller logic
Table A-1: Controller temperature parameters
Thighlimit (C)
TH (C)
TC (C)

95
7
1
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Appendix B
Fortran TRNSYS Algorithms

Conditioner Model (TYPE 251)
1. The vapour pressure of the desiccant at the inlet concentration and cooling water inlet
temperature (

was determined using correlations from Conde (2004).

was then

determined by equating the vapour pressure of air to this desiccant vapour pressure. The
outlet humidity ratio was then determined using the Eq. 4.2.6 for dehumidification
effectiveness. TL

) was determined by calculating the enthalpy of air at

2. The minimum outlet enthalpy (
the minimum humidity ratio,

, and the inlet cooling water temperature. The outlet

enthalpy of air was then calculated using the enthalpy effectiveness (Eq. 4.2.7). The
ASRHAE correlation, Eq. B-1, was used to calculate the temperature of the outlet air.
(B-1)
3. The outlet desiccant temperature Td,out,c was determined from the desiccant cooling water heat
transfer effectiveness (Eq. 4.2.8).
4. The rate of water absorption,

̇

, was calculated from the mass balance on the air stream

as given by Eq. 4.2.1. The outlet flow rate of desiccant was calculated from:

̇

̇

̇

(B-2)

5. The change in energy of the air stream (total cooling power) was determined by an energy
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balance between the inlet and outlet conditions as given by Eq. B-3.
̇
6. Using Eq. 4.2.2 and Eq. 4.2.4 ̇

̇

(

(B-3)

and ̇

were calculated. Then using Equation 3.5, the

outlet cooling water temperature, Tcw,o was calculated.
7. Finally, the outlet concentration was determined from Eq. 4.3.2.

Desiccant Sump Model (TYPE 299)
1.

Sump density, concentration, temperature, solid desiccant mass, water mass, and liquid
desiccant mass are retrieved from the stored variables array from the end of the previous
time step. In the initial time step these values are calculated from the type parameters (Initial
volume, initial concentration, initial temperature)

2.

The total outlet flow rate based on values from the end of the previous time step is
calculated.

3.

Eq. 4.4.1 is solved using the DIFFERENTIAL_EQ() function. The mass of liquid desiccant
and density from the previous time step are used to calculate a and b for the function.

4.

Eq. 4.4.2 is solved using the DIFFERENTIAL_EQ() function. The mass of liquid desiccant
and density from the previous time step are used to calculate a and b for the function.

5.

The liquid desiccant mass and concentration are calculated using the solution to Eq. 4.4.1
and Eq. 4.4.2. Both “average” values over the time step and values at the end of the time step
are calculated.

6.

The energy balance, Eq. 3.4.5, is solved using the new desiccant mass.

7.

The average tank density and tank density at the end of the time step are calculated using
correlations from Conde (2004).

132

8.

The outlet mass flow rates are calculated based on the new densities.

9.

Sump density, concentration, temperature, solid desiccant mass, water mass, and liquid
desiccant mass from the end of the time step are stored in the storage array to be retrieved in
the next time step

10. The outputs are set to be the average value of each output over the time step.
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Appendix C
Data Table for Cooling Tower
Table C-1: Performance data for TYPE 51a
Air
Air Wet
Air Dry Bulb
Volumetric
Bulb
Temperature
Flow Rate
Temperature
(°C)
(m3/hr)
(°C)

Water
Mass Flow
Rate
(kg/hr)

Water
Water Inlet
Outlet
Temperature
Temperature
(°C)
(°C)

8326

29.5

23

8992.8

35

27.7

8326

32.1

25.6

8992.8

35

30.0

8326

33.5

27

8992.8

35

29.8

8326

29.5

23

7200

35

27.1

8326

32.1

25.6

7200

35

28.5

8326

33.5

27

7200

35

29.4

8326

29.5

23

10800

35

28.3

8326

32.1

25.6

10800

35

29.4

8326

33.5

27

10800

35

30.2
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Appendix D
Data Tables for Biaxial Incidence Angle Modifiers
The evacuated tube solar collector model uses external data tables to estimate the biaxial
incidence angle modifier. Table D-1 lists the data table given to TYPE71 (Kingspan, 2012), and
Table D-1 lists the data used for collector 2.
Table D- 1: Biaxial incidence angle modifiers for evacuated tube collectors
Angle

0

10

20

30

40

50

60

90

1.00

1.01

1.02

1.03

1.01

0.94

0.80

0

1.00

1.00

0.99

0.98

0.96

0.92

0.86

0
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Appendix E
Propagation of Errors
The error associated with experimental measurements of the solar array was calculated
based upon the root mean squared (RMS) Method (Taylor, 1997). It is implicitly assumed in this
error analysis that all errors are random and independent. Sample error values are given for July
17th and August 13th in Table E-2.

Solar Array Calculations
The flow meters output a pulse signal for every 10L of fluid, and the frequency of pulses
was measured by the datalogger using a 5 minute averaging routine. The error and resolution on
the flow measurement is therefore dependent on the flow rate (frequency). The flow meter error
therefore has two components, the resolution error, and measurement error of the reader (ie error
in the 10L measurement). By the RMS method the flow error was calculated using Eq. E-1.
̇

Where

√(

̇

)

(

̇

) = √(

)

(

is the volume of fluid for one pulse (10L in this case) and

frequency resolution was 0.003Hz (1/300s) so

)

(E-1)
is the frequency. The

was assumed to be 0.167. From manufacturers

data the flow meter has a +/-5% error on the

and as such the total flow errors are summarized

in Table E-1. The CareEarth collector flow rate was calculated from the subtraction of the other
two and the error were calculated from Eq. E-2.
̇

√(

̇

)
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(

̇

)

(E-2)

Table E-1: Collector flowmeter uncertainties
Flow Rate (L/min)
34-36
20-22
14-16

F1
F2 (Collector 1)
F3 (Collector 2)

Error (L/min)
2.5-3.1
2.5-3.8
3.5-4.1

The uncertainty in total heat transfer rate is therefore a combination of the thermocouple
error and flow error, and was calculated using Eq. E-3.
̇

̇

√(

The error in

̇)

̇

and

̇

(

)

(

̇

)

(

̇

)

(E-3)

is only due to the thermocouple error and was assumed to be

negligible when compared to the error in temperature and flow rate. The error in heat transfer rate
was therefore simplified to:
̇

√(

̇
̇

√(

̇)

(

̇)

( ̇

̇

)
(E-4)
)

where:
(

(E-5)

The thermocouple error (

) was listed by the manufacturer as ±1C (Omega

√(

Engineering, 2012), however the datalogger averages temperatures over 1 minute with a sampling
√

rate of 2s, therefore

( 

 . The heat transfer rate was integrated to calculate

the total collected solar energy over the day. The error on collected energy was calculated using
Eq. E-6.
√∑(

̇

(E-6)
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The pyrometer error was assumed to have an error of ±5% (The Eppley Laboratory, Inc.).
Additionally, the resolution from the Campbell scientific datalogger is 6.7µV for the ±25mV
input range used (Campbell Scientific, 2012). The error for a single radiation measurement was
calculated using Eq. E-7.
(

√(

(E-7)

Where R is the calibration constant for the pyranometer.
Similar to the thermocouple measurements, 30 radiation measurements were averaged
√

each minute, reducing the error by a factor of

. The error on each individual radiation

measurement therefore ranged from 0.01 to 8W/m2. To calculate collector efficiency the incident
radiation was integrated and error was calculated using Eq. E-6.
The error on total collector efficiency was then calculated using Eq. E-8.
√( )

((

)

(E-8)

Liquid Desiccant Air-Conditioning System Error
While no error propagation was completed in past studies, in the current work, the error
on total and latent cooling power, hot water load, solar fraction, and thermal COP was calculated
and is outlined below.
The absolute humidity is a function of the relative humidity (RH), pressure (P), and
saturation pressure (Psat) and the error was calculated by Equation E-9.
√(

)

(

)

Where:
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(

)

(E-9)

(

(
(
(

The saturation pressure is only a function of temperature and therefore:
(E-10)
Where
(

(
⌊

)
(E-11)*

⌋

Table E-2 outlines the error on experimental measurements of the air temperature and
humidity in and out of the conditioner.
Table E-2: Experimental uncertainties in air property measurements
Parameter

Instrument

Error

Ambient Pressure, P

Weather Station (Lufft USA, 2012)

±150 Pa

Ambient Temperature, Tin

Weather Station (Lufft USA, 2012)

±0.2 C

Ambient Relative Humidity,
RHin

Weather Station (Lufft USA, 2012)

±2%

Process-Air Temperature, Tout

Vaisala (Vaisala, 2012)

0.18C (1C averaged
30 times per
measurement)

Process-Air Relative
Humidity, RHout

Vaisala (Vaisala, 2012)

0.36% (2% averaged 30
times per measurement)

(

*As outlined in ASHRAE 2009,
(

) Where:

,
,

,
,
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,
,

The error in absolute humidity difference was calculated using Eq. E-12.

(

√(

(E-12)

The error in total absorption rate is only a function of the error in the absolute humidity
difference and air flow rate, and is given by Eq. E-13.

̇

(

√( ̇

̇

(E-13)

The error in air mass flow rate was given by the manufacturer to be 3% of the total flow
rate (Ruskin, 2012). The error in latent cooling was therefore calculated using Eq. E-14.

̇
̇

(E-14)

The error in total cooling was calculated using Eq. E-15, where

was calculated using

Eq. E-3.

̇
√(

̇

)

̇

(

̇
̇

)

(

̇

)

(E-15)

It was assumed that the error in density and specific heat were negligible and therefore:

̇

(
̇

̇
̇
̇
̇

[

̇

[

]
]

The error in sensible cooling was calculated using Eq. E-16.
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̇
̇

√(

)

̇

(

̇
̇

)

(

̇

)

(E-16)

where:

̇

(
̇

̇

[
̇

̇

[
̇

̇
]

]

The error in the regenerator heating rate was calculated using Eq. E-17 (again, assuming
the error the error in specific heat was negligible)

̇

(

√( ̇

̇

(E-17)

The regenerator temperatures were measured using thermistors which were assumed to
provide ±1C accuracy. The measurement was averaged 30 times per minute to provide an error
of ±0.18C.
The mass flow rate was calculated based on the measured volumetric flow rate. The
flowmeter output one pulse for every 10L of water. The time between pulses was measured and
averaged over two minutes to provide a flow rate resolution of 10L/min. The error on the
volumetric flow rate (

̇

was therefore ±5L/min. The error on mass flow rate was calculated

using Eq. E-18, assuming that the error on density based on thermocouple error was negligible.

̇

̇

/60

(E-18)

The solar heat from the tanks which was delivered to the load was calculated by
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averaging the temperatures into and out of each tank. The error on the heating rate from the tanks
was therefore calculated using Eq. E-19.

̇
√
Where

( ̇

((

(E-19)

̇

is 0.18, the error on the thermocouple readings from the tanks.

Finally the error in the auxiliary heating rate was calculated using Eq. E-20.

̇
√√

( ̇

(

̇

)

(E-20)

The auxiliary heating rate, regenerator heating rate, and heating rate to the load were
integrated over the day and the error on the total energy was calculated using Equation E-6. The
error on the thermal COP and solar fraction were therefore calculated using Eq. E-20 and Eq. E21 respectively.

√(

√(

)

)

(

(

)

)

(E-20)

(E-20)

Table E-3 shows the error for the selected values on July 17th and August 13. Figure E-1
to Figure E-3 plot the solar heating rate, regenerator heating rate, and cooling power for July 17th.
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Table E-3: Sample error values for July 17th and August 13th
July 17th

August 13th

Parameter:

Value

Error

Collector 1 Heating Rate*, ̇
(kW)
Collector 2 Heating Rate*, ̇
(kW)
Collected Solar Energy,
(kWh)
2
Solar Irradiance, (Wh/m )
Collector 1 Daily Efficiency,
(%)
Collector 2 Daily Efficiency,
(%)
Total Daily Collector Efficiency, (%)
Ambient Humidity*,
(g/kg)
Process-Air Humidity*,
(g/kg)
Absorption Rate*, ̇
(g/s)
Latent Cooling Power*, ̇
(kW)
Total Cooling Power*, ̇
(kW)
̇
Sensible Cooling Power*,
(kW)
Average Latent Cooling Power

20
11
214
6314
56.1
56.2
56.2
15.7
10.4
7.0
17
17
0.4

2
2
1
3
0.4
0.1
0.2
0.6
0.2
0.9
2
3
0.5

%
Error
7%
22%
0.4%
0.04%
1%
0.2%
0.4%
4%
2%
13%
13%
19%
133%

16.8

0.1

17.2

̇

(kW)

Average Total Cooling Power

̇

(kW)

Average Sensible Cooling Power

̇

(kW)

Regenerator Heating Rate*, ̇
(kW)
Heating Water Mass Flow Rate*,

̇

(kg/s)

Heating Rate from Tanks*,

̇

(kW)

Value

Error

10.5
3.3
155.9
5245
50.8
47.2
49.3
12.8
8.2
6.3
13
10
-3

0.9
0.8
0.8
2
0.3
0.1
0.2
0.7
0.1
0.6
1
3
3

%
Error
8%
23%
1%
0.04%
1%
0.3%
0.5%
5%
1%
10%
11%
31%
74%

1%

14.63

0.07

0.5%

0.1

1%

11

1

12%

0.36

0.06

16%

-3

1

33%

27

2

8%

44

3

7%

1.46

0.08

5%

1.46

0.08

5%

23

2

10%

8

2

28%

4
2
40%
36
3
Auxiliary Heating Rate*, ̇
(kW)
325
1
0.3%
361
1
Daily Hot Water Load ,
(kWh)
155
1
0.6%
246
1
Daily Auxiliary Energy,
(kWh)
Thermal COP (-)
0.530
0.004
0.8%
0.316
0.004
Solar Fraction (-)
0.52
0.004
0.7%
0.318
0.004
*Rates change throughout the day and therefore example values are given for 11AM
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Fig. E-1: Total solar heating rate for July 17th with range of error shown by dotted lines

Fig. E-2: Regenerator heating rate for July 17th, with range of error shown by dotted lines
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Fig. E-3: Total cooling power for July 17th with range of error shown by dotted lines
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Appendix F
Regenerator/Boiler Control Schematic
The control scheme used to modulate the heating water temperature for the regenerator was
modified from the previous testing for use with the solar array as a heat source (Jones, 2006).
Figure E-1 shows the control scheme, where the stages are defined in Table E-1 below. The setpoints which were used in the current testing are defined in Table E-2.

Regen OFF

T<T_LowLimit

T<T_LowLimit

RH>RH_LowON

Regen ON

RH<RH_LowOFF

Regen LOW

Regen HIGH

T>T_HighSP

T>T_HighSP

Fig. F- 1: Control scheme for boiler and solar LDAC regenerator
Table F- 1: Boiler and Regenerator Stages for Solar LDAC
Weak Pump

Regen Pump

Regen Fan

Boiler Low
Fire

Regen OFF

x

Regen ON

x

x

x

Regen LOW

x

x

x

x

Regen HIGH

x

x

x

x

Table F- 2: Set-point temperatures and humidity values for regenerator
Value
RH_LowOn (%)

29

RH_LowOFF (%)

31

T_LowLimit (C)

77.5

T_HighSP (C)

82.5
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Boiler High
Fire

x

Appendix G
Experimental and Predicted Effectiveness Values
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Fig. G-1: Effectiveness values determined from experimental testing, compared to those
predicted by correlations from previous work (Andrusiak, Harrison and Mesquita,
2010)
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